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OVERVIEW
AND OBJECTIVES

The twelfth edition of the THIESEL Conference on Thermo-and
Fluid Dynamics of Clean Propulsion Powerplants in 2022 marked
a turning point in its history by integrating fully in its topics
the electrification of automobiles. Its success indicates that the
renewed Steering and Organising Committees made the right
choices. THIESEL 2024 is now the thirteenth edition, and since
we are non-superstitious scientists and engineers, we are sure
no one will see any bad omen in this, quite the opposite!

As its name states, the THIESEL 2024 Conference focus is on
the thermo-and fluid dynamic processes occurring in propulsion
powerplants, which include thermal and noise challenges in
electric components, energy optimization in the global electrified
propulsion system, new injection/combustion concepts based
on hydrogen, ammonia, renewable-fuels and not excluding any
other clean propulsion approach.

Since research in all these areas is in full swing, the aim of the
THIESEL 2024 Conference is to facilitate the exchange of ideas
and experiences between Industry, Universities and Research
Centres, as well as to create a discussion forum for the most
recent advances and for the identification of future lines of
research.
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Ultra-Lean Mixture Formation and Combustion of a Hydrogen-
Fuelled High-Performance DI-SI Engine: an Experimental and
Numerical Study
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'Ferrari S.p.A. — R&D Department. Viale Abetone Inferiore,4 — 41053 — Maranello, Italy.
E-mail: fabiosanti.mortellaro@ferrari.com
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Abstract. The combustion of hydrogen (H2) in internal combustion engines represents a compelling
and promising solution towards achieving carbon neutrality in future transportation. When compared to
traditional fuels such as gasoline and diesel, hydrogen (H2) emerges as a cleaner and more ideal alter-
native. In the complete combustion of H2 in air, the primary products are water, with only minimal
amounts of oxides of nitrogen and particulate matter being generated. Consequently, research aimed
at the realisation of efficient and clean combustion in hydrogen internal combustion engines (H2 ICEs)
has emerged. This paper presents a study of a high-performance direct-injection spark ignition engine
fuelled by hydrogen. The engine rotational speed is 7500 rpm, it is operated at a high load, and at an
ultra-lean air-to-fuel ratio, in order to achieve maximum efficiency. Firstly, test bench data is collected
and analysed in order to determine the effect of the start of injection timing on combustion performance
and efficiencies. Secondly, a computational fluid dynamics (CFD) model is calibrated to replicate the
experimental evidence. Subsequently, the CFD model is employed to virtually evaluate the potential for
hardware modifications to achieve the highest efficiency calibration of the engine without any working
issues related to combustion instabilities. Finally, the new hardware is subjected to experimental testing,
which serves to corroborate the CFD prediction in terms of combustion performance enhancement.

1. Introduction

The International Energy Agency (IEA) has devised the Net-Zero Emissions Scenario by 2050 (NZE)
with the objective of limiting the global temperature increase to a level well below 2°C with respect to
pre-industrial levels, as agreed in the Paris Agreement (COP21). The IEA has identified the production
of hydrogen as a pivotal aspect of decarbonisation across a number of industrial sectors, including the
automotive industry and the production of low-carbon hydrogen, which is categorised as green, pink,
blue, or turquoise. The production and consumption of this hydrogen will undergo a significant increase
in the coming years, as evidenced by projections [1].

Although fuel cell (FC) technology has been more widely commercialised in the road transpor-
tation sector, there is considerable potential for hydrogen-fuelled internal combustion engines (Hz ICEs)
[2], [3], [4]- A plethora of research activities have been initiated, with several prototype vehicles con-
structed, including those designed for use in passenger cars, heavy duty vehicles, and sports cars [5],
[6]. The benefits of the H2 ICEs over FC include a higher tolerance to fuel impurities, greater flexibility in
switching between fuels, reduced reliance on rare materials and a reduced thermal load [7]. A key limi-
tation of the Hz2 ICEs compared to the FC is the generation of tailpipe emissions, predominantly nitrogen
oxide (NOx), alongside minor amounts of carbon monoxide (CO), carbon dioxide (COz), hydrocarbons
(HC) and particulate matter (PM) resulting from the combustion of lubrication oil.

The current standard for passenger cars is compressed hydrogen with a 700 bar tank, while for
race cars, a hydrogen liquid tank may be a solution. It should be noted that the specific energy and
energy density of hydrogen storage are inferior to that of gasoline storage, as documented in references
[8] and [9]. In order to successfully achieve targets for an on-road sport car, the hydrogen-fuelled ICE
powertrain must face a number of specific challenges [10]. These include achieving performance com-
parable to that of a gasoline engine, maintaining high efficiency and developing effective strategies for
emission management.

Hydrogen has distinctive physical and chemical characteristics that differentiate it from conven-
tional fossil fuels. With a lower heating value (LHV) of 120MJ/kg, hydrogen can provide nearly three
times as much energy by mass compared with gasoline (41-44MJ/kg). It should be noted, however, that
hydrogen has a higher stoichiometric ratio, with a value of 34.3 compared to 14.5 for gasoline [3]. The
combination of the two characteristics results in a lower calorific value of the air-fuel mixture under stoi-
chiometric conditions, which is higher in the case of hydrogen. Consequently, the mass of air required
for the same fuel power is approximately 15% less for hydrogen than for gasoline [3], [7].
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The density of hydrogen is approximately one order of magnitude lower than that of gasoline.
The volumetric efficiency advantage of direct injection over port injection in the case of hydrogen is
therefore greater than for gasoline. Assuming that there is sufficient mixing time and combustion is
stable and efficient, the optimal strategy for minimising the charging system is a direct injection with
closed intake valves. The flammability range of hydrogen is considerably wider than that of gasoline,
spanning lambda from 0.14 to 10 [2], [3] in ambient conditions, as opposed to the range of 0.25 to 1.42
for gasoline. This suggests that a hydrogen internal combustion engine will exhibit greater stability in a
highly diluted environment, potentially leading to lower emissions and increased engine efficiency [11].

At stoichiometric ratios, hydrogen exhibits a markedly elevated flame speed, approximately one
order of magnitude faster than gasoline. In the stoichiometric condition, the minimum energy required
to ignite a hydrogen-air mixture under atmospheric conditions is notably lower than that required for
gasoline [11]. Therefore, Hz ICEs operating in stoichiometric condition is subject to the risk of pre-ignition
from hotspots or residues in the combustion chamber [4], [12]. In the case of an ultra-lean air-to-fuel
ratio (2.5-2.8 times over stoichiometric ratio), the minimum energy required for ignition is significantly
higher, while the laminar flame speed is significantly reduced [11], [13].

In these conditions, combustion temperature remains low enough to prevent the formation of
NOXx; thus, NOx can be considered insignificant, and dedicated after-treatment is not required [10]. Fur-
thermore, a lean condition reduces the risk of pre-ignition [4], [12]. In ultra-lean conditions, air dilution
reduces heat losses, thereby enabling higher thermodynamic efficiency than that observed in the stoi-
chiometric case to be achieved [3], [10].

The objective of developing a high-performance Hz ICE is to achieve high specific power output
while maintaining the highest possible efficiency. This is a challenging goal, as the two objectives are
often in conflict. As highlighted in [10], achieving high specific power output would require the engine to
operate at high revolutions per minute (RPM) and with a high amount of flowing air. Nevertheless, the
design of a sport car imposes strict boundary conditions on the powertrain, such as limited space for the
installation of peripherals (e.g., cooling radiators, charging system, aftertreatment), a thrilling transient
response (imposing limited dimensions of the charging system), and the need to comply with low-emis-
sions requirements set by the regulatory body (providing dedicated NOx after-treatment). Given the lack
of clarity regarding the scenario and the absence of detailed specifications for the aforementioned con-
ditions, the research conducted by the development group has been focused on achieving the highest
possible power output with a hardware that can operate within the constraints imposed by the high
efficiency requirements. These include a high compression ratio and an ultra-lean mixture, which must
be maintained at 7500 revs per minute. Consequently, the maximum specific power that can be
achieved in ultra-lean conditions is constrained, and it is crucial to enhance the Hz ICE ability to handle
ultra-lean conditions. This can be achieved by developing technical solutions that optimize the efficiency
of the combustion process and the volumetric efficiency.

In previous works [10], [14], the authors conducted an analysis of both experimental and nu-
merical data to assess the benefits and drawbacks of a late injection strategy. This strategy involves
initiating the injection of fuel into the combustion chamber during the compression stroke, with the intake
valves closed. Late Start Of Injection (SOI) has been demonstrated to enhance volumetric efficiency, as
hydrogen has a significantly lower density than air. Therefore, it is not advisable to inject with open
valves. The late injection strategy results in a reduction in compression work, as for a significant duration
of the compression stroke, only air is present in the chamber. This reduces the mixture temperature at
the end of compression, which has a positive impact on knock resistance and pre-ignition risks. The
primary drawback of late injection is the potential for incomplete mixture homogenisation, which can
result in the emission of hydrogen and nitrogen oxides at the exhaust. The aforementioned analysis
demonstrated that, in stoichiometric conditions, the advantages of late SOI outweigh the disadvantages.
In the case of lambda ultra lean, the advantages of late SOI on volumetric efficiency and compression
losses are expected to be lower than in the case of stoichiometric mixture due to the greater ratio be-
tween air and hydrogen [2]. Furthermore, in ultra lean conditions the risk of abnormal combustion is
reduced. When compared to stoichiometric conditions, the risk of problems with combustion stability is
higher in the case of lambda ultra lean. Therefore, the importance of ensuring homogeneity of the mix-
ture increases. Furthermore, other studies indicate that direct injection with closed valves may be a
strategy to optimise engine efficiency even in lean conditions [15].

In this scenario, Computational fluid dynamics (CFD) tools play a fundamental role to reduce
development costs and time to market. They can support the engine design development, providing
reliable simulations. In particular, in-cylinder simulations can be proficiently adopted to estimate the gas
exchange process, the injection phase, the mixture formation quality, combustion and, finally, auto-igni-
tion of the end-gas. Fuel-air mixing is crucial for achieving stable ignition and ensuring a clean and
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efficient combustion process in Hz ICEs. Computational Fluid Dynamics (CFD) can effectively aid in
optimizing injector configuration and injection strategies to enhance the mixing process.

In this study, the authors conducted an experimental investigation on a single-cylinder engine
fueled with hydrogen and equipped with a high-pressure direct injector. The experimental campaign
demonstrated that the start of injection (SOI) has a significant impact on the combustion characteristics
of the mixture. However, the objective of achieving the highest possible efficiency is precluded by com-
bustion instability issues. Secondly, the software CONVERGE [16] was employed to construct a com-
prehensive 3D CFD model to investigate these engine operating conditions, both in terms of mixture
stratification and combustion performance. Thirdly, a virtual validation of hardware modifications is con-
ducted to ensure that the maximum efficiency condition is reached and combustion instability issues are
resolved. Finally, one of the proposed solutions was validated at the test bench, thereby confirming the
prediction of the model.

2. Engine and measuring apparatus description

The engine analysed in the subsequent paragraphs is a direct-injection spark-ignition single cylinder
engine (SCE). The combustion chamber layout and design are derived from a production series gasoline
direct injection (GDI) engine. The main geometric characteristics are typical of a modern gasoline fuelled
engine, having four valves, pent-roof, tumble intake ports, central-mounted injector, spherical bowl pis-
ton shape. A schematic layout of the combustion system is represented in Fig. 1. The engine Further
specifications are listed in Table 1.

Q)

&

(D)

Fig. 1. SCE schematic head layout: (1) Intake valves, (2) Exhaust valves, (3) Hydrogen injector, (4) Spark plug,
(5) Pressure Transducer

Intake and exhaust valves are moved by means of a double overhead camshaft (DOHC). Vari-
able Valve Timing (VVT) is actuated using hydraulic actuators both on intake and exhaust camshafts;
however, in the operating conditions explored in this work they are not actuated, thus using the engine
at fixed valve timings.

The fuel is injected by a dedicated H: injector. The design is a solenoid-controlled outwardly
opening nozzle. The working pressure range is 5 to 40 bar, with a static mass flow rate of approximately
13 g/s @ 24 bar. The hydrogen pressure is regulated through external pressure regulator connected
directly to a high-pressure vessel, while its temperature is kept constant at 50°C.

The air that is flown by the charge system is refrigerated and enters the intake plenum at a fixed
temperature, which is maintained by an air conditioning system.

The mixture is ignited by a cold heat range spark plug. The design is adapted for an hydrogen
engine, having the electrodes with very limited protrusion. This is beneficial in order to avoid abnormal
combustion phenomena, as discussed in [4].

Combustion chamber is instrumented with a piezoelectric pressure transducer (Kistler 6045b)
placed between intake and exhaust valves on the side. Intake and exhaust runners pressure are meas-
ured through integrated pressure transducer (Kistler 4007 and Kistler 4049). To measure hydrogen
flow, a Coriolis Endress+Hauser Promass A (max flow 100kg/h) is used. Exhaust hydrogen
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concentration (dry) is measured through a V&F HSense Mass Spectrometer. Lambda is measured in-
directly through emission measurement and directly through a Bosch LSU5.2 series gasoline lambda
probe. For heat release calculation, a thermodynamic method with constant polytropic coefficient (1.4
compression, 1.3 expansion) is used. Each steady state measurement consists in 1000 engine cycle for
indicated data and 30s average for test bench measurements. A representative scheme of the measur-
ing instruments is pictured in Fig. 2.

Temperature Exhaust
Exhaust Pressure

Lambda Value

Temperature Intake

Pressure Intake

‘ H2 and NOx emissions ‘

_———— =

ICE

Air Mass Flow

< |

Fig. 2. Example of figure legend (font point 9. Line should not end with a dot)

Table 1. Engine specifications

Displacement 498 cc

Bore / Stroke 88 /82 mm

Compression ratio 14

Number of Valves 4

Injector Low-pressure direct injection
Ignition Cold grade M12 spark plug
Intake Cam Width 195 CAdeg

Exhaust Cam Width 240 CAdeg

3. Experimental tests

3.1 Investigated conditions

In [14], the injection timing that resulted in the highest efficiency was the late injection (LI) timing, when
compared with the intermediate injection (ll) and the early injection (El). This ensured the highest indi-
cated efficiency and the highest volumetric efficiency.

The objective of the subsequent investigation is to replicate the aforementioned study, varying
the start of injection timing while maintaining the new operating conditions and hardware (specifically
the compression ratio of the piston). The highest load reached was constrained by the structural limita-
tions of certain components of the engine. Further specifications are provided in Table 2.

Table 2. Test specifications

Engine speed 7500 rpm
IMEPH 20 bar
Lambda 2.5

Charge air temperature |65° C
Hydrogen temperature | 50° C

IVO (@ 0.6 mm) -15 CAdeg aTDC
EVC (@ 0.6 mm) 10 CAdeg aTDC
Injection Duration 2ms

Injection Pressure 27 bar
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3.2 Test results

A sensitivity to hydrogen injection timing is performed by varying the actuation of the SOI during the
thermodynamic cycle. Through accurate analysis of the cylinder pressure, it has been demonstrated
that there is a delay between the electrical input of the start of injection (SOI) timing imposed by the
ECU and the effective injection of the hydrogen inside the cylinder. The delay is due to the physics
involved in the injector construction, which is caused by the energising time of the solenoid that actuates
the needle and the movement of the needle itself. In Fig. 3, the pressure trace plotted with the engine
operated with SOI = -360 CAdeg aTDC; during the intake stroke shows a discontinuity, where the effec-
tive injection takes place, before returning to the mean value of the intake manifold. The injection delay
is estimated at 1.1 milliseconds, which corresponds to approximately 50 CAdeg at 7500rpm.

Effective Start of Injection

Pressure

-360 -330 -300 -270 -240 -210 -180
CAdeg aTDC

Fig. 3. In-cylinder pressure trace during the intake stroke. Electrical signal SOI=-360 CAdeg aTDC

The primary outcome of the test is that it is not possible to run the engine with a LI calibration
due to the variation of the combustion, as measured by the coefficient of variance (CoV) of the gross
indicated mean effective pressure (IMEPH). This resulted in misfire and abnormal combustion. Even
with the I, the engine exhibited a high CoV of IMEPH, despite the low incidence of misfire cycles that
permitted the acquisition of data. As an illustration, Fig. 4 depicts the pressure trace of five subsequent
cycles, demonstrating a 20% variation in the maximum pressure. This is clearly unacceptable in
the context of normal engine operation. Consequently, the range of SOI under investigation is
-360CA < SOI < -180CA, and the main findings are discussed below.

MAX

Pressure (bar)

90 -75 60 -45 -30 -15 0 15 30 45 60 75 90
CAdeg aTDC

Fig. 4. In-cylinder pressure traces with engine operated with Intermediate Injection (SOI=-180 CA aTDC)
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In Fig. 5, the CoV is plotted against the SOI at a constant IMEPH. The last point which does not
see a critical instability or misfire event is the SOI = -240 CAdeg. It can be observed that injection phas-
ing affects the manifold volumetric efficiency, leading to higher values when the hydrogen is injected
after intake valve closing. Filling capacity reaches an asymptotical maximum at SOI = -240 CAdeg,
indicating that the hydrogen injection occurs entirely after the intake valve has closed. This is due to the
injection activation delay.

The concentration of unburned hydrogen (H2) measured at the exhaust demonstrates a distinct
pattern. Advancing the hydrogen injection leads to a reduction in the quantity of emissions. This is likely
due to the formation of a more homogeneous mixture at the time of ignition. Hydrogen is more flammable
than gasoline (see paper on prop H2), and thus able to complete the flame surface propagation even in
the presence of rich or lean mixture pockets within the combustion chamber.

Regarding the combustion performance indicators, Fig. 5 presents the CAdeg at 50% of the
Mass Fraction Burnt (MFB 50%), the burn duration (MFB 10-90%) and the burn delay (MFB 0-10%). It
should be noted that the quantitative values have been omitted for reasons of confidentiality. In order to
reach knocking conditions, combustion phasing is regulated. The acquisitions reported in Fig. 5 are
therefore the limited spark advance that precedes knock. Knock takes place in an internal combustion
engine when a region of unburned charge, commonly referred to as end-gas, auto-ignites before the
flame front initiated by the spark plug has sufficient time to consume it. Further details concerning the
analysis of knock amplitude and the calculation of the MFB can be found in [17].

The occurrence of knocking is contingent upon the injection strategy employed, with the Il cycle
exhibiting the most delayed injection. Nevertheless, the advancement of the injection (EI) allows for
more efficient operation, which is consistent with the conclusions drawn in [14].

The duration of the burn is only minimally affected by the injection strategy. This may be at-
tributed to comparable turbulence levels at TDC firing with the distinct injection timings. It is notable that
the SOI = -180 is particularly susceptible to the effects of mixture inhomogeneity, exhibiting a notable
elongation of the flame propagation duration.

The burn delay does not exhibit an univocal trend. In fact, the injection timings with the most
advanced injection timing, which should result in a homogeneous mixture, and with a lambda value in
the volume next to the spark plug similar to the mean value of the combustion chamber, have the longest
burn delay. This is to be expected, given that the laminar flame speed at ultra-lean values of lambda is
relatively low compared to the stoichiometric value [18]. Retarding the injection is likely to result in the
formation of a richer pocket of mixture in the volume adjacent to the spark plug, which in turn will lead
to a faster MFB 0-10%. Finally, when the injection continues to be delayed, the combustion stability is
affected, resulting in misfire events. This indicates that the mixture has a lambda value outside the
flammability region. This outcome is of significant relevance since it demonstrates that burn delay is not
invariably proportional to the coefficient of variation of the IMEPH and, therefore, the combustion stabil-
ity, in contrast with the findings of a previous paper on a gasoline engine [19].
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Fig. 5. Test bench results varying the SOI
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This information is of value when attempting to ascertain which calibration is the most fruitful in
the context of designing a complete powertrain system layout. It is evident that volumetric efficiency has
an appreciable impact upon the design and operation of the engine's charging and cooling systems. It
is therefore essential to ascertain which injection strategy the engine will operate under in order to select
the most appropriate peripherals. In order to select the most effective calibration, the Fig. 6 reports the
product of the volumetric efficiency and the indicated efficiency. The injection timing with the greatest
retardation has the highest value, despite exhibiting the lowest indicated efficiency. This clearly defined
the objective of optimising the combustion system with a SOI of -180°CAdeg.

Nvol x Nind

o)L

T T T T T T T T 1

-360 -340 -320 -300 -280 -260 -240 -220 -200 -180
CAdeg aTDC

Fig. 6. Product of volumetric efficiency and indicated efficiency varying the SOI

4. CFD Simulations

In order to gain a deeper understanding of the results presented in the preceding paragraph, it is nec-
essary to acquire knowledge regarding the root causes of the malfunctioning when retarding the injec-
tion timing. Furthermore, in order to develop the combustion system to achieve the greatest possible
efficiency, CFD simulations must be carried out.

The methodology employed in the modelling process is outlined in paragraph 4.1. In order to
reduce the computational effort associated with the points available from the SOl sweep, only three
values are selected: -360CA, -240CA and -180CA. The combustion process is then correlated with the
experimental data and the result described. Subsequently, virtual validation is employed to propose
hardware modifications that will enable the combustion stability of the system to be maintained even
when the SOI timing is retarded.

4.1 Numerical modeling

The commercial CFD software CONVERGE (version 3.0.28) was used for the simulations. The code
makes use of a modified cut cell Cartesian mesh, in conjunction with Adaptive Mesh refinement (AMR)
[16]. The computational domain comprises the combustion chamber and intake and exhaust ports. Ge-
ometrical symmetry is exploited; thus, only one-half of the domain is simulated, thereby reducing the
computational effort.

In the domain, the largest cell size was 4 mm within the intake and exhaust ports, and 1 mm
inside the combustion chamber. Targeted refinements achieved 0.5 mm on the combustion chamber
walls, 0.125 mm at the spark, and 0.0625 mm around the hydrogen injector poppet valve. The subgrid-
scale (SGS) refinement of cells by AMR ensures a high resolution (0.25mm) to capture the complex gas
exchange processes occurring through the intake/exhaust valves, hydrogen injection and subsequent
combustion. The total number of fluid cells is approximately 1e6 at BDC, increasing to 2.5e6 during the
injection phase due to embedded and adaptive mesh refinements. Fig. 7 provides an example of the
resulting mesh at BDC.
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The injector characterisation is not included here, as it follows the methodology presented
in [14].

The approach to turbulent flow involves the k-€ RNG model for compressible flows, which is
commonly used in engine simulations. The Redlich-Kwong equation of state is employed to close the
set of Reynolds-averaged Navier-Stokes (RANS) equations. The diffusion coefficient is calculated as
the weighted average of the molecular mass diffusivity for each species. The specific heat and thermal
conductivity are dependent on temperature, and expressed as polynomial functions. At solid walls, a
non-slip condition is imposed, and a fixed temperature value is assigned, which depends on the specific
boundary and is obtained from a combination of experimental evidence and thermo-structural simula-
tions results. The near-wall flow is modelled via a high-Reynolds approach, with the adoption of wall
functions both for velocity and thermal boundary layers. With respect to the former, a standard law of
the wall is employed. With respect to the latter, the GruMo-UniMORE thermal wall function is selected
as it has been validated on gasoline engines with comparable load and rotational speed [20].

The timestep is set between 1e-6s and 1e-8s in order to maintain the CFL number to a value
close to 1. The PISO solution algorithm and second-order numerical scheme are employed for the
transport equations of momentum, temperature, and turbulent quantities.

The time-dependent pressure and temperature boundary conditions are derived from a
GT-Power 1D model. The model has been provided with phenomenological models for turbulence and
combustion, and has undergone extensive validation against experimental measurements.

The combustion process is represented by the Extended Coherent Flamelet Model (ECFM) [21],
which is a general-purpose combustion model capable of simulating the complex mechanisms associ-
ated with turbulent mixing and flame propagation, which are characteristic of modern internal combus-
tion engines. The flame surface density (FSD) transport equation serves as its governing principle, reg-
ulating the turbulent premixed flame propagation process. In order for the FSD equation to account for
the local thermodynamic state and composition of the mixture, it must also include a term for the speed
of the laminar flame. In order to model the interaction between the flame and local turbulence, an addi-
tional source term is introduced into the turbulent stretch term in the flame surface density (FSD) equa-
tion. In the present simulation, the intermittent turbulent net flame stretch (ITNFS) [22] is employed.

The spark plug is represented by the Imposed Stretch Spark Ignition Model (ISSIM) [23]. ISSIM,
developed for the simulation of the combustion process, is used to simultaneously simulate the electrical
energy deposited in the circuit and the surface and mass deposition of the flame.

A tabulated approach, which employs detailed chemistry, is employed to model auto-ignition
and laminar flame speed. In this simulation, the tables were generated using the GRI3.0 mechanism
[24] and the CONVERGE chemistry tools. These tables were constructed to cover a pressure range of
10bar — 200bar in intervals of 10 bar, a temperature range of 500K — 1200K in intervals of 100K, an
equivalence ratio range of 0.3 — 2 in intervals of 0.1, and an EGR fraction ranging from 0 — 0.2 in intervals
of 0.05.

Fig. 7. Example of a section on symmetry plane of the computational mesh at BDC
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4.2 Simulation results

As previously stated, three SOI calibrations are replicated. The following values were considered:
-360CA, -240CA, and -180CA. The quantity of hydrogen injected is identical in all three cases, as is
the calibration at the test bench. The inlet pressure is varied in order to obtain the mean lambda value.
In order to validate the CFD simulation, it must be demonstrated that the mean experimental results
ob-tained during gas exchange can be adequately predicted by the numerical model. Fig. 8
contains a number of important characteristic quantities that are useful for evaluating the mixture
status inside the combustion chamber. For purposes of comparison, the only black curve represents
the intake valve lift profile, which is identical across the three cases. The remaining lines are coloured,
with the SOI = -300 case in orange, SOI = -240 in red, and SOI = -180 in blue. With regard to the
lambda value, all three cases fall within the experimental range of +0.5%, which corresponds to a
value of 2.5. The hydrogen mass flow rate injection profiles are presented in graphical form. It can be
observed that the actual lift of the injector needle is adjusted in accordance with the findings discussed
in the previous section. It is noteworthy that the SOI = -240 case initiates its injection shortly before the
intake valve closes, with no discernible impact on the intake pressure at the inlet manifold. In contrast,
the SOI = -300 case neces-sitates a higher pressure to ensure consistent airflow and lambda. This is
in accordance with the test bench results, as the two cases with the latest injections have an equal
volumetric efficiency.

L SOl -240}
SOI1-180
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Fig. 8. Lambda, intake pressure, and hydrogen mass flow rate for the three simulated cases. Dashed black
curve represents the intake valve lift profile
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Fig. 9. Pressure and temperature inside the combustion chamber before TDC firing. Dashed black curve repre-
sents the experimental data for SOI=-240
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In Fig. 9, the pressure and temperature line plots inside the cylinder towards the end of the
compression stroke are presented. The SOI value of -240 was selected as the reference case, and in
addition to the CFD simulations, the experimental acquisition of the pressure trace was plotted. The
comparison indicates a satisfactory correlation between CFD and test bench data at the end of the
compression stroke, provided that pressure and temperature are representative. A clear trend emerges
when the three cases are analysed in terms of pressure and temperature of the charging mixture. The
SOI=180 case exhibits the lowest temperature value, whereas that of the SOI=240 case displays the
highest. This phenomenon provides a plausible explanation for the divergent knock resistance observed
at the test bench. In particular, the SOI=240 case exhibited the highest MFB50% at knock-limited spark
advance.

It may be reasonably expected that the three cases will exhibit considerable disparity in terms
of mixture stratification and homogenization quality, due to the differing SOI. Fig. 10 presents the equiv-
alence ratio among the three cases, in the brief interval preceding spark plug actuation, with the piston
positioned near the top dead center (TDC). It can be observed that the injection with the most recent
injection has the poorest mixture stratification. This is evidenced by the presence of pockets of both rich
and lean fuel around the combustion chamber, with the majority of the fuel located at the periphery.
Conversely, the core volume remains devoid of hydrogen. This is corroborated by the line plot displayed
in Fig. 11, in which the values represented are the volume-averaged lambda around the spark plug,
considered to be a sphere with a radius of 4 mm. It is observed that the SOI=-180 case exhibits the least
amount of fuel, which is near the upper limit of flammability. Conversely, the other two cases demon-
strate lambda values of approximately 1.6. The experimental evidence corroborates this observation,
demonstrating that the SOI = -180 exhibits the greatest CoV of IMPEH and the highest hydrogen emis-
sion at the exhaust. The former is attributed to the extremely lean value, whereas the latter is due to the
zones with high H, mass fractions. With regard to the macroscopic distribution of these cases, it can be
observed that the values are similar, with a leaner portion under the exhaust valve than that under the
intake valve. Conversely, the SOI = -300 exhibits a notable homogenization. Consequently, the calcu-
lated equivalence ratio standard deviation at the instant taken for the contour plots is 34.9%, 29.8% and
18.3% for the SOI=-180, SOI=-240 and SOI=-180 cases, respectively.

Fig. 12 presents a comparison between CFD and the mean experimental pressure trace for
case SOI = -240, which is taken as a reference case. The simulation is demonstrated to be capable of
accurately predicting the experimental value. It should be noted that the pressure curve deviates from
the experimental values in the region close to TDC. In this area, CFD tends to overpredict the pressure
in the combustion chamber. The presence of blow-by leakages in the experiment, which are not mod-
elled in the current simulation, could explain this deviation. The numerical setup (with the exception of
spark advance) used for this correlation in terms of FSD transport tuning parameters remains un-
changed for the other cases. Fig. 13 presents the resulting pressure trace from CFD simulations. Nota-
bly, the SOI = -180 case exhibits a markedly attenuated flame propagation, which is consistent with the
potential occurrence of a misfire event during testing. The result is a pressure trace that is almost indis-
tinguishable from that of a "cold" cycle, with no evidence of any combustion event.

A comparative analysis was conducted between the various cases, with the results presented
in Fig. 14, which compares the combustion indicators expressed in delta CA against the reference case
(SOI=-240). The predictions are in qualitative agreement with experimental evidence, particularly in re-
gard to the SOI=-300 case. Although the quantitative discrepancies exist, the model is capable of pre-
dicting which configuration burns at a faster or slower rate. Nevertheless, the SOI=-180 case exhibits
minimal flame activity, suggesting that the combustion indicators calculation may be misleading, partic-
ularly from both the simulation and experimental perspectives. This is likely due to the high CoV of
IMEPH.
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5. Hardware modifications to enable late injection

As previously discussed, the objective of this activity is to enable the engine to operate at the maximum
possible efficiency with a late injection. As the analysis of the efficiencies indicated, the objective of the
final phase of the project is to modify the combustion system in order to enable the late injection, even
in an ultra-lean operational point. The starting point is the SOI=-180 case, which provides a clear illus-
tration of the situation at the spark plug prior to the commencement of combustion. There are essentially
two contrasting approaches to modifying the mixture stratification, with the objective of enriching the
central portion of the combustion chamber:

A. Achieving the maximum homogenisation, thereby promoting the overall diffusivity of the charge.
This method necessitates a higher level of turbulence. The most straightforward method to
achieve this is to enhance the tumble vortex during the intake and compression stroke, with the
design of a new intake port

B. Searching for a mixture stratification, with the intention of bringing more fuel closer to the spark
plug, thereby avoiding the "splashing" effect in the vicinity of the liner, positioning the combus-
tion chamber's richest section centrally. Installing a guiding jet cap at the base of the injector
directs the hydrogen jet towards a specified area of the cylinder, in conjunction with the mean
flow field, thus enabling the creation of a suitable mixture stratification.

5.1 Virtual validation

Proposal A, also designated as 'High Tumble', is activated by a novel intake port that ensures a +66%
increase in the absolute value of the peak TumbleY vortex and a +50% increase in the maximum TKE
value during the intake and compression stroke. Fig. 15 presents the differences in velocity and turbu-
lence kinetic energy contours on the symmetry plane. Conversely, the pressure at the intake required
to achieve the same mass airflow is greater, resulting in a 4% reduction in volumetric efficiency.

In contrast, the proposal B) entails the installation of two distinct jet caps on the baseline con-
figuration (low tumble). Geometry B1 comprises a single-hole jet cap, which directs the hydrogen jet in
a direction parallel to that of the tumble vortex in order to enhance the mean flow field anti-clockwise
rotation. The geometry B2 is a multi-hole jet cap, comprising nine holes. The aim is to encourage strat-
ification of the fuel mixture by means of the introduction of smaller hydrogen jets, which should result in
the fuel being confined to the central portion of the combustion chamber. Fig. 16 illustrates the geometric
differences between the two proposed geometries.

The resulting equivalence ratio distribution of the new proposals is presented in Fig. 17. The
high tumble solution provides a more homogeneous charge than that obtained with SOl = -180 and a
low tumble intake port. Consequently, the augmented turbulence intensity resulted in a positive effect
on the additional diffusivity. The stratification is comparable to that observed in the SOI=-240 case, with
a region beneath the intake valve exhibiting higher values and the central volume approaching lambda
unity. The jet cap B1 confines the hydrogen to the left portion of the combustion chamber, under the
direction of the jet hole itself. The volume near the spark plug is near-stoichiometric, as evidenced by
the monitored lambda values in a sphere of radius 4 mm, which are proposed for the three new simula-
tions in Fig. 18. Finally, the analysis of the jet cap B2 reveals a stratified charge that is not conducive to
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the desired outcome. Indeed, the majority of the mixture is concentrated in the outer portion of the
combustion chamber, exhibiting a similar distribution as observed in the SOI = -180 without modifica-
tions. Upon examination of the mixture distribution, it can be seen that an increase in the number of
holes in a jet cap results in a hydrogen jet that is comparable in quality to a standard injector without a
cap. It can be concluded that the increased hydrogen diffusion facilitated by multiple holes is not bene-
ficial in this instance, as it does not provide directionality for the hydrogen towards a specific region in
order to achieve stratification. Finally, in Fig. 18, the lambda value for the B2 case is so lean that it
resides outside the plot range (lambda >>5), which precludes any further analysis.
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lower row section is normal to the cylinder axis and tangent to the cylinder head
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Fig. 18. Volume-averaged Lambda values around the spark plug, considering a sphere with a r=4mm radius (Jet
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Finally, the combustion simulation for the three cases is presented in Fig. 19. The spark advance
is set to maintain the same IMEPH. As anticipated, the jet cap B2 is not affected by flame propagation
due to unfavorable mixture conditions in the vicinity of the spark plug. The mixture stratification of the
high tumble and jet cap B1 cases, with a central region that sees stoichiometric conditions, ensures a
high flame speed, resulting in both a short burn duration and burn delay.
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Fig. 19. Predicted pressure traces (left axis) and HRR (right axis) from CFD simulations

5.2 Experimental assessment

To validate the model's predictive capabilities, a final evaluation of the proposed hardware is conducted.
It must be noted that, at the time of drafting this report, the data from the new intake port with high tumble
are the only results available.

In the test, the SOI = -180 calibration with high tumble port demonstrated a remarkably low
coefficient of variation (CoV) of IMEPH and an absence of misfires. This result is in accordance with the
simulation indication, which predicted the formation of an ignitable mixture around the spark plug. In
addition, Fig. 20 illustrates the difference in CA between the combustion indicators. The SOI = -240 is
retained as the reference case. Once more, the qualitative trends observed in terms of burn duration
and burn delay are reflected in the simulation results, although the differences are accentuated by the
predictions of the model, repeating what already observed in the quantitative comparison of Fig. 14.
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6. Conclusions

This study examines the potential use of hydrogen as a fuel for a single cylinder research engine. The
objective of this research is to identify the optimal engine configuration for maximum power output and
efficiency. For this reason, this investigation employs a specific operating point, namely high rotational
speed (7500 rpm), a high geometric compression ratio (CR=14) and ultra-lean conditions (lambda 2.5).
The load is the highest possible, compatible with the structural limits of the engine.

The results obtained at the test bench demonstrate a notable sensitivity to the start of injection
(SOI) of the fuel. In particular, late injection strategies are not feasible due to the high coefficient of
variation of the IMEPH and the occurrence of misfires. The experimental testing revealed that interme-
diate or early injection strategies resulted in variations in the volumetric efficiency, combustion duration
and unburned hydrogen emission. However, the analysis of efficiencies demonstrates that the highest
overall efficiency is achieved through a late injection strategy. As a consequence, further enhancements
to the hardware are necessary to ensure the engine operates effectively with the aforementioned cali-
bration.

The test data is employed to validate the efficacy of a 3D CFD model that is capable of predicting
differences in mixture stratification and replicating combustion performances in accordance with the
SOLl. It is notable that misfire events occurring with late injection can be traced back to a very lean portion
of the mixture in close proximity to the spark plug, which does not allow for the development of a robust
flame kernel.

Subsequently, the virtual validation of hardware modifications has demonstrated the feasibility
of implementing a delayed injection strategy through two principal methods: the augmentation of turbu-
lence intensity and the subsequent augmentation of mixing diffusivity; or the stratification of the mixture
and the assurance of an optimal lambda value proximate to the spark plug and within the central portion
of the combustion chamber. The former method is initiated by actuating a different intake port, which
generates a more intense tumble vortex. The latter method involves the installation of a jet cap on the
injector. Two different jet caps were evaluated in this experiment, each employing a distinct stratification
strategy (single-hole versus multiple-hole). The CFD results demonstrate the considerable potential of
two of these proposed solutions (namely the high-tumble intake port and the single-hole jet cap), which
are shown to be effective in ensuring stable combustion when a late injection strategy is employed. The
proposed intake port was subjected to testing at the test bench, and the outcomes validated the efficacy
of the design.

It appears that CFD is an efficacious instrument when employed to design an entire combustion
system, furnishing reliable indications regarding the quality of combustion and mixture distribution. It is
evident that there is a necessity for improvement to ensure the precision required to provide accurate
estimations of final output power in terms of quantitative value. Further analysis will be conducted to
determine the origin of this discrepancy.
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Future developments will focus on enhancing the precision of the predictions by refining the
mixing model in terms of molecular and turbulent diffusivity evaluation and revisiting the combustion
model, with a critical examination of the tabulated values of LFS at elevated pressure and temperature.

Another crucial aspect is the emission of NOx under different engine operating conditions. The
model may be further developed to include the chemistry of NOx formation, thereby allowing for the
simulation of emission levels at the exhaust.
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Abstract. Hydrogen-fuelled internal combustion engines (H2ICE) have great potential as future carbon-
free transportation, especially in heavy-duty applications, but the implementation in real vehicles has
not yet been demonstrated due to a number of technical challenges. One of the most important issues
is the design of hydrogen injector systems that can provide the needed amount of fuel into the combus-
tion chamber with rapid mixing with the main chamber gases to achieve a near homogeneous mixture,
in order to ensure stable combustion without combustion anomalies such as pre-ignition and knocking.
The present study provides an overview of the ongoing FUELCOM4 project with KAUST and Saudi
Aramco in an effort to enhance our knowledge of hydrogen injection, mixing, and combustion charac-
teristics by utilizing high-fidelity laser diagnostics and simulations. First, hydrogen jet injection and mix-
ing characteristics are investigated in a high-pressure constant volume chamber experiment with ac-
companying simulations for validation. Jet penetration and dispersion characteristics depending on
different injector configurations are examined. Recent developments in advanced laser diagnostic tech-
niques to quantify the hydrogen fuel distribution are also discussed. Finally, parametric studies of the
effects of jet dispersion and mixing on engine combustion characteristics are presented.

1 Introduction

In the pursuit of decarbonizing the energy and transportation sectors, hydrogen (Hz) has emerged as
a focal point in combustion research. Hz offers promise as a clean energy source for internal combustion
engines (ICEs) due to its potential to be produced from water using renewable electricity. Notably, the
application of Hz in ICEs necessitates minimal modifications to existing engine hardware, positioning Hz
ICEs as a viable solution for future transportation, particularly in heavy-duty applications.

Given its high flame propagation speed and low ignition energy, H: is better suited for spark-ignition
(S1) mode rather than compression ignition (Cl) mode. lts wider flammability range compared to gasoline
presents an opportunity for ultra-lean combustion, crucial for achieving stable combustion without knock-
ing. However, earlier studies employing the port fuel injection (PFI) method encountered challenges
such as flashback and pre-ignition at high loads, alongside reduced net air flow rate and engine power
due to Hz expansion. Contrastingly, the direct injection (DI) method has emerged as a solution to miti-
gate these issues by supplying Hz directly into the combustion chamber, a method increasingly favored
in recent H2 ICE combustion research. However, the primary challenge in Hz DI lies in achieving ade-
quate mixing before spark ignition. Poor mixture distribution can lead to misfire or knocking, necessitat-
ing systematic optimization of injector design and injection strategy. Additionally, due to Hz's ultra-low
density, high injection pressure is required, resulting in choked flow within the nozzle channel and shock
wave generation upon expansion into the combustion chamber. The complex transcritical and super-
sonic mixing process further complicates high-pressure Hz injection, requiring a thorough understanding
of optimization.

The FUELCOM project is a long-term research collaboration program between the Clean Combustion
Research Center at KAUST and the Transport Technologies Division at Saudi Aramco’s Research and
Development Center. The partnership aims to develop early-stage technology by improving the science
and application of core ideas that pave the road for sustainable mobility. FUELCOM commenced with a
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number of projects centered around fundamentally characterizing a wide range of fuel components
based on their combustion behavior. This was followed by an extensive investigation of emerging engine
combustion concepts, including gasoline compression ignition, high-pressure isobaric combustion, and
pre-chamber combustion concepts. Since 2023, FUELCOM has been undertaking a new project
(FUELCOM4) to advance the knowledge of H2 combustion to achieve stable and efficient operation on
heavy-duty engines.

The FUELCOM4 H:ICE research framework is primarily composed of four workstreams interacting
efficiently to achieve the ultimate targets of the project, including the research on H: injection and engine
combustion, diluted combustion methods (exhaust gas recirculation and water injection), novel ignition
concepts (plasma and pre-chamber combustion), NOx reduction with catalyst, and lubricant oil combus-
tion. In the current paper, we present an overview of the on-going efforts in investigating the character-
ization of Hz injection and combustion processes. The main research objectives include:

¢ Investigation of the effects of ambient conditions (injection and ambient pressures) on the H: jet
development in a constant volume chamber (CVC).

¢ Development of the computational models for the simulation of Hz injection utilizing hollow-cone
and solid-cone injectors.

e Examination of the impact of overall lambda (1) and spark timing on the combustion character-
istics of Hz on both the metal and optical engines.

e Evaluation of the effects of different chemical kinetics and combustion models on the prediction
of Hz2 engine combustion.

The paper is structured into four main sections. First, the experimental work on Hz injection in the
constant volume chamber (CVC) is reported to show the methodology and the main findings. Second,
the CFD simulation work for H:z injection is presented to show the modeling setup and validation, fol-
lowed by an overview of the key understanding related to the mixture formation. Third, the metal and
optical engine combustion experiments with both the DI and PFI configurations are reported. Key com-
bustion characteristics of H2 under various A conditions are analyzed and discussed. In the last section,
the ongoing studies in assessing the combustion models for H2 engine combustion simulations are
briefly discussed.

2 Hydrogen injection experiments
2.1 Experimental setups

2.1.1 High-speed Z-type schlieren setup

A high-speed z-type Schlieren imaging method was utilized to visualize the H: jets in a CVC. The
schlieren method operates on the principle that variations in the refractive index of a gas lead to optical
inhomogeneity [1]. In the context of jet and flow studies, the density gradient within the flow field is
translated into a change in relative light intensity within a plane. By employing high-speed photography,
it becomes possible to capture and record the morphology of the jet, as well as its time-resolved evolu-
tion. Fig. 1 illustrates the experimental setup schematically. A high-power LED, driven by Thorlabs
DC2200 High-Power controller, was used to generate a monochromatic red-light beam with a wave-
length of 625 nm. The diverging light beam passed through a 1 mm aperture and was subsequently
collimated using an 8-inch diameter f/5 parabolic mirror #1. It was then directed through a constant
volume chamber (CVC) to illuminate the H2 jets. Following that, the collimated light was once again
focused using parabolic mirror #2. At the focal plane, a knife edge was positioned to partially block the
refracted light beams before reaching a focusing lens with a focal length of 400 mm. The transmitted
beam was subsequently captured by a high-speed CMOS camera (Photron, FASTCAM SA-X2) with a
repetition rate of 100,000 frames per second (100 kHz) and an exposure time of 8.38 ys. The resulting
image resolution was 384x264 pixels, providing a spatiotemporal resolution of approximately 0.1087
mm/pixel.

A cube-shaped CVC with an internal volume of around 0.12 L was employed to provide ambient
pressure. The observation window of the CVC was made of quartz optical glass, with a visual range
diameter of 25 mm and a thickness of 22 mm. The ambient gas used in this experiment was nitrogen,
and the temperature of the surrounding environment was maintained at 20 °C. The single-hole high-
pressure injector used in this study was obtained by modifying a commercial automotive Bosch HDEV5
GDI solenoid injector. This idea was inspired by the approach of Yip et al. [2], nevertheless, a different
modification method was adopted. The original HDEV5 GDI injector features 6 identical holes with a
diameter of approximately 0.16 mm and cannot provide a sufficient Hz flow rate for practical engine
applications. Therefore, our solution is to increase the flow area of the orifice in the nozzle tip. The solid
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part between the 6 holes was precisely machined by CNC to form a single coaxial hole with a diameter
of 1.2 mm. A polytetrafluoroethylene (PTFE) nozzle gap was placed between the injector tip and cap
attachment to minimize the effective sac volume and ensure a tight seal. In addition, the orifice geometry
of the obtained single-hole injector can be adaptively customized with PTFE. In this study, the custom-
ized PTFE nozzle diameters and lengths are d = 1.0 mm and L = 2.8 mm, respectively. The injector was
controlled and triggered through NI DIDS 2003 (National Instruments Direct Injector Driver System). The
camera triggering was synchronized with the fuel injection through a digital pulse generator (Stanford
research systems DG535).
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Fig. 1. Schematic diagram of high-speed schlieren setup.

2.1.2 Laser-induced high-speed Raman imaging setup

The same CVC and injector setup as described in 2.1.1 was adopted, except the laser inlet window
was changed to a sapphire one with a much thinner thickness. The schematic of the optical setup is
illustrated in Fig. 2. This section first describes the 1-D Raman setup and then the modifications needed
to convert it to 2-D Raman. A pulse-burst Nd:YAG laser (Spectral Energies, QuasiModo 1200) provides
a train of frequency doubled 532-nm pulses at a repetition rate of 50 kHz during a 5 ms burst window (~
250 pulses in total). The pulse duration and energy were set to 100 ns and ~ 13 mJ/pulse to avoid optical
breakdown at elevated ambient pressures. A zero-order half-wave plate ensured the vertical polarization
of the incident beam. A f= 150 mm AR-coated convex lens focused the beam to a spot size ~ 120 ym
(HMFW) at z = 2.6 mm below the injector cap.

An image relay system, formed by a 1-inch f = 30 mm achromatic doublet and a 2-inch f= 100 mm
achromat, collected the Raman scattering signal, and reimaged it at the first focal plane, outside the
chamber. To maximize the collection efficiency, the first achromat was placed inside the chamber. A
wire grid polarizer halved any unpolarized signal, such as fluorescence from the windows while keeping
the highly polarized Raman signal unchanged. After recollimation of the signal, a wavelength separation
unit suppressed surface and elastic scattering (Rayleigh, Mie) through an ODG6 notch filter at 532 nm,
then separated the vibrational N2 Raman bands (597.5 ~ 612.5 nm) from the H2 (673.5 ~ 686.5 nm)
through a dichroic beamsplitter and two bandpass filters (Semrok, FF01-605/15 for N2 and Semrok,
FF01-680/13 for Hz). Two identical f = 50 mm camera lenses (Nikon, Nikkor 50 mm f/1.2) focused the
two Raman signals on two back-illuminated EMCCD cameras operated in low-noise CCD mode (Prince-
ton Instrument, ProEM HS: 1024BX3). The two cameras are operated in subframe burst gating mode
(Spectra Kinetic) [3] to enable a high sampling rate while maintaining the low noise of scientific CCD
cameras. By setting the frame exposure time of 300 ns, the recording of 1037 subframes per readout
cycle at 50 kHz was achieved. A slit with an opening of 625 uym was located at the first focal plane
outside the chamber to block the whole sensor except ~ 12 pixels rows. A 3x1 software binning along
the horizontal (laser propagation) direction was applied in postprocessing to improve SNR, resulting in
a pixel density of ~ 22 pixels/mm. A delay generator (BNC, model 577) provides synchronization be-
tween the cameras and the laser.
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Fig. 2. The schematic of the optical setup for high-speed Raman scattering measurements. Different components
applied in 2-D are marked in grey.

Several modifications were made to convert the system for 2-D imaging. The pulse-burst laser was
operated at 10 kHz, with pulse duration set to 200 ns, resulting in ~ 150 mJ/pulse. An f= 150 mm AR-
coated cylindrical lens, replaced the spherical lens to form a 7-mm tall, 120-um thick laser sheet in the
center of the chamber. A knife edge placed before the cylindrical lens blocked the top portion of the
beam, reducing the laser sheet size to 4.4 mm to avoid ablation of the injector cap while maintaining
high leaser energy in its proximity. The upper edge of the laser sheet was ~ 0.5 mm below the injector
cap. The slit was removed for 2-D imaging and the Raman signals of H2 and N2 are collected separately
by two high-speed CMOS cameras (Photron, FASTCAM SA-X2). The exposure time of each frame was
5 us and in total 100 subframes were recorded per readout cycle. Software binning of 2x2 was done in
postprocessing and resulted in a pixel density of ~ 21 pixels/mm. The spatial resolutions of both N2 and
Hz channels were tested with the standard 1951 USAF target (Thorlabs, R1DS1N) and yielded to ~ 90
pum after the software binning.

2.2 Hydrogen jet characterization in the CVC

2.2.1 Hydrogen jet structure and macroscopic characteristics

Fig. 3 illustrates the morphological changes of Hz jets over consecutive time intervals following the
start of injection (ASOI) at various pressure ratios (Rp). The pressure ratio is defined as Rp = Pinj /P,
where Pinj represents the upstream injection pressure and P» denotes the ambient pressure, which re-
mains constant at 10 bar. The detected edges of the jets are depicted as green lines to provide a visual
representation of the jet boundaries. During the early stages of injection, the jet shape is unstable and
undergoes constant fluctuations. As the injection time increases, the jet progressively moves down-
wards and expands horizontally on both sides. Beyond an injection time of 0.4 ms, a cone-shaped struc-
ture near the nozzle becomes increasingly prominent. As the jet develops into the far-field, the jet head
takes on an irregular spherical configuration. Furthermore, as the pressure ratio increases, the jet
evolves at a faster rate and reaches the bottom of the window in less time. An interesting observation is
the presence of shadows alongside the Hz jet mainstream. These shadows result from the formation of
shock waves caused by the high-speed jet. These shock waves create sharp density gradients in the
flow field, which can be captured by a camera. The results regarding the jet structure indicate that, at
the same ambient pressure, the shadows created by shock waves become more pronounced with an
increasing injection-ambient pressure ratio. Additionally, in the later stages of jet development, all jets
exhibit a deviation from the nozzle axis due to the buoyancy effect.

Fig. 4 (a) illustrates the influence of pressure ratio on jet penetration by varying the injection pressure
while maintaining a constant ambient pressure of 10 bar. It is important to note that the visible scope of
the window imposes a limitation on the maximum jet penetration obtainable from the post-processing of
jet images, which does not exceed 25 mm. By examining the plots of jet penetration versus time, it is
evident that an increase in pressure ratio leads to greater jet penetration. This finding aligns with the
results of previous studies [4-6]. Furthermore, for R, = 8, Pi,j= 80 bar, as well as Rp= 10, Pinj= 100 bar,
the difference in jet penetration at the same ASOI time becomes negligible. This suggests that there is
a limit to further increasing jet penetration by raising the injection pressure when the ambient pressure
is fixed. Fig. 4(b) depicts the jet penetration under different ambient pressures while keeping the injection
pressure constant. As expected, a larger Rp corresponds to higher jet penetration at the same ASOI
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time. This can be attributed to the fact that increasing Ry leads to an elevation in injection pressure or a
decrease in ambient pressure. Consequently, the jet attains a greater mass flow rate or encounters less
resistance from the ambient environment, both of which facilitate its forward propagation.
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Fig. 3. Evolution of H; jets for R, ranges from 4 to 10. Pamy = 10 bar.
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Fig. 4. H. jet penetration for various Ry: (a) different P;,; under Pams = 10 bar, (b) different Pams under Piy;= 80 bar.

Fig. 5 presents the H: jet projection area as it relates to the pressure ratio, considering variations in
both injection pressure and ambient pressure. When the ambient pressure is held at 10 bar, a larger
pressure ratio corresponds to a larger jet projection area. This observation can be attributed to the in-
fluence of Ry on jet penetration. Specifically, when the injection time remains constant, a larger jet pen-
etration indicates an enhanced spatial diffusion capability of the jet. Similarly, when the ambient pres-
sure is changed while maintaining a fixed injection pressure of 80 bar, the same trend is observed, as
depicted in Fig. 5(b). In this case, altering the ambient pressure also affects the jet projection area, with
higher ambient pressures resulting in smaller projection areas. In summary, both the pressure ratio and
ambient pressure play significant roles in determining the jet projection area. Higher Ry values and lower
ambient pressures contribute to larger jet projection areas, indicating improved spatial diffusion capa-
bilities of the jet.
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Fig. 5. H. jet area for various R,: (a) different P;,; under Pamp = 10 bar, (b) different Pams under Piy;= 80 bar.

Previous studies [4, 5] have predominantly employed a normalized parameter, namely the pressure
ratio, to quantify the characteristics of Hz jets. In our study, we achieved equivalent injection-ambient
pressure ratios by manipulating various injection pressures and ambient pressures. To facilitate a
straightforward comparison, we selected three sets of pressure ratios (R, = 2, 4, 8) derived from different
combinations of injection pressures and ambient pressures. The jet penetration and jet area were cho-
sen as the parameters for comparison, as depicted in Fig. 6. The data presented in the plot demonstrates
that, for a given pressure ratio Ry, the jet penetration and jet area obtained from different injection pres-
sures and ambient pressures exhibit similar trends. However, certain minor differences persist, particu-
larly in terms of the jet area.
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Fig. 6. Effects of R, on H. jet characteristics: (a) jet penetration, (b) jet area.

When a high-pressure gas is discharged through a nozzle into a low-pressure ambient environment,
the gas jet undergoes distinct flow states and transitions. By defining the pressure ratio as the ratio
between the nozzle inlet pressure and the ambient pressure, we can identify three primary jet flow states
and two transition states. Within a pressure ratio range of 1 to 1.89, a subsonic jet is generated. As the
pressure ratio increases to the range of 1.95 to 3.85, the gas jet becomes moderately under-expanded,
characterized by the presence of clearly observable shock diamonds or shock units. When the pressure
ratio exceeds 4.05, the jet enters a highly under-expanded state. To describe the shock waves formed
by these highly under-expanded H: jets, we employ three characteristic parameters: Mach disk height,
Mach disk width, and the triple point angle. Mach disk height refers to the distance between the nozzle
exit and the Mach disk. Mach disk width represents the dimensions of the Mach disk. The triple point
angle is defined as the angle between the tangent of the expansion wave and the nozzle axis [7]. The
variations of Mach disk height are used to calculate the pressure information in the gas nozzle including
orifice inlet pressure and orifice outlet pressure by using an empirical equation, as expressed by [8]

- =0.6782 (1)

Where H is the Mach disk height and d is the nozzle orifice diameter. P; is the upstream inlet pressure
of the single-hole cap.
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Fig. 7. Effects of R, on H. jet characteristics.

By employing image post-processing techniques, we can obtain crucial parameters such as Mach
disk height, Mach disk width, and the triple point angle, all of which vary with the pressure ratio defined
by the injection pressure and ambient pressure, as shown in Fig. 7(a). Furthermore, utilizing the above
empirical equation that establishes a relationship between Mach disk height, nozzle diameter, and the
pressure ratio between the nozzle inlet and ambient, we can calculate the nozzle inlet pressure and the
pressure ratio denoted as P; divided by P». We found this pressure ratio shows a linear dependence on
the pressure ratio defined by injection pressure divided by ambient pressure, as shown in Fig. 7(b). It
can be concluded there is an approximately 80% pressure loss from the upstream supply injection pres-
sure to the nozzle inlet. We hypothesize that this outcome may be attributed to the formation of a Laval
structure between the injector needle valve and the seat. As the gas passes through the Laval nozzle,
there is a continuous decrease in pressure coupled with an increase in gas flow velocity. Based on our
observations, we can establish new pressure thresholds to identify different jet states according to the
injection-ambient pressure ratio, as depicted in Fig. 7(c). Specifically, if this ratio falls between 1 and
12.8, the jet is categorized as subsonic. When the pressure ratio lies between 13.2 and 23.9, the jet is
considered moderately under-expanded. If we further increase the pressure ratio beyond 25.1, the jet
becomes highly under-expanded. Additionally, we have observed that the triple point angle remains
nearly constant across different pressure ratios.

2.2.2 Hydrogen mixing field quantification using high-Speed 1-D and 2-D Raman imaging

The high-speed 1-D Raman scattering technique is here applied to investigate the effect of ambient
pressure on the Hz mole fraction (x+2), 2.6 mm below the single-hole cap. The injection pressure Pinj=
60 bar is selected, and the injection duration is set to 2 ms. Results for three ambient pressures, Pambs =
25, 12.5, and 1 bar are here discussed. For each injection condition, measurements are repeated 10
times. Between measurements, the chamber is purged, vacuumed, and then filled with N2 up to the
desired Pams. This lengthy procedure is necessary to prevent the accumulation of Hz in the chamber
between consecutive injections. Preliminary measurements show that due to the small volume of the
chamber and the high sensitivity of 1-D Raman, three injections are sufficient to raise the residual Hz
mole fraction level to 0.5%, 1%, and 13%, for Pamp = 25, 12.5, and 1 bar, respectively.

By carefully timing the injection of 2 ms within the 5 ms laser burst using a separate delay generator,
instantaneous x#2 profiles of transient H: jets are measured with high temporal and spatial resolutions.
Fig. 8(a) shows the single-shot 1-D xw2 profiles of injections in Pam» = 25 bar at selected ASOls. The first
profile, (ASOI of 0.33 ms) shows a narrow Hzjet (FWHM < 1 mm) sided by two peaks attributed to the
leading vortices of the starting jet. N2 is entrained rapidly, and the peak H2 mole fraction is ~ 0.9 in the
central jet and ~ 0.4 on the side peaks. At ASOI of 0.35 ms, the H: jet profile becomes broader, ~2 mm
in FWHM, with a nearly flat region with x42 ~ 0.9 followed by a rapid decrease as it approaches the
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shear layer. The leading vortices have moved out of the probe region and are no longer visible. The jet
quickly reaches a quasi-steady state, with no large variations in the overall profile, but the side peaks
oscillate in radial positions as the turbulent jet entrains the surrounding N2. Profiles at Pams = 12.5 bar

are similar, and therefore not reported here.
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Fig. 8. The development of 1-D single-shot xu. of (a) P, = 60 bar and Pam, = 25 bar, and (b) Pi; = 60 bar
and Pamp = 1 bar at selected ASOls.

Fig. 8(b) shows the xx2 profiles measured for P. = 1 bar. The large pressure ratio (R, = 60) leads to
a highly under-expanded jet, and consequently dramatic difference in the mole fraction profiles. At ASOI
of 0.33 ms, the jet features a wide core (~ 2.5 mm) with no Nz entrainment (x#2= 1) and a highly asym-
metric wing with significant mixing. The high-mixing region is associated with the starting of the jet and
disappears by ASOI of 0.39 ms. A quasi-steady state is reached quickly, characterized by a broad region
(~ 2 mm) of pure H2 (xn2= 1), followed by a sharp transition to pure N2 (x42 = 0). Remarkably, Fig. 9
shows a semi-quantitative plot of the measured H2 number density normalized by the one of pure Hz at
ambient temperature and pressure. Single-shot number density measurements have an additional
source of error in the laser energy fluctuations. Measurements in pure Hz at 1 bar show an average error
of ~ 13% in the ROI over the laser pulses. Despite the uniform x+2 as measured in the core region, the
measurements show a wide variation in H2 number densities due to the shock structure associated with
highly under-expanded jets. These shock structures prevent the mixing (x+2 = 1) in a relatively wide
radial range. High-speed measurements of the relative number density, allow for monitoring the tem-
poral and spatial evolution of the shock structure, and the formation of the shock cell. The arrows in Fig.
9 describe the evolution of the location of the shock waves, as they first move outward, and then inward
until reaching a relatively steady state. An embedded picture of Schlieren imaging in Fig. 9 conveys an
overview of the shock cell using the same cap and at similar Pinj and Pams. The measurements show
that high-speed Raman scattering can provide quantitative mole fractions in the presence of shock
waves and temporally resolves the shock cell evolution. Strategies to include temperature measure-
ments by probing additional Hz transition will be the object of future studies.

This section discusses the means, standard deviations, and coefficient of variance of the collected
xH2 profiles. Statistics are computed based on 10 individual measurements, for each time of ASOI. A
quantitative comparison of the 1-D xu2 profiles at z = 2.61 mm for all three injection conditions is sum-
marized in Fig. 10. Results are drawn for the starting of the jets at ASOI 0.33 ms (Fig. 10(a) and (b)),
and at a time during the quasi-steady period near the end of the injection of ASOI 1.91 ms (Fig. 10(c)
and (d)). The left column presents the single-shot measurements of xx2, and the right column gives the
corresponding statistics over repeated injections. By comparing the statistical results in Fig. 10(b) and
(d), a more axisymmetric shape in the burst-averaged xx2 profiles is easily noticed for all the cases in
the quasi-steady period. A comparable mixing level is achieved at the centerline for both Pams = 25 and
12.5 bar with the averaged xx2~ 0.9, while nearly pure Hz of x42 ~ 1 is measured for the Pamp = 1 bar as
a result of the shock cell. In the quasi-steady state at 1.91 ms, much smaller standard deviations are
measured near the core of the jets, in contrast to the outer radial positions of the mixing layer, where
much higher turbulent intensities should be expected. The standard deviation based on 10 bursts, meas-
ured on the centerline during the steady state is ~ 0.01, 0.05, and 0.02 for Pam» = 25, 12.5, and 1 bar,
respectively.

The possibilities and limitations of high-speed 2-D Raman imaging for Hz jet characterization are also
investigated. Due to lower SNR, as a result of lower laser energy and the use of CMOS cameras, meas-
urements are limited to a high chamber pressure of Pam» = 25 bar. Results for Pi,j = 60 bar are presented
here. The measurements are repeated 30 times. Results are here limited to mole fractions, removing
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the need to measure the spatial and temporal energy profile, a major advantage of Raman scattering
compared to Rayleigh or fuel-tracer PLIF as discussed in [9]. The 2-D WATR denoising is performed
and the effective Raman cross-section ratio of o, 3 /0y ~ 2.066, obtained from the 1-D line measure-
ment is used for the 2-D x#2 calculations. The development of the transient H: jet of Pin = 60 bar and
Pamp = 25 bar is depicted in Fig. 11 with a spatial resolution of ~ 90 um, capable of resolving some of
the turbulent structures in the shear layer. At ASOI 0.31 ms, the pair of leading vortices only inferred in
the 1-D measurements appear clearly in 2-D. The jet rapidly develops into a quasi-steady turbulent jet
as previously observed in the 1-D Raman measurement in Fig. 8(a).
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(d) burst-statistics at ASOI 1.91 ms.

Fig. 12 extends to 2-D imaging the analysis of mean and standard deviations shown for the 1-D
profiles in Fig. 10. Average of 30 images at 0.31 ms ASOIl in Fig. 12(a), obtained for Pi,; = 60 bar shows
clearly the leading vortices surrounding the central jet indicating good repeatability of the experiment.
Turbulent mixing and the repeatability of the experiment are responsible for the large standard devia-
tions at the edge of the Hz jet, and a smoother interface in the mean, compared to the single-shot image
in Fig. 11. Fig. 12(c) and (d) show the average and standard deviation at ASOI of 1.91 ms based on 30
bursts. Fig. 12(e) and (f) compute the average and the standard deviation, based on 14 acquisitions
during the steady-state period of the jet within a single injection. The two average pictures are qualita-
tively similar, with minor differences in the width of the jet and centerline mole fraction. Centerline stand-
ard deviations based on repeated measurements at ASOI of 1.91 ms in Fig. 12(d) are significantly larger
than those based on multiple frames from a single injection (~ 0.05 to 0.1) in Fig. 12(f). The increased
variability over multiple measurements is attributed to the repeatability of the injections and small fluc-
tuations in the background and flare. Instrument precision contributes to the standard deviation along
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the centerline in Fig. 12(f). As a comparison measurement in pure Hz over the same time window (ASOI
0.61 to 1.91 ms) show a standard deviation of 0.04 to 0.06 along r = 0 in a single burst. The regions of
high standard deviation on the side of the jet, indicative of the turbulent mixing layer, are thin near the
nozzle and then grow significantly between z = 3 and 4 mm.
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Fig. 11. The time-sequenced single-shot 2-D xu2 of Piy; = 60 bar and Pamb, = 25 bar, the time in ASOI of each
frame is implanted in white. The ROI size of each frame is 3.88 (H)x4.76 (W) mmZ.
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Fig. 12. The burst-statistics of 2-D xu2 of Pi,; = 60 bar and Pamp, = 25 bar, (a) the burst-AVG and (b) burst-STD of
xH2 at ASOI 0.31 ms, (c) the burst-AVG and (d) burst-STD xu2 at ASOI 1.91 ms, (e) the time-AVG and
(f) time-STD xw2 of #15 injection ASOI 0.61 to 1.91 ms.

To examine the accuracy of the 2-D imaging at 10 kHz, a 1-to-1 assessment at the same ASOI is
conducted between the 1-D and 2-D burst-statistics of Pinj = 60 bar and Pam» = 25 bar at z = 2.61 mm.
The relative location of the 1-D probe volume is indicated by the red dashed line in Fig. 12(c), and the
comparison is demonstrated in Fig. 13.
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Fig. 13. The comparison of burst-statistics between 1-D (red) and 2-D (black) xn2 of Pin; = 60 bar and Pamp = 25 bar
at ASOI 1.91 ms and z = 2.61 mm. Consequent variation by * 2 counts/pixel in the flare of burst-averaged x>
of 2-D measurement is shown by the dash-dot line (purple).

It is found that a maximum deviation of ~ 15% in the burst-averaged results appears near the jet
centerline, with the 1-D measurement rendering x~2 ~ 0.94 while the 2-D measurement giving xw2 ~ 0.79
at the same location. The standard deviation at r = 0 is ~ 0.01 for the 1-D measurements and ~ 0.10 for
the 2-D. The observed difference is due to the low SNR of the 2-D measurements, and the increased
relative importance of the flare noise. The peak signal in N2 at Pam» = 25 bar is only 30 counts/pixel in
the current setup, and the flare signal is up to 10 counts/pixel, making the measurements very sensitive
to small errors in accounting for this contribution. The dash-dot purple lines in Fig. 13 indicate that a + 2
counts/pixel change in the flare, varies the burst-average xw2 by about £ 10% in the vicinity of r= 0. The
effect of the flare diminished significantly for x+2in the 0.1 to 0.5 range and becomes prominent again
as xHz approaches 0. The results explain why a large discrepancy is observed near the centerline, but
1-D and 2-D results agree better for lower values of xx2.

3 Hydrogen injection simulations

3.1 Computational setup

This research utilized CONVERGE, a computational fluid dynamics software, to run simulations
aimed at solving fluid flow governed by conservation equations of mass, momentum, and energy. To
tailor the study for engine simulation applications, the Reynolds-averaged Navier-Stokes (RANS) RNG
k-¢ turbulence model [10] was employed. Thermodynamic and transport properties were derived from
the H2/O2 kinetic mechanism developed by Burke [11].

Simplified geometries were constructed based on the modeled geometry used for model validation.
These simplified geometries consisted of hollow-cone and solid single- and multi-cone injectors,
designed for comparison under uniform conditions and to assess the influence of jet geometry on the
mixing process. The external geometry and jet angle from the HDEV4 injector used for validation were
retained in the new geometries. The simulation conditions are detailed in Fig. 14, and an example of
this geometry and the mesh implemented in the CONVERGE code is depicted in Fig. 14.

The diagram depicts the computational domain's geometry near the injector tip within the cylindrical
CVC, specifically for the case of the multi-hole injector with six nozzles. The mesh displayed consists of
a structured base mesh size of 1 mm applied uniformly across the entire domain. To ensure precise
flow resolution in confined regions like inside the injector nozzles, fixed embedding up to level 6 is
employed. Furthermore, a level 3 adaptive mesh refinement (AMR) strategy is utilized to automatically
refine the mesh based on a 0.01% H2 mass fraction within the domain, resulting in a minimum mesh
size of 15.625 ym. The variable mesh size, determined by local AMR, fixed embedding, and generated
flow velocity, also regulates the time step, set variably to satisfy the unity CFL condition. In terms of
boundary conditions, the upstream boundary within the injector is defined as an inflow of total pressure.
The lateral and bottom walls of the chamber are treated as outflow boundaries with a constant pressure
equal to ambient pressure. Additionally, all solid walls, including the injector, and the upper surface of
the chamber adhere to the logarithmic law of the wall.
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The figure illustrates the geometry of the computational domain near the injector tip within the
cylindrical CVC, specifically for the case of the multi-hole injector with six nozzles. The mesh shown
comprises a structured base mesh size of 1 mm that is consistently applied across the entire domain.
To ensure accurate flow resolution in confined regions, such as inside the injector nozzles, fixed
embedding up to level 6 is implemented. Furthermore, a level 3 adaptive mesh refinement (AMR)
strategy is employed to automatically refine the mesh based on a 0.01% Hz mass fraction within the
domain. This refinement results in a minimum mesh size of 15.625 ym. The variable mesh size,
determined by the local AMR, fixed embedding, and generated flow velocity, also controls the time step.
It was set up as a variable to satisfy the unity CFL condition, as shown in Table 1. In terms of boundary
conditions, the upstream boundary within the injector is defined as an inflow total pressure, as specified
in Table 1. The lateral and bottom walls of the chamber are treated as outflow boundaries with a constant
pressure equal to the ambient pressure. Additionally, all solid walls, including the injector, and the upper
surface of the chamber follow the logarithmic law of the wall.

Table 1. Simulation conditions [12].

Injector type Hollow-cone | Solid-cone

Jet angle 85°

Needle opening lift 85 um N/A

1.098 mm single
hole

Nozzle diameter N/A 0.511 mm four holes
0.418 mm six holes
0.323 mm ten holes

Injection pressure 20 barabs
Ambient pressure 1 baraps
Injection and ambient

temperature 300K
Injection profile Step profile
Injection duration 2ms
Injected mass 1.803 mg
Ambient gas N>
Simulation duration 3ms
CFL number <1.0

To simplify the model and accommodate the rapid response and quick opening characteristics of
piezoelectric injectors, the movement of the injector needle was disregarded. This omission eliminated
transient effects across various injector setups. Consequently, flow control was artificially managed by
allowing or restricting flow from the internal nozzle region to the chamber, resulting in a square profile
for the mass flow rate across all configurations. The injector pressure remained constant at 20 bar
absolute for all cases, with both injected and ambient gas temperatures set at 300 K to induce a shocked
sonic flow. To ensure uniformity in mass flow rate across all configurations, nozzle diameters were
adjusted, as detailed in the table. For each solid-cone configuration, the nozzle diameter was determined
by simulating the initial stages of injection until reaching a steady state. This process enabled the
determination of the mass flow rate at the specified nozzle diameter, which was then iteratively adjusted
to match the mass flow rate of the reference hollow-cone geometry. These specific values for needle lift
and injection pressure were chosen to achieve an H: injection mass flow rate suitable and realistic for
light-duty engine applications.

H2 Injector
Injector Nozzle
H2 Jet
Chamber AMR
Domain
Base Mesh

Fig. 14. Injector tip geometry and mesh [12].
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3.2 Validations against the measured data for the hollow-cone injector

Fig. 15 shows the snapshots of experiments, that were conducted in KAUST laboratory, and simula-
tions at 0.4 ms with various injection pressures. The injection pressure has a proportional effect on jet
penetration length and area. Note that the postprocessing of the experiment and simulation images were
done differently, meaning that the simulation images represent the plane schlieren while the experiment
images express the Z-type schlieren. A reasonable match between the experiments and simulations
has been achieved in terms of jet behavior. At 0.4 ms, the jet has already reached the visual domain
limit for both high injection pressures. The experimental snapshots domain is limited to achieve a higher
resolution. Fig. 16 shows a good match in jet penetration length of the simulations and KAUST experi-
ments at distinct injection pressures.
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Fig. 15. Qualitative comparison between experimental and numerical results at 0.4 ms and different injection
pressure [13].
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Fig. 16. Prediction of jet penetration length at various injection pressures [13].

3.3 Comparison of hollow- and solid-cone injectors

Fig. 17 shows the maximum penetration length over time for all injector configurations. It's clear from
the figure that solid-cone configurations achieve a longer maximum jet penetration compared to the
hollow-cone case. This discrepancy arises because, in the hollow-cone configuration, Hz disperses
evenly in all directions during injection, whereas in solid-cone configurations, Hz gas is concentrated
and directed in a specific orientation.
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Fig. 17. Maximum penetration length for different inj. configurations [12].

In the case of the single solid-cone jet, its penetration nearly doubles that of the other solid-cone
configurations. This discrepancy arises because the single jet aligns directly along the injector axis,
whereas the other configurations are angled at 85°, as shown in Table 1. This angular orientation, as
previously mentioned, was derived from the reference hollow-cone injector and applied consistently
across all simplified geometries. As for the penetration length in multi-hole injectors, it diminishes with
an increase in the number of holes. This reduction is attributed to the lower inertia of the compressible
flow, where the same mass flow at identical pressure is distributed among more holes. Consequently,
this division leads to a decrease in velocity and an increase in the shear interaction of the smaller jets
with the surrounding gas in the chamber.
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Fig. 18. Projected jet area for different inj. configurations [12].

In Fig. 18, the H2 projected area of the jet is depicted, offering a general insight into mixing dynamics
and illustrating how the gas diffuses within the chamber. This measure is derived by calculating the
projected area onto a plane along the line of sight within the isocontour of 0.1% H2 mass fraction. Fig.
18 reveals that the hollow-cone configuration displays the smallest projected area. This outcome can
be attributed to the uniform distribution of flow around the injector, resulting in the formation of a compact
yet robust toroidal recirculation region with high vorticity. Such a phenomenon is engendered by the
shear forces between gases in the internal part of the cone, which remain relatively stationary near the
nozzle. Consequently, the transportation and mixing of H2 become challenging within this confined
space. Further downstream, a larger but weaker vortex and recirculation region develop in the outer
part, characterized by a lower magnitude of vorticity. This region facilitates the transportation of Ha,
aiding in its mixing with the ambient N2. These flow structures are presented in Fig. 19, with green arrows
denoting the smaller and stronger vortex, while orange arrows indicate the larger and weaker vortex.

For solid-cone injectors, the absence of a small yet potent recirculation region near the nozzle is
notable, replaced instead by the generation of a larger, weaker vortex termed a "vortex ball", as shown
in Fig. 19 for both single and six solid-cone configurations. This characteristic allows solid-cone
configurations to expand the jet more effectively compared to the hollow-cone configuration. This trend
is consistent across all multi-hole configurations as well. Fig. 18 shows a decrease in the projected area
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as the number of holes increases for solid-cone configurations, attributed to overlapping jets in the line
of sight, thereby limiting the efficacy of the projected area as a metric for the degree of mixing.
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Fig. 19. Vorticity and flow patterns in a midplane for the hollow-cone, single, and six solid-cone configurations
at 0.5 ms aSOI [12].

The vortices and flow patterns shown in Fig. 19 also shed light on the post-injection increase in
penetration observed at 2 ms for the hollow-cone configuration, as presented in Fig. 17. Throughout
injection, a robust vortex strives to confine the injected gas along the injector axis and near the tip. With
the cessation of injection, this vortex dissipates, allowing the larger vortex's influence to predominate,
thereby transporting the H: further from the injector. Notably, the analyzed solid-cone cases exhibit no
discernible spray collapse due to jet-to-jet interaction, a phenomenon observed with gas generated from
vaporized liquid jets under specific conditions like flashing boiling. It is expected that with an increase in
the number of holes, this effect will approximate the behavior of the multi-hole injector toward the hollow-
cone configuration, indicating the presence of a robust vortex near the injector tip. This suggests a
resemblance between the behavior of the hollow-cone jet and that of a solid-cone jet with an infinite
number of holes.

The turbulent kinetic energy in the chamber over time for different injector configurations is illustrated
in Fig. 20. Typically, turbulent kinetic energy escalates during injection as the jet stirs the bulk mass.
However, upon injection cessation, viscous effects dissipate the energy, causing its value to decline
across all cases. As previously discussed, the hollow-cone configuration demonstrates the lowest value,
confined to a small region near the injector tip. In contrast, all solid-cone configurations exhibit notably
higher turbulence intensity, nearly double that of the hollow-cone case. With an increase in the number
of holes, a decrease in turbulence level is observed, as mentioned earlier. This phenomenon arises
because the less forceful jets from smaller nozzles fail to transfer and dissipate as much turbulent kinetic
energy to the surrounding gas, resulting in a lower average turbulent kinetic energy in the domain. These
findings suggest that solid-cone configurations are more adept at inducing turbulent fluctuations.

Fig. 21 shows the turbulent length scale. Initially, turbulence in the chamber surges as Hz is injected,
with length scales diminishing, indicating a predominance of energy in small-scale eddies. Following
this, small eddies dissipate, and larger vortices become prevalent, leading to an increase in the turbulent
length scale. Upon injection cessation, a slight drop in the turbulent length scale or an inflection point
occurs as flow inertia transitions to smaller scales before diffusion. Subsequently, the turbulent length
scale rebounds. Notably, the hollow-cone configuration generates the largest scales, which tend to
increase owing to the larger vortex until injection cessation. At this point, the jet expands, and turbulence
structures dissipate into smaller ones due to the jet's recirculation near the injector tip. In the case of the
single solid-cone configuration, the jet extends further and interacts more with the ambient gas,
intensifying turbulence at smaller scales. However, as shown in Fig. 19, the jet generates two large
vortices that boost the turbulent length scale before injection cessation, occurring roughly after 1.3 ms.
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Fig. 20. Average turbulent kinetic energy in the chamber for different inj. configurations [12].
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Fig. 21. Average turbulent length scale in the chamber for different inj. configurations [12].

Additionally, as shown in Fig. 21, an increase in the number of holes leads to the formation of larger-
scale eddies containing the majority of the energy. The expansion of the vortex ball to larger scales for
each jet contributes to a subsequent rise in the turbulent length scale. This phenomenon is consistent
with the observed dissipation of turbulence levels, as shown in Fig. 20. Overall, these findings highlight
that solid-cone jets introduce more turbulence compared to hollow-cone jets, resulting in smaller, high-
energy eddies that enhance the diffusion and mixing of the fuel.

Fig. 22 presents the probability density function (PDF) distribution of the equivalence ratio in the jet
region for the hollow-cone injector at different time steps. Lighter-colored lines represent the early
moments of injection, while darker lines represent later time steps. The jet region is defined as the
volume where the mass fraction of Hz2 exceeds 0.1%. At the onset of injection, the jet is small, with only
a limited mass of H2 mixed with the ambient. This explains why, in Fig. 22 at 0.01 ms, the PDF exhibits
a high value extending beyond the graph's limit for equivalence ratios higher than two. Simultaneously,
the small amount of diffusing and mixing Hz accounts for less than 15% of the injected mass, resulting
in an equivalence ratio of less than 0.5.

Fig. 22 shows the progressive mixing of Hz over time, resulting in a relatively constant mass fraction
below 5% with an equivalence ratio between 0.5 and 2. At time steps of 0.5, 0.75, and 1.0 ms, more H2
is diffused and mixed, leading to a concentration peak around equivalence ratios between 1 and 1.5.
Subsequently, H2 continues mixing towards leaner equivalence ratios than stoichiometric. Following the
end of injection at 2.0 ms, the injected fuel diffuses further, and the PDF peak shifts towards lean
mixtures between 0.5 and 1.

The PDF distribution of the equivalence ratio for the solid-cone configurations is presented in Fig. 23.
It's apparent that for all solid-cone cases, the PDF resembles the hollow-cone case during the initial
stages of injection, with mass fraction values exceeding the displayed range for equivalence ratios
higher than 2. This is because the injected fuel has not yet fully mixed, resulting in an equivalence ratio
lower than 0.5. As time progresses and more Hz: is injected, there is a more uniform distribution of the
equivalence ratio, with a maximum PDF fraction of 10% in all cases. Over time, the PDF quickly rises to
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higher values, reaching a maximum of 30% at equivalence ratios lower than 0.5 for all cases. Notably,
for the ten solid-cone configuration, there is a peak similar to a normal distribution, converging to an

equivalence ratio of 0.15.
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Fig. 22. PDF evolution in time for the hollow-cone injector [12].
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Fig. 23. PDF evolution for the solid-cone injector configurations [12].

Comparing Fig. 22 and Fig. 23 allows for a comprehensive analysis and conclusion based on the jet
projected area depicted in Fig. 18. In Fig. 18, all solid-cone cases suggest better mixing than the hollow-
cone configuration. When analyzing the PDF considering the entire volume in the three-dimensional
domain, the maximum PDF value in the lean region and after injection cessation is approximately 0.3
for all solid-cone configurations, twice the value obtained for the hollow-cone configuration, indicating
more efficient mixing for solid-cone cases. While Fig. 23 does not distinctly determine the superior solid-
cone configuration, the results in Fig. 18 suggest that the four-hole configuration would achieve better
mixing as it covers a larger region.

Once again, this highlights that solid-cone configurations achieve faster and more effective mixing
compared to the hollow-cone configuration. Therefore, depending on the application, a solid-cone
injector should be preferred if faster and more homogeneous mixing is required. However, this
conclusion is limited to the ambient conditions, and further analysis should be conducted in the future
under actual engine configurations.

4 Hydrogen engine combustion experiments
4.1 Metal engine measurements

4.1.1 Metal engine setup

A heavy-duty six-cylinder diesel engine from Volvo Trucks underwent modification to operate in a
single-cylinder configuration. This involved deactivating five cylinders and utilizing a modified intake
manifold. The specifications of the test engine are detailed in Table 2, with a schematic provided in Fig. 24.
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The engine head was originally designed to accommodate three DI injectors, as depicted in Fig. 25.
With injector positions N1, N2, and N3 are located near the intake, at the center, and near the exhaust
side, respectively. This configuration was modified from Cl mode to S| mode by replacing the central
injector (N2) with a spark plug and substituting the side diesel injector closer to the intake side (N1) with
a gasoline injector. Furthermore, the intake manifold design was modified to accommodate multiple port
injectors for port fuel injection. Hz cylinders were connected to the injectors via a mass flow meter to
precisely measure the H>'s flow rate. Additionally, a flashback arrestor was installed in the fuel line
connected to the PFI injectors to mitigate backfire issues. For engine control and monitoring purposes,
a National Instrument’s (NI) data acquisition system was dedicated to handling all aspects of engine
control and monitoring throughout the study.
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Fig. 24. Schematic diagram of the experimental setup for the single-cylinder metal engine.

Fig. 25. Injector positions on the cylinder head.

Table 2. Engine specification of the single-cylinder metal engine.

Engine model Volvo D13

Valve mechanism Single overhead cam
Number of valves 2-Intake 2-Exhaust
Bore (mm) 131

Stroke (mm) 158

Connecting rod length (mm) 255

Compression ratio 17:1

Displacement (Single Cylinder) (L) 213

4.1.2 PFI study

H2 was injected into the intake port using multiple Bosch port fuel injectors. The use of more than one
injector was necessary due to the engine's higher cubic capacity. A fixed upstream pressure of 11 bar
was maintained for the port fuel injection. Detailed testing points were outlined in Table 3, encompassing
two speeds, three loads, and three A points. Load control was achieved by adjusting the injection dura-
tion, with injection pulse width ranging from 10.8 to 16 ms for load variations between 4 to 6 bar gross
indicated mean effective pressure (IMEPg). This led to the injection duration of nearly 115 CAD at
1200 rpm and 87 CAD at 900 rpm. Injection timing was standardized for all operations at 330 CAD bTDC to
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ensure completion before the intake valve closing time of 170 CAD bTDC. Injecting fuel alongside intake
air contributed to improved mixing and aided the combustion process.

Table 3. Engine operating conditions.

Engine Speed [rpm] 900, 1200
IMEPg [bar] 4.2,52,6.2
A[] 3.7,4757
EGR [%] 0, 10, 20
Injection pressure [bar] 11 (PFI)
Start of Injection [°CA bTDC] | 71 (DI)
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Fig. 26. Spark timing sweep limits at different loads, speeds, and A: a) 900 rpm; b) 1200 rpm.

Fig. 26a and b illustrate the spark timing sweep achieved under various A, load, and speed conditions
without employing EGR. The spark timing sweep was constrained either by misfire resulting in a higher
coefficient of variation (COV) of IMEPg (COVver) value exceeding 5% or by the occurrence of knock.
Observations indicate that as A values increase, spark timing needs to be advanced due to excessive
dilution rates. At 900 rpm, spark sweeps for all variations exhibited similar windows, except for 1 = 3.7
at 6.2 bar, which displayed a notably shorter window. However, at 1200 rpm, this window was reduced
overall, except for the 1 =5.7 at 6.2 bar, which demonstrated a considerably larger spark sweep window.

4.1.3 DI study

The DI experiments were conducted using a central spark plug and side injector configuration, with a
Bosch gasoline direct injector utilized for Hz injection. The upstream H2 pressure was maintained at
approximately 71 bar, enabling higher loads by injecting more Hz into the engine cylinder. Injection tim-
ing was set at 280 CAD bTDC to compensate for the extended injection duration, which reached up to
17 ms, significantly exceeding the recommended 5 ms for the injector. All other experimental conditions
were consistent with those used for the PFI study.

Fig. 27 illustrates the spark timing window for the direct injection experiments under various load,
speed, and A conditions. Notably, the spark sweep window for H2 DI experiments was considerably
smaller compared to port fuel injection experiments. Additionally, there are instances where spark timing
windows were not recorded, particularly at 4 = 5.7, 6.2 bar at 900 rpm, and multiple points at 1200 rpm.
This is attributed to significantly higher occurrences of misfire or knocking at these points, making it
challenging to record even a single stable point. Stratification of the charge mixture is identified as a
primary factor affecting combustion stability in these instances.
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Fig. 27. Spark Timing window for Hz DI experiments at different load, speed, and A conditions. a) 900 rpm,
b) 1200 rpm

The spark window is notably narrower for the 0% EGR condition and the lowest efficiency recorded
at 48.5% with a spark timing of 30 CAD bTDC. However, upon introducing EGR, a substantial increase
in gross efficiency is observed, accompanied by an expansion of the spark timing window. This en-
hancement is primarily attributed to the EGR flow improving the air-fuel mixture within the combustion
chamber, thereby enhancing gross efficiency and promoting combustion stability, resulting in a wider
spark timing window. The gross efficiency peaks at 52% with a spark timing of 30 CAD bTDC under the
20% EGR condition.

4.1.4 Emissions

Despite encountering numerous challenges in establishing Hz2 engine operation, there are notable
benefits evident in the emissions outcomes. As a carbon-free fuel, Hz yielded no emissions of CO, COz,
or HC in the exhaust. While NOx emissions have historically presented a significant challenge with Hz
engines, the current experimental campaign yielded nearly zero NOx emissions. This outcome could be
attributed to the exceptionally high dilution rates, which effectively reduced the combustion peak tem-
perature, thereby mitigating NOx emissions.

4.2 Optical engine measurements

4.2.1 Optical engine setup

The same engine that was employed for the measurement of H2 DI was used for the combustion
measurement. The diesel fuel injector was replaced with a spark plug (NGK 2862 ER10EH) and the
port-fuel gas injectors were installed in the intake manifold. The schematic of the experimental setup for
H2 SI combustion is shown in Fig. 28. The engine was operated at 1200 rpm using an AC motor in a
throttled operation with an intake air pressure of 0.7 bar adjusted using mass flow controllers. A range
of pressure sensors and thermocouples were installed in the cooling water system, lubricating oil circuit,
fuel line, intake, and exhaust lines for the constant monitoring of local pressure and temperature. The
piezoelectric pressure sensor (AVL GHO01D) installed in the windows holder, in combination with a
charge amplifier (AVL FI PIEZO) was used to measure the in-cylinder pressure data using a rotary
encoder (Linde RSI 503) with a crank angle resolution of 0.2 degrees. The intake air and coolant/oil
temperature were maintained at 25°C and 30°C respectively. The H2 gas was delivered at -360°CA
aTDC in the intake stroke using a port-fuel injection system for the duration of 25 ms. Bosch NGI2
injectors are used to inject the Hz gas. Mass flow controllers set the flow rates for air and Hz, to achieve
the desired 4. Safety components such as solenoid valves and flashback arrestors were also installed.
The experiments were conducted at varying spark timing (ST) on lean excess-air ratios of 3. The engine
was operated in a 5/20 skip firing mode, i.e., five fired cycles followed by twenty motored cycles. A
LabVIEW FPGA-based real-time embedded control system (NI 9038 CompactRIO) was used to drive
the engine and collect data. A Photron SA-X2 fast camera equipped with a Nikon 50 mm, /1.2 lens
captured the line-of-sight integrated high-speed natural combustion luminosity from the bottom view of
the combustion chamber. The frame rate and exposure time of the camera were set to 36,000 frames
per second and 5 ys, respectively.
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Fig. 28. Schematic of the optical engine and line-of-sight integrated high-speed natural combustion luminosity
bottom view imaging system for H, combustion [14].

4.2.2 Measurements

Fig. 29 shows (a) In-cylinder pressure and rate of heat release (ROHR), (b) Combustion parameters
and (c) Gross indicated mean effective pressure (IMEPg) and COVimep of pure Hz2 combustion at the air-
excess ratio of 3. The raw in-cylinder pressure traces obtained using a piezoelectric transducer were
further post-processed using standard techniques such as pegging, TDC offset correction, averaging,
and filtering to obtain the cycle-averaged in-cylinder pressure trace. The ROHR was calculated based
on the first law of thermodynamics while the quadratic assumption of in-cylinder temperature was con-
sidered for the estimation of specific heat ratio. The peak cylinder pressure and RoHR increase with the
advance in spark timing. The COV of IMEPg is a marker of cycle-to-cycle variations and is useful to
indicate engine combustion stability. In this work, a COV of the IMEPg less than 5%, is considered

stable combustion.
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Fig. 29. (a) In-cylinder pressure and RoHR, (b) Combustion parameters, and (c) IMEPg and coefficient of
variation (COV) of IMEPg of pure H, combustion at 4 = 3 [14].

Results show that the IMEPg increases with the advance in spark timings. For example, at 1 = 3 for
ST of -20°CA aTDC, the mean IMEPg was 2.15 bar. With the advance in spark timing to -30°CA aTDC,

the IMEPg was slightly increased to 2.32 bar. The COV of IMEPg shows a minimum at ST of -25°CA

aTDC for 4 = 3, with the corresponding values as 3.87. CA10, CA50, and CA90 were defined as the
crank angle corresponding to 10%, 50%, and 90% of the cumulative heat release, respectively. The
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combustion duration was defined as the difference between CA10 and CA90. Results show that the
CA10 and combustion phasing (CA50) decrease as the spark timing advances. The minimum combus-tion

duration (CA10-90) was observed at ST of -25°CA aTDC for 4 = 3, suggesting a faster combustion process.
Results show that the minimum combustion duration case correlates well with the minimum COV of the

IMEPg case, thereby indicating the optimal configuration of spark timing for 4 = 3 of pure H2 combustion.

-30 °CA aTDC -25°CAaTDC -20°CAaTDC -15°CAaTDC -10 °CA aTDC -5°CAaTDC 0°CAaTDC  5°CAaTDC  10°CAaTDC 15°CAaTDC 20°CAaTDC 25°CAaTDC

aTDC

ST-25°CA  ST-20°CA
aTDC

ST-30 °CA
aTDC

Fig. 30. High-speed natural combustion luminosity images of pure H, combustion at 4 = 3 [14].

Fig. 30 shows the high-speed natural combustion luminosity images of pure H2 combustion at 4 = 3.
The red circle in these images represents the piston bowl-wall boundary. Optical diagnostics help to

understand the overall flame development process by providing the spatial and temporal evolution of
flames. At 1 = 3 for ST of -20°CA aTDC, initial flame kernels were formed between -15 and -10°CA
aTDC. With the advance in spark timing, the location of initial flame kernels also moves forward i.e., for
ST of -30°CA aTDC, initial flame kernels were formed between -25 and -20°CA aTDC. This shows that
the initial flame kernel appears to advance at a similar pace with an advance in spark timing. After the
initial flame kernel formation, the flame develops radially towards the piston bowl wall as it propagates.
The flame size is increasing rapidly with an advance in spark timing as seen in Figure 3. This suggests
that the advance in spark timing enhances the combustion process along with improved thermal effi-
ciency as can be seen from IMEPg results (Fig. 29).

In summary, thermodynamic analysis and optical diagnostics were carried out to study the behavior
of pure H2 combustion in a heavy-duty single-cylinder optical diesel engine converted to run in a spark-
ignition operation. The results showed that the flame propagation was dominant and no knocking or
abnormal combustion behavior was observed during the entire combustion process for the tested lean
burn condition of pure H2 combustion. Hz has unique combustion characteristics that lead to a different
combustion behavior compared to hydrocarbons, especially under lean conditions. The optical Hz en-
gine data including in-cylinder pressure traces and combustion luminosity images serves as a crucial
tool for calibrating and validating the combustion models including reaction kinetics, turbulence, and
heat transfer contributing to the efficient design of Hz-powered internal combustion engines.

5 Hydrogen engine combustion simulations

5.1 Computational setup

A similar computational setup to the previous Hz injection modeling study was employed for Hz engine
combustion modeling. Two different combustion solvers were tested and evaluated, including the de-
tailed combustion solver SAGE [15] and the G-equation model [16]. Four distinct chemical kinetic mech-
anisms were examined using SAGE. Additional details of them are listed in Table 4. Note that the SAGE
multi-zone well-stirred reactor model used an energy source to capture ignition, depositing 0.06 J of
energy and achieving a maximum temperature of 50000 K within a spherical region with a radius of 0.5
mm for a duration of 0.5 CAD. These energy parameters were carefully selected to elevate the mixture
temperature at the spark location to its adiabatic flame temperature, thus ensuring effective combustion.
On the other hand, for the G-equation model, ignition is accomplished using passive source modeling
with a G=0 surface initialized at the spark location. Details about the computational domain and mesh
resolution are available in Table 5 and Fig. 31.

Table 4. The chemical mechanism used in the simulations.

Mechanism Number of species | Number of reactions
Burke [11] 9 23
C3[17] 12 37

. Creck [18] _ 21 _ 62
Aramco [19] 39 34




42 Towards HzICE: Experimental and computational characterization of H; injection, mixing, and combustion

Table 5. Grid details.

Mesh refinement technique Value
Base grid 4 mm
AMR (velocity and temperature) Level 3 (min. grid of 0.5 mm)

Fixed embedding (intake and exhaust
valves, piston, liner, and cylinder head)
Fixed embedding (spark plug) Level 5 (min. grid of 0.125 mm)

Level 3

’Intake
y,
Exhaust_

Fixed embedding TEMPERATURE (K)
3.0e+02 2.1e+03

Pistont

Fig. 31. Computational domain and mesh details [20].

5.2 Comparison of four H; mechanisms using the SAGE combustion model
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Fig. 32. Comparison of experimental pressure trace and prediction using different chemical mechanisms at
different A and ST [20].
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The impact of employing different chemical mechanisms on the pressure trace during combustion is
illustrated in Fig. 32. At A = 2.5, all mechanisms demonstrate reasonable agreement with the experi-
mental pressure trace, falling within the range indicated by the grey area. A closer examination reveals
that Burke, C3, and Aramco mechanisms exhibit similar behavior during the combustion phase. Con-
versely, the Creck mechanism tends to produce a slightly higher pressure trace compared to the others,
although it remains within the measured pressure trace range. Additionally, at A = 3, it is observed that
C3 yields the highest pressure trace, yet remains well within the experimental range. Overall, all mech-
anisms perform satisfactorily under these conditions, suggesting any mechanism could effectively pre-
dict the experimental data. Consequently, the Burke mechanism was selected due to its comparatively
lower number of species and reactions, thereby expediting the simulations. Fig. 33 compares the meas-
ured and predicted flame development using the Burke mechanism. An overall good agreement be-
tween the predicted flame surface and isosurface of temperature at 1800 K is observed.

ST-20 °CA
aTDC

ST-25°CA
aTDC

-25°CA aTDC -20°CA aTDC -15°CA aTDC -10°CAaTDC -5°CAaTDC 0°CAaTDC 5°CAaTDC 10°CAaTDC 15°CAaTDC

aTDC

ST-25°CA  ST-20°CA

aTDC

-30 °CA aTDC -25°CA aTDC -20 °CA aTDC -15°CA aTDC -10 °CA aTDC -5°CA aTDC 0 °CA aTDC 5°CAaTDC 10°CAaTDC
(b)

Fig. 33. Comparison between the experimental high-speed natural combustion luminosity images and prediction
using temperature iso-surface of 1800 K for (a) A = 2.5 and (b) A = 3 [20].

5.3 Evaluation of the b4 constant value with the G-equation combustion model

In the G-equation combustion model, the turbulent flame velocity is calculated by
* % * % $ - /%

Se=S +ul- —);‘T{Da + IZ)JT{Da3 +a,b*Da5 6 )
& &

In Equation 2, the b1 constant signifies the large-scale turbulence constant, which plays a crucial role in
influencing the rate of turbulent flame propagation. Increasing the value of the b+ constant artificially
boosts the turbulent flame speed, a necessary adjustment to accurately capture the intricate dynamics
of combustion. This adjustment becomes particularly relevant in cases where the model initially under-
estimates the flame speed due to the assumption of the unity of the Lewis number.

It's important to recognize that the b1 constant is just one parameter within the broader turbulence
model framework. Turbulence levels are primarily determined by various other parameters and factors
such as A. Thus, while augmenting the b1 constant can impact turbulent flame speed, it does not directly
alter turbulence levels. To address the heightened flame speed induced by thermo-diffusive instabilities,
it's recommended to increase the b1 constant, as depicted in Fig. 34, where a value of 2.5 proves suit-
able under these conditions. Furthermore, it's evident from the figure that using a value of 2.5 aligns
well with both the SAGE and G-equation models. For additional validations, Fig. 35 explores different
values of A to assess the applicability of the b1 value across varied A, yielding consistent results akin to
A =2.5. Note that the impact of increasing the b1 constant diminishes as the mixture leans towards a
lower fuel-to-air ratio. This is attributed to the decreasing laminar flame speed term mentioned in Equa-
tion 2. Fig. 36 offers a comparison between experimental natural combustion luminosity images and
predictions obtained with SAGE and G-equation models. It shows that by adjusting the b+ constant, a
commendable agreement between SAGE and G-equation combustion models was achieved.
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Fig. 34. Effect of changing the value of the constant b1 on the predicted pressure trace using SAGE and G
at A = 2.5. The flame front (G = 0) iso-surface at -10°CA aTDC [20] is also included for comparison.
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Fig. 35. Comparison between the experimental pressure and the simulation using SAGE and the G-equation at
A =3 and ST =-20°CA aTDC [20].
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Fig. 36. Comparison between the experimental natural combustion luminosity images and prediction using SAGE
(in yellow) and G-equation (in white) for (a) A = 2.5 and (b) A = 3 [20].



H.G. Im, et al. 45

6 Concluding remarks

In the ongoing FUELCOM4 project, the H: injection and engine combustion characteristics are being
investigated using experimental and computational methods. Experiments are performed on constant
volume chamber and single-cylinder metal/optical engines. Sophisticated optical diagnostics such as
Schlieren and Raman are utilized to visualize the transient mixing field of Hz jet. The measured results
demonstrate the high sensitivity of the mixing quality of Hz to the boundary conditions and in-cylinder
transient flow motion. These measured data supported the validation of CFD simulations, which inter-
actively helped optimize the injection strategy and hence improve the engine performance.

The major findings through the project thus far are summarized as follows:

(1) Increasing the injection-ambient pressure ratio results in greater jet penetration. However, there
is a limitation to further increasing jet penetration by raising the injection pressure when the ambient
pressure is fixed. Considering the relatively lower peak mass flow rate for the hollow-cone HDEV-4
injector, which is restricted by its unique internal geometry, it would be challenging to implement it for
heavy-duty applications. For such cases, a larger mass flow rate injector would be more suitable.

(2) The pressure ratio, defined as the ratio of the nozzle inlet pressure to the ambient pressure (Pi/P»),
shows a linear dependence on the ratio of the injection to ambient pressure (Pin/Pb). For the injector
under study, a significant level of pressure loss was observed from the upstream supply injection pres-
sure to the nozzle inlet.

(3) By combining a powerful 50 kHz pulse-burst laser with highly sensitive, low-noise EMCCD cam-
eras operating in subframe burst gating, the instrument provides spatially and temporally resolved meas-
urements with better than 0.01 precision in mole fraction. In addition, semi-quantitative measurements
of the relative number density of Hzreveal the temporal evolution of the shock structures, never observed
before with Raman scattering. The technique can be expanded to get other scalar quantities, such as
pressure and temperature in this shock region.

(4) At the same mass flow rate, solid-cone configurations in general exhibit longer penetration lengths
compared to the hollow-cone case. However, the penetration length decreases as the number of holes
increases due to the introduction of an angle, which results in reduced velocity for each jet. Compara-
tively, the solid-cone configurations significantly outperform the hollow-cone configuration in efficiently
mixing hydrogen with the nitrogen atmosphere within a shorter timeframe. This suggests that a multi-
hole cap may be preferred for hollow-cone injectors to improve mixture uniformity.

(5) To adjust the engine load, spark timing needs to be advanced as A increases due to excessive
dilution rates. The spark sweep window for Hz2 DI experiments is considerably smaller compared to PFI
experiments, primarily due to the increasingly cyclic uncertainties in mixing and combustion processes.
Due to the high CR of the current Volvo engine configuration, relatively high engine thermal efficiency
was attained, albeit at the expense of a higher knocking tendency, significantly restricting the engine
operating range. As a result, a modified piston design yielding a smaller CR is required to promote
engine stability and reliability.

(6) For the combustion closure model in CFD application, the multi-zone well-stirred reactor SAGE
model effectively predicts the performance of Hz Sl engines, yielding good agreement in pressure pat-
terns and combustion luminosity images. The flamelet-type G-equation combustion model using the
standard flame speed correlations exhibits errors, mainly attributed to the significant thermo-diffusive
instability inherent in H2 combustion at lean-burn conditions. Further investigation is needed to capture
the lean turbulent hydrogen flame propagation characteristics.

In closing, there are additional challenges to be addressed in the next stage of this project. For ex-
ample, to overcome the drawbacks of the injector and piston shape issues, a larger mass flow rate
injector and a new piston shape with a smaller CR will be implemented, which are anticipated to enhance
engine performance over a wider range of engine loads. Furthermore, given that the tumble and swirl
motions for this Volvo prototype diesel engine are not strong enough, further optimization of the injector
configuration and injection strategy etc. is needed, where high-fidelity CFD will play an important role in
designing the optimal configuration. In the meantime, qualitative measurements of in-cylinder mixture
distribution and combustion evolution on the optical engine will be conducted, providing valuable vali-
dation datasets for refinement and validation of various submodels in CFD simulations.
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Abstract

As global warming intensifies, hydrogen is increasingly recognized as a viable alternative to
traditional fossil fuels due to its potential for clean combustion. However, the application of
hydrogen in internal combustion engines is hindered by challenges such as elevated NOx emis-
sions, which are influenced by hydrogen's unique combustion properties. A crucial aspect of
mitigating these emissions is understanding the local equivalence ratio of hydrogen, which sig-
nificantly impacts combustion efficiency and pollutant formation. This study focuses on exam-
ining the distribution of hydrogen and the effects of single and double injections using the Pla-
nar Laser-induced Fluorescence (PLIF) technique, traditionally applied to fossil fuels. Given
hydrogen's high diffusivity, acetone was used as a doping agent to enhance measurement accu-
racy. The experimental setup involved a 266 nm Nd-YAG pulse laser to excite the acetone,
with the fluorescence captured by a high-speed color camera. Additionally, Schlieren imaging
was utilized to validate the PLIF measurements and to check for any slipping between the ace-
tone and hydrogen, which is critical for measurement precision. The findings were promising,
showing a strong correlation between the PLIF and Schlieren images, confirming that the
adapted PLIF method effectively captures the hydrogen jet distribution with minimal interfer-
ence from the gas's high diffusivity. These results suggest that PLIF, when used with acetone,
can reliably measure hydrogen distribution and potentially assess the local equivalence ratio in
jet formations. Despite these encouraging outcomes, further research is necessary to fully vali-
date this method, especially in actual engine settings. This study contributes to the ongoing
efforts to optimize hydrogen as a clean fuel alternative for internal combustion engines, an es-
sential advancement in reducing greenhouse gas emissions and addressing the challenges of
climate change.
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1. Introduction

Recent research on internal combustion engines (ICEs) is increasingly exploring the use of al-
ternative fuels such as hydrogen, methanol, and ammonia, driven by the urgent global impera-
tive to address climate change. As the severity of climate impacts has escalated over recent
decades, there has been a worldwide push among governments to achieve net-zero emissions
by 2050 [1][2]. This goal is critical to mitigate the emissions of greenhouse gases (GHGs),
which are the primary drivers of global climate change. Traditional fossil fuels, such as gasoline
and diesel, are major contributors to GHG emissions, releasing significant amounts of carbon
dioxide (COz) and carbon monoxide (CO), along with other harmful pollutants like nitrogen
oxides (NOx) and particulate matter (PM).

Despite concerted international efforts, GHG emissions continue to rise. For instance, the
transport sector alone emitted 7.98 Gt of CO; in 2022, accounting for about twenty percent of
the global total of 36.8 Gt CO,, with the road subsector emitting 5.87 Gt CO; [3][4]. While
electrification is a burgeoning trend within the transport sector, certain high-energy-demand
sectors such as long/medium-haul trucking, aviation, and shipping continue to rely on ICEs due
to their higher energy density compared to electric batteries. Given that batteries currently offer
about 50 times lower energy density [5], these sectors are projected to depend on ICEs into the
foreseeable future. The transition from fossil fuels to alternative fuels is thus essential for re-
ducing GHG and toxic emissions in a cost-effective manner.

Notably, hydrogen emerges as a leading alternative fuel, offering the advantage of zero
greenhouse gas emissions during combustion since it contains no carbon. However, hydrogen's
adoption is not without challenges. It tends to produce higher levels of NOx due to its high
combustion temperature. Addressing this issue involves strategies such as high dilution with
excess air or integrating after-treatment systems in the engine exhaust [6][7][8]. Utilizing ex-
isting technologies like the fuel injector to limit NOx production could be more cost-effective.

Visualizing the formation of the hydrogen mixture during combustion is a critical first step
in managing local NOx levels, as understanding the fuel distribution is key. Moreover, many
researchers and developers focusing on hydrogen engines are prioritizing direct injection due
to issues like backfiring and low volumetric efficiency associated with port injection [9]. Direct
injection supports a lean stratified charge combustion strategy, beneficial for several reasons
[10]. Despite hydrogen’s small quenching distance leading to higher heat transfer losses
through the engine walls, this approach helps mitigate such losses and reduce pumping losses
by allowing the engine to operate with a wide-open throttle, even under low to medium load
conditions.

According to Lee [10], the timing of the mixture formation—from the start of injection to
the start of ignition—significantly influences combustion behavior, affecting heat release,
flame speed, and rise time. The changes in the local equivalence ratio, influenced by the dura-
tion of the mixture formation, are crucial in driving these variations in combustion behavior.
Additionally, the hydrogen stratified charge approach can encounter difficulties in reaching the
spark plug at the start of ignition due to the significant contraction of the fuel jet under high
ambient pressure conditions when using the hollow cone injector [10].

The lean stratified charge combustion strategy significantly enhances the efficiency and
effectiveness of ignition by injecting fuel during the compression stroke, which optimizes the
distribution and timing of fuel for ignition [10]. This method is particularly useful when high
ambient pressures inside the engine cylinder are present, conditions under which traditional
single-injection strategies often lead to misfiring [10]. To further address the limitations inher-
ent in stratified charge systems, a double injection strategy has been suggested. This approach
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not only reduces jet penetration but also increases jet width, thereby improving the likelihood
that a flammable mixture adequately reaches the spark plug [10].

Despite these technical advancements, ignition failures may still occur if the flammable
mixture does not adequately accumulate at the spark plug. This persistent challenge is exacer-
bated by limitations in current measurement technologies, such as Schlieren imaging. While
Schlieren technology is instrumental for visualizing density variations within transparent media
and is routinely used to evaluate the fuel-air mixing distribution, its line-of-sight measurement
approach can inadvertently provide misleading information about the actual spray distribution.
Schlieren imaging's primary drawback is its dependence on line-of-sight data, which only cap-
tures a two-dimensional projection of complex three-dimensional flow fields. This limitation
becomes particularly acute when trying to understand fuel distribution near the spark plug—a
crucial zone for ignition.

Given the narrow spatial volume of the spark plug's ignition location, accurately capturing
this area becomes challenging with Schlieren technology due to the broad width of the spray
formation it typically visualizes. This spatial mismatch can lead to significant inaccuracies in
determining whether a sufficient flammable mixture has reached the ignition site, potentially
leading to ignition failure despite apparently optimal conditions. Therefore, while recent inno-
vations in injection strategies have significantly improved the delivery and distribution of fuel,
the effectiveness of these advancements remains constrained by the capabilities of existing vis-
ualization tools. This underscores a pressing need for more advanced measurement techniques
capable of providing detailed three-dimensional spatial information. Such advancements would
not only address the current limitations of line-of-sight measurements but also ensure more
reliable ignition by accurately assessing the presence and distribution of flammable mixtures at
the critical point of ignition.

This paper, therefore, seeks to observe and analyze the impact of the double injection strat-
egy using the planar laser-induced fluorescence (PLIF) technique with acetone, and to evaluate
the feasibility of this methodology for high-diffusivity gases by comparing the cross-sectional
views of nitrogen, helium, and hydrogen.
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2. Methodology

2.1 Experiment Apparatus and Optical Setup

The experimental apparatus centers on a 1.4-liter constant volume chamber (CVC) designed
with a hexahedral shape, as illustrated in Fig. 1. This chamber is outfitted with a precision valve
control system that enables pressurization to predefined levels of 5, 10, and 15 bar. An electrical
heating system ensures the chamber temperature remains steady at 323 K to provide a consistent
experimental environment. Additionally, the chamber features quartz windows on several sides,
which are essential for employing sophisticated imaging techniques such as Planar Laser-In-
duced Fluorescence (PLIF) and z-type Schlieren imaging. These techniques are integral for
detailed observation of the fuel’s structural dynamics within the chamber.

<Schlieren jet structure>
<PLIF jet structure>
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Figure 1: Combustion chamber, PLIF and Schlieren optical setup.

In the setup for acetone PLIF, light from a frequency-quadrupled Nd:YAG laser, emitting
at 266 nm, is shaped into a two-dimensional thin laser sheet at the center of the chamber. This
1s accomplished using a convex lens with a 1.0 m focal length and a cylindrical lens with a -25
mm focal length. These lenses work in tandem to vertically bisect the chamber. A UV beam
splitter, strategically placed within the z-shaped Schlieren configuration, facilitates the simul-
taneous capture of both PLIF and Schlieren images on the same plane. This setup allows for a
direct comparison between the two imaging methods, thereby enhancing the analysis of the
combustion process. For capturing PLIF images, the configuration includes a UV camera lens
coupled with an intensifier and a high-speed color camera. This arrangement is specifically
tuned to detect wavelengths between 325 and 500 nm [13], using a bandwidth filter to sharpen
the imaging output. Simultaneously, the Schlieren setup utilizes two concave mirrors and a
tungsten-halogen lamp, along with a high-speed gray-scale camera. Both high-speed cameras
were set at 17000 fps as frame speed and 58 ps as exposure time.

The injection system in the experimental setup incorporated a conventional hollow-cone-
shaped gasoline direct injection (GDI) injector. This injector was strategically mounted atop
the chamber using a bespoke head adapter designed to secure and align it precisely. The choice
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of a hollow-cone-shaped injector was deliberate, aimed at optimizing the volumetric flow rate
of gaseous fuel, which is crucial for achieving desired combustion characteristics under con-
trolled experimental conditions. In contrast to this setup, multi-hole injectors, which are pre-
dominantly used for liquid fuels, prioritize the enhancement of fuel atomization. They achieve
this by increasing the velocity at which the fuel is injected and by designing smaller holes in
the injector tips. These modifications help to create a finer mist of fuel, which can improve the
mixing of fuel and air and thereby enhance combustion efficiency.

Given the inherent challenges associated with ensuring a tight seal when using hydrogen—a
gas that is notably difficult to contain due to its low molecular size—the Schlieren imaging
system was integral to the setup. This system was continuously employed to monitor the GDI
injector for any potential leaks. The Schlieren system is particularly well-suited for this task as
it is highly sensitive to variations in gas density, which enables it to detect and visualize even
minute leaks of hydrogen gas from the injection system. This continuous monitoring is essential
for maintaining the integrity of the experimental conditions and ensuring the safety and accu-
racy of the combustion experiments.

2.2 Acetone Seeding System

The diagram presents a high-pressure fuel-acetone seeding system, primarily used for re-
search, designed to produce a mixture of fuel (hydrogen, helium, or nitrogen) and acetone vapor
under controlled conditions. The system's core component, an acetone delivery tank, contains
liquid acetone and is submerged in a water bath held at 288 K (15°C) to ensure stable vapori-
zation rates by maintaining constant temperature despite environmental fluctuations. Hydrogen,
helium, or nitrogen, pressurized to 120 bar, bubbles through this acetone, becoming saturated
with vapor before exiting the tank at a controlled 100 bar. This setup includes a primary com-
ponent known as the bubbler, where the vaporization occurs and a bypass route equipped with
a check valve to prevent acetone backflow during system pressurization or depressurization,
enhancing safety and ensuring consistent vapor delivery.
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Figure 2: Diagram of the acetone seeding chamber integrated with the fuel delivery line.

Temperature is monitored by two thermocouples: one tracking the liquid acetone's tempera-
ture and the other the temperature of the exiting gas stream, crucial for maintaining optimal
conditions for vapor production. The system also incorporates valves and pressure control
mechanisms to maintain these pressures, optimizing gas flow and vapor pickup. Safety features
such as pressure relief valves and monitoring systems, although not depicted in the diagram,
are included to ensure safe operational parameters. This setup's simplicity and reliability mini-
mize mechanical complexity and potential failure points, making it a robust and dependable
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choice for generating consistent, controlled acetone vapor streams in experimental setups. The
continuous, stable output of acetone-enriched gas is vital for experiments requiring high preci-
sion and repeatability.

2.3 Test Conditions

Test conditions were standardized to ensure optimal consistency in the test results, as detailed
in Table 1. Critical parameters such as injection duration, ambient temperature, fuel temperature,
injection pressure, and ambient pressure were consistently maintained across all experiments.
These included an injection duration of 1000 ms, an ambient temperature of 323 K, a fuel tem-
perature of 288 K, an injection pressure of 10 MPa, and an ambient pressure of 15 MPa. Addi-
tionally, to investigate the impact of the split ratio on the distribution and behavior of the fuel
jet, the ratio between the first and second injections in the double injection setup was varied.
Three configurations were tested: 3:7, 5:5, and 7:3.

Table 1. Test conditions

Parameter Value
Injection duration [ps] 1000
266nm laser timing [after end of 2"¢ injection ps] -200, 0, 200, 400
Ambient temperature [K] 323
H,, N, He temperature [K] 288
Injection pressure [MPa] 10
Ambient pressure [MPa] 1.5
Split ratio 3.7, 55,73
Dwell time [ps] 200, 600, 1000

The dwell time, which is the interval between the first and second injections, was varied
across three different durations—200, 600, and 1000 ms—to further explore its influence on
hydrogen distribution. In the single injection setup, fuel was injected continuously for 1000 ms
without division. Laser firing times were strategically scheduled at -200, 0, 200, and 400 ms
relative to the end of the second injection. This timing was selected to capture the dynamics of
hydrogen distribution both before and after the second injection, providing insights into the
temporal evolution of the fuel's dispersal. The specific moments of these laser firings are de-
tailed in Fig. 3 6, clearly showing the timing of observations relative to the injection events.

1stinjection  pwell time 2nd injection

l

Tstart =i (aSOLISt injection HS) T266 nm Laser — '200‘ 01 200v 400 [aEOIan injection “S]
* Injection duration = 1st injection duration + 2"¢ injection duration

Figure 3: Detailed Diagram of Injection Sequence and Laser Firing Timing.
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3. Results and Discussion
3.1 Successful Ignition (Fig 4) and Misfire (Fig 5) Scenarios for a Single Hydrogen Jet

The sequence of images provided in Fig. 4 offers a compelling visual documentation of the
ignition phases within a high-pressure environment (15 bar), specifically involving a flammable
hydrogen mixture. These images are integral to understanding the temporal dynamics of hydro-
gen ignition, with each frame pinpointing specific moments following the start of injection
(aSOI) during the single jet injection. This detailed temporal breakdown captures the evolution
from non-reactive conditions to active combustion, highlighting critical factors such as timing
and mixture positioning relative to the spark plug.

The first frame, recorded just 0.2 ms after injection, illustrates a non-reactive state within
the combustion chamber where the hydrogen mixture has not yet reached the spark plug. This
moment is crucial as it represents the prepared but inactive state of the mixture, setting the stage
for ignition. Subsequent frames captured at 0.83, 0.88, and 0.94 ms show the development of
the ignition arc stretching towards the hydrogen spray. This elongation of the arc indicates that
the initial spatial alignment of the flammable mixture and the spark plug was suboptimal, ne-
cessitating the extension of the spark to effectively reach the hydrogen. The dynamic extension
of the arc highlights the adaptive response of the ignition process to spatial discrepancies in
mixture placement. By 0.99 ms, the arc discharge successfully contacts the hydrogen, initiating
combustion. The frame at 1.65 ms confirms the onset of stable combustion, characterized by a
notable change in the visual properties of the mixture—signifying that the combustion has be-
come self-sustaining and is propagating through the fuel mixture.

aSOI = 0.2 ms aSOIl = 0.83 ms aSOIl = 0.88 ms aSOI = 0.94 ms aSOI = 0.99 ms aSOI = 1.65ms

Before ignition discharge Ignition discharged and stretched to the hydrogen spray Combustion start

Figure 4: Successful ignition demonstrated by optimal location and timing of ignition [10][11].

The detailed analysis of these frames underscores the critical role of precise timing and
accurate mixture positioning for effective ignition, especially in a high-pressure condition. This
observation is particularly relevant for hydrogen and similar high-diffusivity fuels, which pre-
sent unique challenges in combustion management. The ability of the spark to adapt and extend
toward the hydrogen spray is indicative of the dynamic processes involved in achieving effi-
cient combustion under such conditions. The insights gained from this visual sequence are vital
for the optimization of ignition systems, aiming to enhance fuel efficiency and reduce emissions.
Understanding the interplay between spark reach and mixture distribution enables the refine-
ment of engine designs to accommodate the fast diffusivity and specific ignition requirements
of hydrogen-based fuels.

Figure 5 presents a sequence of Schlieren images documenting the misfiring behavior of a
hydrogen mixture in a combustion setup. These images are designed to visualize the failure of
the spark to ignite the flammable mixture at the planned moment. Misfiring can occur due to
various factors. One common issue is the timing of the spark; if it occurs when the hydrogen
concentration is outside the flammable limits near the spark plug, effective ignition is compro-
mised. Additionally, the mixture may be unevenly distributed or insufficiently concentrated
around the spark plug. Other potential issues could include a weak spark or a spark plug posi-
tioned such that it does not effectively intersect with the path of the flammable mixture.
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Figure 5. Misfiring example of hydrogen mixture when the flammable mixture was formed at the spark-
plug and spark-plug ignited according to the Schlieren images. (Tspark=spark-plug ignition
timing, Tasoi=time after start of injection, Pamv=ambient pressure)

3.2 Double Injection Jets

Figure 6 presents a series of high-resolution images captured using both Schlieren and PLIF
techniques, depicting the behavior of a gas jet from an injector tip to the vicinity of a spark plug
in a chamber experiment. The first image on the left shows a raw Schlieren capture, which
highlights density variations in the gas flow as white areas against a grey background, indicating
the intricate flow dynamics near the injector tip. The center image, captured using PLIF, illu-
minates the hydrogen distribution in green hues, facilitated by the fluorescence of the gas under
laser stimulation, pinpointing the concentration and movement of hydrogen around the spark
plug. The rightmost image combines these two techniques into a post-processed overlap, where
the Schlieren data provides a grey-scale background and the PLIF data overlays it in a color-
coded format, with red indicating denser hydrogen concentrations and green showing lesser
concentrations. This composite view allows for an integrated analysis of both flow dynamics
and chemical composition at a critical moment in the combustion process, offering valuable
insights into the interaction between the gas jet and the spark necessary for ignition.

)
\rb’cgor = PLIF

Grey = Schlieren

Spark plug

Figure 6: Raw Schlieren Image (left), PLIF Image (center), and Post-Processed Overlapped Image
(right). Overlap images are not from the left and center images. Fix this problem.

Figure 7 displays a plot comparing the measured areas of a single injection hydrogen jet
using two different imaging techniques. The data points, represented by red circles for Schlieren
areas and black squares for PLIF areas, indicate the extent of the hydrogen jet captured by each
method at various experimental conditions. The plot demonstrates that the areas measured by
PLIF are consistently smaller compared to those measured by Schlieren, suggesting that while
Schlieren imaging captures a broader range of density variations in the gas flow, PLIF provides
a more concentrated view, focusing on the regions with significant hydrogen concentrations.
This difference is significant for understanding the distribution and concentration of hydrogen
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in experimental setups, highlighting the complementary nature of these imaging techniques in
capturing detailed dynamics of the hydrogen jet during injection processes.
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Figure 7: Measurement of the area of a single hydrogen jet injection using Schlieren and PLIF.

Further observations of hydrogen jet structures have elucidated the emergence of a toroidal
vortex ring similarly observed in Lee [10] as seen in Figure 8. This ring-shaped vortex forms
due to the pressure differentials at the edges of the hollow-cone-shaped jet and is typically
observed ascending post-injection. Despite hydrogen's high diffusion rate, the structure tends
to collapse and contract more significantly under elevated atmospheric pressure conditions.
This phenomenon is likely due to the hydrogen's relatively low structural rigidity, which makes
it more susceptible to external pressure influences.

asSOl

Figure 8: Sequence of single jet acetone-PLIF images under conditions of an ambient pressure of 1.5
MPa, injection pressure of 10 MPa, and injection duration of 1000 ps. Note: The images represent multi-
ple events, not a single continuous jet.

Figure 8 also illustrates the time-resolved evolution of an acetone-seeded hydrogen jet
ejected from a hollow cone injector. This sequence of images, recorded at incremental times
from 200 to 900 ms post-injection, provides a detailed view of the dynamic formation and ex-
pansion of a toroidal vortex within the jet. The images show the transformation of the hydrogen
jet, which is initially tight and focused, into a broader, ring-shaped structure as it propagates
through the ambient environment. The distinct green fluorescence of the acetone allows for
clear visualization of the jet’s morphology and the vortex dynamics. This evolution is captured
under specific experimental conditions with an ambient pressure of 1.5 MPa and an injection
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pressure of 10 MPa. The detailed progression reveals insights into the fluid mechanics of gas
injection and mixing, highlighting the effects of injector design and pressure differential on the
spatial distribution and behavior of the jet. This visual documentation is crucial for understand-
ing the complexities of hydrogen dispersion and mixing in combustion applications.

Figure 9 (left) illustrates the area covered by hydrogen as a function of laser timing relative
to the end of injection (aEOI), across various split ratios in double injection and a single injec-
tion scenario. The single injection (black line) serves as a baseline, showing a steady increase
in hydrogen spread from -200 us to 400 us aEOI. In contrast, the double injection with a 3:7
split ratio (green line) starts with the lowest coverage but experiences a significant expansion
as the cycle progresses, likely due to a greater volume being injected later, enhancing late-stage
mixing. The 5:5 split ratio (red line) demonstrates a balanced expansion, starting moderately
and finishing with the highest coverage by 400 us, suggesting that an even split optimizes hy-
drogen dispersion throughout the cycle. Meanwhile, the 7:3 split ratio (blue line) starts strong
due to a larger initial injection volume, with a sharp increase up to 200 ps, after which it plateaus,
indicating early cycle saturation. The trends suggest that a balanced 5:5 ratio might provide the
most effective hydrogen coverage, enhancing combustion efficiency, while the skewed ratios
(3:7 and 7:3) could be optimized for specific engine dynamics to target early or late injection
benefits.
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Figure 9: Calculation of jet area from PLIF images, analyzed by split ratio (left) and dwell time (right).

Measurements were taken under conditions of 1.5 MPa ambient pressure, 10 MPa injection pressure, and

an injection duration of 1000 ps. The right panel specifically examines area evolution under various dwell
times at a constant split ratio of 3:7.

Figure 9 (right) demonstrates how the area affected by a changes in the dwell time between
two injections at different end-of-injection (EOI) timings. It features curves for different dwell
times: 200 ps, 600 ps, 1000 us, and a single pulse configuration. In the single pulse setup, there
is a steady, moderate increase in area from -200 ps to +400 us aEOI, illustrating a consistent
expansion effect. For the 200 ps dwell time in double injections, the area shows a linear and
gradual increase, eventually equating to the single shot area at an aEOI of 400 ps. This suggests
that while shorter dwell times influence the early stages of jet formation, their long-term impact
is minimal. In contrast, the 600 ps and 1000 ps settings show more pronounced increases in
area, particularly from 0 ps to +400 pus aEOI. The longer dwell times facilitate clearer and more
effective impacts, attributed to the interaction where the second injection significantly influ-
ences the expansion caused by the first, due to slower dynamics. Overall, this graph highlights
that longer dwell times enhance the impacted area, likely due to more favorable fluid dynamics
and the maximization of injection momentum.
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The PLIF area measurements conducted using surrogate fuels alongside single injections of
helium and nitrogen provided valuable insights into the interaction between acetone and fuel
diffusivity. Figure 10 provides a comparative analysis of the area affected when using different
gases as spray mediums: hydrogen (H2), nitrogen (N2), and helium (He). It clearly shows that
the area increases with the timing of laser activation (aSOI in ps) across all three gases. How-
ever, the growth patterns and final areas slightly vary by medium.
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Figure 10: Jet area variation (left) with different surrogate medium and PLIF structures (right).

Helium demonstrates the steepest increase in area, particularly noticeable beyond 1000 ps,
suggesting it is the most reactive or has the highest expansion rate under these conditions. Ni-
trogen displays moderate growth, maintaining a steady progression throughout the range. In
contrast, hydrogen, although initially following a pattern similar to nitrogen, begins to show a
slightly slower increase in area beyond 1500 ps. This analysis indicates that the physical prop-
erties of the gas, such as density and atomic/molecular structure, influence the expansion and
distribution of the spray when interacting with the laser.

Although hydrogen, with a diffusivity of 1.04 x 10~ Pa/s at 374 K, exhibited the highest
diffusivity, its jet area was smaller than that of helium (2.32 % 107° Pa/s) but larger than nitrogen
(2.12 x 1073 Pa/s). These findings suggest the potential for using helium and nitrogen as surro-
gate fuels for hydrogen in non-combustion applications to reduce the risks associated with hy-
drogen's explosive nature.

The acetone PLIF images in Figure 10 (right) reveal distinctive jet structures for the three
different spray gas media: hydrogen, helium, and nitrogen. In the case of hydrogen, the jet
structure is notably expansive and exhibits a clear toroidal vortex, indicative of high reactivity
and rapid mixing characteristics. Helium, in the middle image, also shows a pronounced toroi-
dal vortex structure but with slightly less spread than hydrogen, suggesting efficient but some-
what lesser mixing compared to hydrogen. This is likely due to helium's lower density and
higher diffusion rate. Lastly, the nitrogen image at the bottom depicts a more compact and less
defined jet structure, with reduced visible vorticity and a smoother gradient in the color map-
ping, implying slower mixing dynamics and a denser spray compared to the other gases. This
variation in jet structure across the gases highlights the significant impact that the physical
properties of different media have on the dynamics and morphology of jet sprays.
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4. Conclusions

The utilization of PLIF with acetone has proven highly effective in visualizing hydrogen
distribution during double injection experiments, confirming acetone's suitability as a tracer for
hydrogen vapor and offering valuable insights into cross-sectional distribution, a capability
lacking in Schlieren imaging. Implementing a double injection strategy appears promising for
augmenting jet area and facilitating flammable mixture formation under elevated ambient pres-
sures. Additionally, PLIF imaging suggests that surrogate fuels like helium and nitrogen pro-
vide safer alternatives to hydrogen in non-combustion experiments, with helium recommended
for its ability to replicate hydrogen's toroidal vortex ring. While PLIF enables qualitative as-
sessments of fuel distribution, quantitative analysis requires a fixed reference point for precise
measurements. This research not only underscores PLIF's effectiveness but also sets the stage
for future investigations into injection strategies and safety protocols in hydrogen applications.
Furthermore, the analysis of single jet ignition scenarios highlights the critical importance of
precise timing and accurate mixture positioning for effective combustion, with implications for
optimizing ignition systems to enhance fuel efficiency and reduce emissions. Conversely, mis-
fire scenarios underscore the challenges in achieving reliable ignition, emphasizing factors cru-
cial for maximizing combustion efficiency in hydrogen-based systems. Observations of toroidal
vortex ring formations deepen understanding of fluid mechanics in hydrogen dispersion, aiding
in injector design and pressure management strategies to improve combustion performance.
Further comparisons of jet expansion dynamics under different injection conditions guide opti-
mization strategies, while evaluations of surrogate fuels emphasize the need for reliable refer-
ence data to refine combustion models and advance hydrogen-based combustion system effi-
ciency and sustainability.
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Hydrogen Lean Mixtures

L. Sforza!, F. Ramognino!, T. Cerri?, G. G. Gianetti', G. D’Errico!, A. Onorati!, J. Gomez-Soriano?, R.
Novella3

! Department of Energy. Politecnico di Milano. Via Lambruschini 4a, 20156 Milano, Italy
2Sursum-Mi s.r.l. Via Durando 38, 20158 Milano, Italy

3CMT — Clean Mobility & Thermofluids, Universitat Politécnica de Valéncia. Camino de Vera s/n, 46022
Valencia, Spain

E-mail: lorenzo.sforza@polimi.it
Telephone: +(39)0223993811

Abstract. The spark-ignition (Sl) engine technology represents a flexible and low-cost solution to deal
with the ongoing decarbonization of the transportation sector. Among the possible energy carriers,
hydrogen (H.) is extremely attractive by virtue of theoretical H,O-only emissions at the tailpipe. However,
harmful pollutants like nitrogen oxides (NO,.) can be easily produced if stoichiometric air-fuel mixtures
are used. Therefore, differently from conventional fuels, ultra-lean operations represent a feasible option
to hinder NO,. production, thanks to the wide Hy flammability range. In this study, a combined 1D-3D
computational fluid dynamics (CFD) investigation is carried out on a research pent-roof Sl engine, fueled
with premixed Hs-air lean mixtures. The 1D study is performed on the full engine layout for a complete
characterization of the thermal and fluid-dynamic processes in intake and exhaust systems. Then, a 3D
analysis is accomplished focusing on the combustion chamber and a small portion of the intake/exhaust
manifolds, where at open ends time-varying boundary conditions are imposed from 1D simulations.
Different levels of mixture dilution and load are investigated at constant engine speed. The purpose
is twofold: validating the adopted numerical methods and providing insights on the engine design in
terms of gas-exchange process and hydrogen lean-combustion development. The achieved results
showed a significant impact of the dynamic effects inside the intake/exhaust systems on the cylinder gas-
exchange process, in terms of exhaust gases recirculation and evolution of the identified tumble motion.
A preliminary combustion investigation on three selected lean conditions showed the capability of both
1D and 3D models in predicting the experimental in-cylinder pressure and heat release traces. Despite a
numerical-experimental difference in terms of trapped mass at closed-valves seemed the major source
of discrepancy, the reliability of the employed 1D-3D combined approach was demonstrated.

1. Introduction

The rapid evolution of the transport sector towards a complete environmental sustainability compels
the usage of renewable and carbon-free energy carriers. In this context, the S| engine technology
presents several benefits for the Ho employment in powertrains. However, several challenges need
to be addressed when hydrogen is used as fuel for internal combustion engines (ICEs) in place of
conventional hydrocarbons. For example, pre-ignition or knocking phenomena could be detected within
the combustion chamber [1], with the sequential progression of pre-ignition and backfire into the intake
manifold.

According to the literature, the exploitation of wide ranges of charge dilution with air or exhaust gas
recirculation (EGR), and even water injections, proved to be advantageous in mitigating knock suscepti-
bility and nitrogen oxides (NOy) emissions [2, 3], while enhancing engine performance and efficiency [4].
Although hydrogen direct injection into the cylinder is the most attractive option, because it overcomes
limitations regarding the volumetric efficiency [5, 6] and a higher probability of abnormal combustion
events [7], the port fuel injection (PFI) solution is still nowadays a largely studied approach. First, it
allows the usage of less specialized and cheaper engine components [8, 9], enabling faster and more
cost-effective the retrofitting of an already existing engine configuration. Second, the PFI eases the study
and optimization of the combustion process inside metal engines, thanks to the reduced uncertainties in
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terms of Ho-air stratification.

Numerical approaches are extremely helpful tools to support the experimental research on H, ICEs.
Indeed, numerical calculations can clarify several thermophysical phenomena that are difficult to be
understood, especially in metal engines.

According to the literature, numerical investigations were carried out since the start of the twenty-first
century. Ma et al. [10] used a zero-dimensional model to calculate the effects of variations in ignition
timing and compression ratio, on the performance of a vehicle’s hydrogen engine. Full-cycle simulations
with a cryogenic PFI strategy were carried out by D’Errico et al. [11,12] with 1D gas dynamic calculations
and a quasi-dimensional combustion model.

Concerning 3D-CFD numerical investigations, Franga et al. [13] selected two lean operating conditions
(A = 1.7 at part-load and ) = 2.5 at full-load) to assess the capability of the SAGE model in predicting
the reaction rate. The effect of injection timing and duration on the homogeneity of Hx-air mixtures was
investigated through 3D-CFD simulations by Pasa et al. [14] on a PFI flat-head four-cylinder Sl engine.

In this work, a numerical investigation of a single-cylinder pent-roof S| engine, where H, is introduced
with a PFI strategy, is carried out by means of a combined 1D-3D CFD analysis. Ultra-lean mixture con-
ditions, with different levels of air dilution and load, are investigated at constant engine speed. Purpose
of this study is, first, to validate the selected 1D-3D methodology. Then, to clarify how the engine archi-
tecture and the selected operating conditions affect the hydrogen lean-combustion development and the
gas-exchange process in terms pressure, trapped mass, flow and turbulence features evolution inside
the cylinder.

2. Experimental setup

The experimental data used to validate the numerical simulations were gathered from tests conducted
on a single-cylinder Sl research engine, previously employed in other research endeavors [5,6]. Table 1
provides an overview of the engine main specifications.

Table 1: Engine specifications.

Number of cylinders 1
Displaced volume 454.2 cm?
Cylinder diameter 82.0 mm
Stroke 86.0 mm
Compression ratio 10.7
Connecting rod length 144.0 mm
Injection systems PFl & DI
Ignition system Spark plug
Valves per cylinder 2 intake, 2 exhaust
Intake Valve opening (IVO)* 340 CAD
Intake valve closing (IVC)* -135 CAD
Exhaust valve opening (EVO)* | 120 CAD
Exhaust valve closing (EVC)* | -338 CAD

*with respect to the firing TDC (0 CAD)

This paper focuses exclusively on the PFI configuration. In particular, the injector used is a Zavoli
JET Injector designed for gaseous fuels, featuring a maximum working pressure of 4.5 bar, a working
temperature range from -40°C to 120°C, and a discharge nozzle diameter of 3 mm.

Hydrogen was stored in pressurized tanks and routed through a pressure discharge control system
before being delivered to the injector. The injector discharge passes through a 4 mm diameter, 100 mm
long tube before being connected to the intake manifold via a T-junction.

The test cell configuration, including pressure and temperature measurement points, fuel injection, and
positioning of additional control and measurement instruments, is depicted in Fig. 1. In-cylinder pres-
sure was monitored using a Kistler piezoelectric transducer, while piezoresistive pressure sensors were
employed to measure average flow pressures. Air mass flow was quantified using a Kromschroeder
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volumetric airflow meter, and hydrogen mass flow was tracked utilizing a Bronkhorst F-113AC-1MO0-
AAD-55-V sensor.
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Figure 1: Test bench layout.

The experimental setup incorporates an online combustion diagnostic software (INDICOM). This soft-
ware enables real-time monitoring and maintenance of stable values for critical combustion parameters
such as indicated mean effective pressure (IMEP), heat release rate (HRR), and combustion phasing
(CA50). Further details regarding the test facility equipment and testing methodology can be found in
the relevant literature citations.

The set of operating conditions outlined in Table 2 was specifically chosen for the numerical investigation
presented in this work.

Table 2: Set of operating points used in this study.

Operating conditions | Engine speed Engine Load A | Spark-timing
(0C) [rpm] type IMEP [bar] | [-] [CAD]
L2.6LL 1500 Low load (LL) 5.1 2.6 -20
L2.4ML 1500 Mid load (ML) 8.5 2.4 -24
L2.6ML 1500 Mid load (ML) 8.5 2.6 -26
L3.0ML 1500 Mid load (ML) 8.7 3.0 -32
L3.4ML 1500 Mid load (ML) 8.6 3.4 -36
L2.6HL 1500 High load (HL) 11.2 2.6 -30

3. Numerical models

3.1. 1D thermo-fluid dynamic model

A discrete system of 1D pipes, characterized by variable cross-sections, is selected to model the en-
tire engine configuration. The unsteady behaviour of the compressible and reacting flow, which evolves
inside the engine, is described by solving conservation equations for mass, energy, momentum and
species mass fractions, assuming the fluid as a mixture of ideal gaseous species. This quasi-linear hy-
perbolic system of partial differential equations is solved by means of shock-capturing numerical meth-
ods [12,15].
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Combustion is modelled according to a Two-Zone model [16], which considers the closed-valves domain
as divided into two homogeneous control volumes: the burned and unburned mixtures.

The ignition delay is predicted through a polynomial function, which takes into account the effect of the
mixture composition and whose coefficients were identified in previous studies performed on Sl engines
fuelled with hydrogen [12,17].

The heat released by the premixed flame propagation is modelled as source term of burned mixture:

Wy = pu 1St (1)

where A; is the unstretched laminar flame surface and p,, the unburned gas density. S; is the turbulent
flame speed, which is estimated according to Zimont correlation [18]:

/075 0.95
S = Aa0.25 L™V Su (2)

Here, a,, is the unburned mixture thermal diffusivity, «’ the turbulence intensity and L, the integral length
scale, while A is a model constant which requires a slight calibration. The laminar flame speed S, is
estimated as:

Su = C'()SuO (3)

where the unstretched laminar flame speed S, value is retrieved from a lookup table on the basis of
the local thermodynamic conditions and mixture properties. The lookup table is built from 1D laminar
flame speed calculations at constant-pressure conditions. The parameter Cy, instead, is introduced
to model the strong hydrodynamical instability observed on lean Hs-air flames under typical engine
conditions [19]. According to Berger [20], Cy is calculated

Su ¢ Yo Tu VT D Tp
=14 (=% —1)(— = 4
Co * <SUO r ) ((br) Tu,r DPr ( )
as function of the local air-to-fuel ratio ¢, unburned mixture temperature T, and pressure p, on the basis
of the following reference conditions: 5—;}’ =27m/s, ¢, =0.5,T,, =298 Kand p, = 1 bar.

Inside the combustion chamber, the wall heat transfer (WHT) is modelled by means of Woschni approach
[21].

3.2. 3D model for gas-exchange and combustion

The 3D-CFD simulations are carried out by means of an unsteady Reynolds-averaged Navier-Stokes (U-
RANS) approach, in which transport equations for mass, momentum, energy, turbulence and species
mass fractions are solved. Time-varying boundary conditions of pressure and temperature are imposed
at the open surfaces of the 3D domain, on both the intake and the exhaust pipes. This allows to mimic the
dynamics of the average-cycle gas exchange process, without modeling the whole engine schematic.
Fig. 2 depicts the structure of the employed combustion model for 3D-CFD simulations.

The flame front propagation is modelled by solving a transport equation for the regress variable b (un-
burned gas fraction) [22]

P81 (pOB) + 7 (17B) = P3NV + ©)

where p; is the turbulent dynamic viscosity, while U is the flow speed.
Ignition is included in Eq. 5 by the additional source term

Cyspub

Atign

Wign = (6)
according to the simplified deposition model employed in [23]. The parameters C, and At;,, allow to
calibrate both the strength and the time-duration of the energy released by the ignition system, respec-
tively.
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Figure 2: Structure of the 3D model used for the combustion stage prediction.

The reaction rate of the premixed combustion is modelled in Eq. 5 (first right hand side term) according
to the flame area evolution (FAE) model. Here, the flame wrinkle factor =, which represents the turbulent
to laminar flame speed ratio S;/S.,, is modelled according to the one-equation approach [24]:

H=f- Eeq (7)

The laminar-to-turbulent transition process, taking place after the ignition event, is modeled by the f
parameter, whose value is computed according to Herweg and Maly [25] and where the kernel radius
evolution is estimated through the simplified 0-D sub-model proposed by Sforza et al. [23].

The equilibrium wrinkle factor =, of Eq. 7 is modelled according to Peters [26]:

asb? L\ 2 u' L 12
43 Ly 2 ' Lt
(2b1 61) by, 511 (®)

a4 b% Lt

—eq 2, 0,

where a4 = b3 = 0.78 and b; = 2.3 are model constants taken from [26] and slightly calibrated.
The S,, value is predicted consistently to the 1D approach displayed in previous sub-section (Eqgs. 3 and
4), while the chemical composition is estimated as

Vi=b-Yui+(1-0) Y, 9)

where the mass fraction of each species is calculated as function of its values in the burned Y, and
unburned state Y,,, according to the local b value. Both Y, and Y,, are retrieved from a specific lookup
table, where the Y}, value is recovered at equilibrium conditions.

4. Numerical setup

The 1D study of the selected Sl engine is carried out with Gasdyn, a software developed by the authors
and already validated also on H,-fuelled ICEs [12,27].

The 1D engine schematic is built according to the experimental test bench of Fig. 1, but including a
few simplifications on both the intake and exhaust systems. Fig. 3 displays a portion of the 1D model
schematic as shown by the software graphical user interface (GUI).

The 1D computational grid is characterized by different resolutions along the engine schematic. In
particular, a base cell size of 10 mm is employed over all intake and exhaust pipes, while a specific
refinement is applied in between the H, PFI and the cylinder, where the mesh grid is reduced to 2.5 mm.
All 1D simulations are carried out by imposing pressure and temperature boundary conditions at both
inlet and outlet ends of the engine, resorting to the available measured values. Similarly, the wall tem-
peratures of the combustion chamber (piston, cylinder head and liner) are retrieved from experimental
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Figure 3: 1D model schematic used on Gasdyn software: zoom over the cylinder and the PFI location of hydrogen.

measurements. In particular, 15 consecutive engine cycles are simulated for each operating condition
of Table 2, imposing as simulations target the experimental A value.

For what concerns the power-cycle simulation, turbulence is considered by means of the K-k model [28],
while pressure is assumed homogeneous inside the whole closed-valves domain.

The lookup table for the S, calculation (Eq. 3) is generated through a series of 1D laminar flame
speed calculations performed in the OpenSMOKE framework [29] at constant pressure p, unburned
gas temperature T, and fuel-to-air equivalence ratio ¢ conditions. The p, T,, and ¢ values are then
varied within the following a-priori defined intervals, in order to cover all thermodynamic states of the
investigated operating conditions. As preliminary assumption, the EGR effect on the S, calculation is
neglected.

The 3D gas-exchange process is simulated inside a domain which includes only the cylinder and a small
portion of both intake and exhaust manifolds, as shown by Fig. 4a. The dynamic behaviour of the whole
engine system is properly considered by imposing 1D time-varying pressure and temperature conditions
at the open ends of the considered volume (inlet and outlet sections of Fig. 4a). Moreover, an additional
saving of the computational effort is achieved by exploiting the symmetrical features of Fig. 4a region,
with respect to the Y-normal plane crossing the spark-plug. The resulting halved 3D domain, which is
used in this work, is represented over two views in Fig. 4b, with the piston positioned at the top dead
center (TDC).

.

Y
-

Exhaust valves
Spark-plug |

~ Intake valves

(a) (b)

Figure 4: Overview of the numerical 3D domain selected for the gas-exchange simulations. (a) Full-domain repre-
sentation. (b) Actual domain used for CFD simulations, represented with the piston at the TDC: side and top views.

A multi-mesh approach is employed to simulate the gas-exchange process. This methodology consists
of two different steps, which are handled with a semi-automatic routine. First, a series of meshes is
created to cover the whole engine cycle. Then, 3D-CFD simulations are carried out over each mesh
previously generated. For more details about this methodology, the reader is referred to [30].

The power-cycle stage, instead, is simulated with a mesh confined to the closed-valve domain, with a
dynamic addition/removal of cells layers to mimic the piston motion.

For the gas-exchange simulations, a hex-dominant base mesh size of 4 mm is employed over the whole
selected domain and maintained in both intake and exhaust ducts, far from the valves. Then, several
refinements are applied to adequately capture the engine geometrical details and the main flow features
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in narrow gaps, as well as inside the combustion chamber. In particular, according to previous studies
[31, 32], inside the cylinder a maximum cell size of 1 mm is ensured to properly model all flow and
turbulence scales. Moreover, inside the gap between each valve and its seat, at least five cells are
guaranteed along the perpendicular direction to the flow velocity field. To satisfy this limit, the smallest
cell dimension is reduced to ~ 50 pm at the minimum lift position, which is assumed equal to 0.25
mm according to Nodi et al. [32]. Finally, a boundary layer of 1 cell is applied to all boundaries of the
considered CFD domain.

£ Time: 40.00 [CAD]]

(a) (b)

Figure 5: Mesh employed for the 3D power-cycle simulation. (a) Actual domain used for CFD simulations,
represented with the piston at the TDC: side and top views. (b) Piston motion simulation: mesh
surface where layers of cells are added/removed (top); mesh with piston at 40 CAD after TDC (bottom).

The modeling of the power-cycle, instead, is carried out with a computational domain confined to the
in-cylinder region, as depicted in Fig. 5a. To maximize the consistency with the gas-exchange modeling,
the engine symmetry with respect to the spark-plug crossing plane is exploited, and a hex-dominant
mesh is generated at the TDC. To accommodate the piston displacement, the dynamic addition/removal
of cells layers is applied from the mesh surface highlighted in the top Fig. 5b. An example of the mesh
structure with the piston positioned far from the TDC is shown by the bottom picture of Fig. 5b.

The gas-exchange simulations are all started at the exhaust valve opening (EVO). At this time instant,
the in-cylinder pressure and temperature values are initialized according to the results retrieved from 1D
simulations, which are carried out prior the 3D analysis and considering the whole engine schematic.
A similar strategy is used for the intake and exhaust manifolds, but pressure and temperature values
sampled nearby the valves seats are used. For what concerns the mixture composition, fully burned
products from perfect oxidation are initialized inside the cylinder and the considered exhaust manifold. A
perfectly homogeneous premixed air-fuel mixture, instead, is assumed inside the intake duct, because
the PFI process is not modelled in this 3D investigation. Both fresh and burned mixtures compositions
are varied over each operating condition, according to A values reported in Table 2.

As previously mentioned, time-varying boundary conditions of pressure and temperature are imposed
at the open inlet and outlet sections, according to 1D simulations results. The experimental values of
wall temperatures are used inside the combustion chamber, while for the intake and exhaust manifold
the wall temperatures assumed during the 1D analysis are adopted.

Turbulence is modelled by means of the standard k-€ model, using the coefficients suggested in the
literature [16]. Scalable wall-functions are applied at the single-cell boundary layer, to model the near-
wall behaviour of turbulence and thermal diffusivity. The same lookup table used for the 1D analysis is
adopted for the S, calculation (Eq. 3), while the lookup table for the burned mixture composition (Eq.
9, Y}, ; values) is generated with homogeneous reactor calculations, as described by Lucchini [33].

The mesh generation and all 3D CFD simulations are carried out with Lib-ICE, which is a set of solvers
and libraries based on the OpenFOAM® open-source platform and where the presented numerical mod-
els are implemented by the authors.



68 L. Sforza, F. Ramognino, T. Cerri, G. G. Gianetti, G. D’Errico, A. Onorati, J. Gomez-Soriano, R. Novella

5. Results and discussion

5.1. Gas-exchange process
5.1.1. Cylinder pressure

To deeply clarify the engine behaviour in terms of in-cylinder pressure evolution, the operating condition
(OC) L2.6ML is selected as reference, because almost central with respect to Table 2 conditions in terms
of both air-fuel ratio (A\) and load (IMEP) variations.
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Figure 6: OC L2.6ML: evolution of the in-cylinder pressure during the gas-exchange process. (a) Comparison
between measured (Exp) and 1D calculated traces, together with 1D pressure evolution nearby intake (P;,: BC)
and exhaust (P..» BC) valves. (b) Comparison between measured (Exp), 1D and 3D calculated traces. Vertical red
lines identify EVO and exhaust valve closing (EVC) instants, while blue ones intake valve opening (IVO) and
intake valve closing (IVC) times (from left to right, respectively). The overlap stage is identified by the orange
area, while the closed-valve phase is highlighted in grey.

Fig. 6a compares the experimental against the 1D pressure traces inside the cylinder, during the gas-
exchange process. As it can be observed, a satisfactory agreement is achieved between measurements
and calculations. The 1D model seems able to capture the dynamic effects produced by both intake and
exhaust systems on the in-cylinder behaviour. In fact, during the exhaust stage (in between the two ver-
tical red lines), the spontaneous discharge process seems to trigger a high-intensity wave effect inside
the exhaust pipe, as predicted by 1D calculations immediately after the exhaust valves (red dashed line,
with initial pressure oscillation amplitude of ~ 0.5 bar). This phenomenon, which is gradually damped
over time, strongly affects the in-cylinder pressure value until the first part of the intake stage. Indeed, by
observing the 1D pressure evolution predicted immediately upstream the intake valve (blue dashed line),
a signal oscillation is started after the IVO instant (first vertical blue line, from left). This generates a
dynamic effect on the intake pipe, which affects the cylinder filling during almost all the intake process.
Finally, it is worth to notice how the in-cylinder pressure value is higher than the intake one during almost
the whole overlap stage (orange area). Therefore, a significant back-flow of exhaust gases is expected
to be conveyed into the intake manifold.

Fig. 6b compares the experimental and the 1D in-cylinder pressure traces against the 3D results. The
1D-3D agreement is excellent, demonstrating how the selected approach for the 1D-3D coupling is
reliable for this engine configuration.

All previous observations discussed for the OC L2.6ML can be similarly extended to other conditions
of Table 2. In particular, 1D simulations demonstrated to be essential in clarifying the dynamic effects
of both exhaust and intake manifolds. These phenomena are observed to be significant for the present
engine configuration and they must be properly captured to replicate the in-cylinder pressure trace.
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5.1.2. Trapped mass

Following the same approach for the in-cylinder pressure analysis, the OC L2.6ML is selected as refer-
ence condition for a detailed analysis of the in-cylinder total trapped mass evolution.
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Figure 7: OC L2.6ML: comparison between numerical 1D (solid lines) and 3D (dashed lines) evolution of the in-
cylinder trapped mass (in green), together with the in-cylinder pressure trace (in red), during the gas-exchange
process. Vertical red lines identify EVO and EVC instants, while blue ones IVO and IVC times (from left to right,
respectively). The overlap stage is identified by the orange area, while the closed-valve phase is highlighted in grey.

Fig. 7 shows both 1D and 3D results in terms of in-cylinder trapped mass evolution during the gas-
exchange process (green curves). An overall agreement between 1D and 3D results is observed,
proving the consistency of the employed 1D-3D coupling. This is true despite a small discrepancy is
detected nearby the IVC (vertical blue line on the right), which can be attributed to differences in terms
of discharge coefficient across the intake valves seats.

Focusing, instead, on the exhaust stage (in between the two vertical red lines), after the spontaneous
discharge process (from EVO to 200 CAD) an in-cylinder mass increase can be observed in the 200-230
CAD time frame. This is caused by the pressure dynamic effect in the exhaust pipe, previously observed
in Fig. 6a, which reverses the flow direction back to the cylinder, causing the pressure rise shown by the
red curves between 200-250 CAD (Fig. 7).

Another aspect that needs to be clarified is the cylinder scavenging during the overlap stage. Looking
at the orange area of Fig. 6a, it can be observed a positive pressure drop from the exhaust to the intake
pipes (from red dashed line to the blue dashed line, respectively) over the whole phase. This generates a
recirculation of the in-cylinder exhaust gases into the intake manifold, encompassing the entire overlap
stage. As a consequence, the in-cylinder volume scavenging is not properly fulfilled, with an internal
EGR amount estimated by 1D calculation between 3% and 4.7% for the selected operating conditions
(Table 2).

Finally, by observing the green lines of Fig. 7 near the IVC time (vertical blue line on the right), a weak
reverse flow back to the intake pipes can be noticed. This is caused by the combined influence of an
in-cylinder pressure increase (compression stroke has started) and a negative phasing of the dynamic
effects inside the intake pipe (local descending pressure), as shown by Fig. 6a near the vertical blue line
on the right.

The present phenomenon, as well as previous observations discussed for the OC L2.6ML can be ex-
tended to other conditions of Table 2.

Fig. 8 compares the measured and the calculated in-cylinder trapped mass values over each OC,
showing how the experimental trend (black bars distribution) is consistently captured by both 1D and
3D numerical simulations. From a quantitative point of view, computed results always overestimate
the measured value. As reported in Fig. 8b, 1D simulations over-predict the experimental in-cylinder
trapped mass in between 2% (L2.6ML) and 7% (L2.6LL). This differences are mirrored to 3D simulations,
on the basis of the 1D-3D coupling. In fact, the blue bars trend is consistent with the red bars one, but



70 L. Sforza, F. Ramognino, T. Cerri, G. G. Gianetti, G. D’Errico, A. Onorati, J. Gomez-Soriano, R. Novella

1200 12

W Exp W 1D vs. Exp
. 1000 — m 3D vs. Exp
) X
£ = E3Dvs. 1D
o 800 <]
g 5
£ 2
g 600 g
£ o
= L)
E 400 E
- 9
200 pe
0
L2.6LL  L24ML  L2.6ML  L3.0ML L3.4ML  L2.6HL L2.6LL L2.4ML L[2.6ML L3.0ML L3.4ML L2.6HL

(a) (b)

Figure 8: Comparison between values of in-cylinder total trapped mass. (a) Comparison between measured (Exp.),
1D and 3D calculations. (b) Relative discrepancies of 1D-Exp, 3D-Exp and 3D-1D values.

characterized by a higher discrepancy towards the measured reference. This aspect is motivated by the
1D-3D misalignment previously discussed for the OC L2.6ML near the IVC (green lines of Fig. 7), which
slightly varies between 2.2% (L3.4ML) and 3.8% (L2.6ML) among the studied conditions (green bars).

5.1.3. Cylinder flow and turbulence features

In accordance to previous discussions, the OC L2.6ML is selected as reference condition for a deep
understanding of the in-cylinder flow motion and the related turbulence evolution.
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Figure 9: OC L2.6ML. (a) Comparison between the tumble ratio calculated on the: 3D-CFD cylinder domain of Fig.

4b (black); plane crossing the spark-plug (red); plane crossing the exhaust/intake valve axis (blue). (b) Comparison

between the tumble ratio calculated on the overall cylinder domain (black) and the average in-cylinder turbulent

kinetic energy (red). The vertical red line identifies the EVC instant, while blue vertical lines the IVO and IVC times

(from left to right, respectively). The vertical black line spots the spark-timing. The overlap stage is identified by the
orange area, while the closed-valve phase is highlighted in grey.

Fig. 9a reports the tumble ratio (TR) evolution inside the cylinder, shown from the IVO (first vertical blue
line, on the left) to the spark-timing (vertical black line). In particular, different approaches and positions
for calculating the TR are employed and compared. The total tumble value (black line), calculated
considering the energy of the whole 3D-CFD cylinder domain of Fig. 4b, is plotted against the TR (red
line) computed on the plane crossing the spark-plug (namely, the symmetry plane of Fig. 4b) and the
TR (blue line) evaluated on the plane crossing the exhaust/intake valve axis (shifted of 18.5 mm from
the symmetry plane of Fig. 4b).

First, during the overlap stage (orange area), a significant discrepancy is o bserved among the three

Turbulent Kinetic Energy [m?/s?]
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values, with the most intense tumble motion detected under the exhaust/intake valves plane. This is
caused by a clock-wise tumble motion, which is generated prior the EVC (vertical red line of Fig. 9a).
After the EVC, instead, the evolution of the total tumble ratio becomes fully consistent with the one
calculated on the valves plane, with a reversal of rotation if compared to the overlap phase (change of
sign). On the other hand, the TR value estimated on the spark-plug plane is always lower than the total
one, becoming almost negligible at the spark-timing (Fig. 9a, vertical black line). This demonstrates how
the overall tumble features of this 4-valve engine architecture, calculated considering the total domain
energy, are mainly driven by the flow characteristics under the exhaust/intake valves group from EVC to
spark-timing.

Fig. 9b compares the evolution of the turbulent kinetic energy inside the cylinder (red line), together with
the total TR trace (black line). As it can be observed, three different peak values can be detected. The
first, during the overlap phase, is related to the generation of the clockwise rotating tumble. The second,
in the middle of the intake stage (=450 CAD), is produced by the formation of the counter-clockwise
rotating tumble. The third one, instead, is observed near the spark-timing and it is caused by the gradual
decay of the tumble motion created during the intake process (Fig. 9b, between 650 and 700 CAD).
The present results, as well as previous observations discussed for the OC L2.6ML can be similarly
extended to other conditions of Table 2.

5.2. Combustion analysis

In the light of the discrepancies in terms of in-cylinder trapped mass between computed results (both 1D
and 3D) and experimental measurements, previously identified by Fig. 8b, a preliminary analysis of the
combustion process is carried out only on selected OCs. The purpose is to clarify if the employed 1D
and 3D numerical combustion models are able to mimic the experimental observations in presence of
lean hydrogen-air mixtures, while a comprehensive analysis of all conditions of Table 2 is left to a future
work.

In particular, to maximise the numerical-experimental consistency in terms of energy amount available in
the cylinder during the closed-valves phase, the 3D temperature field at the IVC is re-scaled to match the
experimental total trapped mass value. On the other hand, 1D power-cycle simulations (15 consecutive
cycles) are performed without any modifications on IVC conditions, to assess the model capabilities in
predicting the overall steady-state behaviour of each OC of Table 2.

Top row images of Fig. 10 compare the measured pressure traces inside the cylinder against 1D and
3D results, in presence of an increasing air dilution (from left to right). For the sake of clarity, here
crank-angles are shifted of 720 CAD with respect to previous figures, to center the 0 CAD value with the
studied TDC of firing.

First, from experiments, it can be observed an almost similar pressure evolution over the three selected
OCs, in terms of phasing and magnitude of each peak value, as well as general shape of the curve. This
is consistent with the target of the experimental campaign, where modifications on the spark-timings
(Table 2) and of the intake/exhaust conditions are applied to fulfill the same IMEP. Concerning the
numerical results, both 1D and 3D approaches seems able to replicate with a satisfactory accuracy the
experiments, despite a few discrepancies.

To clarify the 1D-3D predicting capabilities of the different stages of the combustion process, also identi-
fying possible aspects that need improvement, the AHRR traces are reported in the bottom row images
of Fig. 10. These results are calculated by means of the same post-processing approach on both
experimental and numerical pressure traces, to ensure consistency.

The prediction of the laminar-to-turbulent transition stage seems much more accurate in 3D simulations,
with a smooth initial ramp-up of the heat release rate. On the contrary, a sharper variation is detected
on 1D results.

Moving to the turbulent combustion stage, observed over all cases in the -20/0 CAD interval, both 1D
and 3D models show a tendency in underestimating the AHRR growth rate by increasing the air dilution
(moving from picture (d) to (f)). This can be ascribed to an underestimation of the laminar flame speed
under such air dilution values. In fact, the correlation proposed by [20] (see Eq. 4), used to model the
thermo-diffusive instability effects of lean hydrogen flames, was developed for air-fuel ratios limited to
A< 25.

It is worth to observe how the AHRR peak values estimated by 3D simulations are much more consistent
to experimental data, if compared to the 1D model predictions. In particular, the most significant 1D-
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Figure 10: Impact of the air-dilution on the combustion process at fixed load conditions (\ effect at mid load).
Comparison between experimental measurements (dashed black lines), 1D (red lines) and 3D (blue lines) results in
terms of pressure trace (top row) and apparent heat release rate (AHRR) (bottom row) evolution. The air dilution is
increased from left - (a) and (d) images - to right - (¢) and (f) images. The vertical black line spots the spark-timing.

experimental discrepancy is detected for the OC L2.4ML (Fig. 10d). This aspect can be attributed to
differences in terms of in-cylinder energy content, being condition L2.4ML characterized by the highest A
value and the maximum total trapped mass error (see Fig. 8b, red bars) among medium load conditions.
Finally, the modeling of the combustion completion stage seems significantly affected by the accuracy
in reproducing the previous turbulent combustion stage and the related peak value of AHRR. This is
demonstrated by the numerical results of Fig. 10d, where the 3D-experimental agreement is excellent,
while 1D results are significantly affected by the longer turbulent combustion stage, hence higher AHRR
peak.

According to the achieved results, this preliminary analysis showed an overall satisfactory capability
of both 1D and 3D models in predicting the experimental combustion process, when lean hydrogen
mixtures are employed. Nevertheless, the 1D-experimental discrepancy in terms of total in-cylinder
trapped mass showed to be the most impacting aspect on the results accuracy. Therefore, this issue
must be addressed by future works.

6. Conclusions

In this work, an hydrogen-fuelled Sl engine, characterized by a pent-roof architecture and a PFI strategy,
is studied with a combined 1D-3D CFD investigation. The 1D analysis involved the entire engine layout,
while 3D simulations are carried out on a confined domain including the combustion chamber and a
small portion of the intake/exhaust manifolds. The 1D-3D coupling is fulfilled by imposing 1D time-
varying boundary conditions at the open ends of the 3D domain.
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The selected approach is validated against experimental measurements of in-cylinder pressure evolution
and total trapped mass at closed valves of six different operating conditions, where variations of air
dilution (\) and load (IMEP) are separately studied. Despite 1D simulations over-predict the experimental
in-cylinder trapped mass in between 2% and 7%, the agreement in terms of pressure evolution during
the gas-exchange process is rather satisfactory.

The employed strategy to couple 1D and 3D simulations demonstrated to be reliable for this engine
configuration. Both 1D and 3D in-cylinder pressure trends showed to be almost identical during the
gas-exchange process. A small discrepancy is only observed in terms of total trapped mass at the IVC,
which can be attributed to differences in terms of discharge coefficient across the intake valves seats.
Therefore, the achieved 1D-3D results are used to provide insights on the engine design in terms of
gas-exchange process and hydrogen lean-combustion development. During the gas-exchange phase,
the dynamic effects of both exhaust and intake manifolds play a significant role in terms of exhaust gases
recirculation and evolution of the identified tumble motion. In particular, the in-cylinder volume scaveng-
ing is not properly fulfilled during the overlap stage, because a negative phasing of the pressure wave
inside the intake pipe produces a back-flow of exhaust gases into the intake manifold. This generates
a clock-wise tumble motion inside the cylinder, prior the EVC. Afterwards, when the fresh air-hydrogen
mixture starts to flow inside the cylinder, a reversal of tumble rotation is observed. The tumble ratio TR
value, estimated on different planes, demonstrated how from EVC to spark-timing the overall tumble fea-
tures are mainly driven by the flow characteristics under the exhaust/intake valves plane, instead those
under the central spark-plug.

The combustion process is finally investigated on selected operating conditions, characterized by the
same load but different air dilution values. This preliminary analysis showed an overall satisfactory ca-
pability of both 1D and 3D models in predicting the experimental observations in terms of pressure and
heat release rate evolution, which demonstrated to be almost similar over the three selected operating
conditions. Despite the thermo-diffusive instability effects seem underestimated on the computed lam-
inar flame speed enhancement, especially when A > 2.5, the major source of discrepancy is believed
to be introduced by the 1D-experimental difference in terms of total in-cylinder trapped mass. However,
both aspects must be addressed by future works.
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Abstract.

The need to reduce CO2 emissions is pushing worldwide authorities into tightening emission
standards, especially for the transportation sector. If Battery electric vehicles is probably the best solu-
tion of passenger cars, utility vehicles with its high energy demand are looking for other solutions. While
keeping the assets of internal combustion engines, researchers are studying many alternative fuels to
Diesel. Hydrogen, which is the most abundant element in nature, and which can be obtained with re-
newable energy sources, and, most importantly, can be tuned with the very low emission values, is
regarded as the fuel of the future.

HORSE is preparing the adaptation of current Diesel 2L engines to hydrogen in a very lean
combustion mode (lambda >2). In this paper, the effects of some combustion chamber design parame-
ters are studied. Unlike gasoline fuel, combustion speed does not have to be improved with hydrogen
as the laminar combustion speed is high. Thus, the optimization is more focused on hydrogen mixing
process. Indeed, a good mixing allows to decrease auto-ignition risks and engine out NOx formation,
the two Achilles heels of Hydrogen Internal Combustion Engine. Thus, we define some key metrics to
qualify the mixing while keeping an eye on turbulence production close to the ignition event. We describe
how we survey the rich zones, and especially close to hot surfaces — as they must be minimized.

After reproducing hydrogen jets characteristics in bombs, a parametric optimization of the com-
bustion system (location of injector, combustion chamber shape, piston shape, intake ports, injector cap)
is performed using unsteady 3D Computational Fluid Dynamics calculations with physical models de-
veloped and calibrated for hydrogen injection. We are describing the detailed effects of some design
parameters on the mixing during compression stroke and their consequences on the key criteria.

In conclusion, such 3D Computational Fluid Dynamics process is proven as a great tool to pro-
vide valuable information of the entire hydrogen mixing process and to select the most promising con-
figurations.

Notations

ICE Internal combustion engine.

LCV Light commercial vehicle

PEMFC Proton-Exchange Membrane Fuel Cells
CFD Computational fluid dynamics

CR Compression Ratio

TKE Turbulent Kinetic Energy

H(x) Mean value of x parameter

a(X) standard deviation of x parameter
® Richness in H2 of mixture

A=1/¢  Air excess of the mixture
TDCF  Top Dead Center Fire

\Y Combustion chamber volume
Vi<t6  Volume in combustion Chamber where local 7 <1.6
@ Angular speed

L Angular momentum
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1. Introduction

As technology advances, there's a global surge in the number of vehicles on the roads. However, a
considerable portion of these vehicles still relies on fossil fuels. This reliance has triggered a surge in
fossil fuel consumption, resulting in a rapid depletion of these resources. Consequently, developed na-
tions, facing high energy demands, are exerting increased pressure on countries abundant in fossil fuel
reserves to meet their energy needs, often leading to destabilization in these regions [1,2].

The utilization of alternative fuels in internal combustion engines has gained increasing significance
in contemporary times. This trend is primarily driven by the rising demand for fuel alongside the prolif-
eration of vehicles, coupled with the introduction of emission standards by certain countries. Among the
various alternative fuels under investigation by researchers, hydrogen stands out as a promising candi-
date. It is the most abundant element in nature and can be procured from renewable energy sources,
offering exceptionally low emission levels. For instance, projections from the French oil market report
suggest that by 2050, approximately 25% of passenger vehicles and 20% of non-electric rail transport
could be powered by hydrogen, potentially reducing daily oil consumption by up to 20% [3,4]. Similar
initiatives promoting the use of hydrogen are evident in other nations as well. However, the widespread
adoption of low-carbon or carbon-free alternative fuels like hydrogen necessitates the establishment
and commercialization of adequate infrastructure. Hydrogen not only serves as a source of energy ca-
pable of mitigating carbon-based emissions but also boasts high energy efficiency. Moreover, aside
from its role as an energy carrier, hydrogen is poised to emerge as a viable alternative to petroleum in
the foreseeable future, owing to its ability to be generated from renewable energy sources [5] [6] [7].
ICE engine with hydrogen could be an economical solution interesting for LCV as it is using the same
industrial assets of current Diesel or gasoline thermal engines while achieving the requested high power.
Moreover, H2 ICE have less purity demand than the alternative solution, PEMFC. In this framework,
HORSE company that is developing worldwide ICE has decided to launch advanced engineering activ-
ities to adapt current Diesel engines to hydrogen combustion. The aim is to keep as much as possible
the industrial asset while achieving very stringent emissions levels (CLOVE B), best-in-class perfor-
mance and efficiency [8][9].

This research, part of this optimization, aims to employ computational fluid dynamics to observe the
progression and enhancement of hydrogen injection, mixing, and combustion within the cylinder. Our
goal is to gain a deeper understanding of in-cylinder flow dynamics and combustion behavior. Through
this investigation, we intend to gather fundamental parameter data crucial for controlling combustion
and emissions in pure hydrogen internal combustion engines (ICE). Additionally, we aim to propose
innovative strategies to advance the practical implementation and development of hydrogen ICE tech-
nology.

The current state of the art in hydrogen internal combustion engine (H2 ICE) technology is marked
by a degree of confusion regarding the optimal methodology for transitioning a conventional internal
combustion engine (ICE) into one that operates on hydrogen. This study endeavors to address this gap
by meticulously investigating several key parameters of design. The primary objective is to delineate a
comprehensive strategy for achieving optimal mixing conditions necessary for the successful transfor-
mation outlined within the conditions. By systematically exploring various parameters and their interre-
lationships, this research aims to contribute valuable insights toward the development of effective meth-
odologies for transitioning ICEs into H2 ICEs [10].

By systematically exploring these parameters, the study aims to:

e Develop a Comprehensive Design Framework: A guideline for engineers to follow when
converting traditional ICEs to operate on hydrogen, incorporating best practices and optimal
settings for each parameter.

¢ Enhance Performance and Efficiency: Insights on how to achieve higher power outputs and
better fuel efficiency without compromising on safety or increasing emissions.

e Reduce Emissions: Strategies for minimizing harmful emissions, particularly NOx, through
optimal design and operational adjustments.

¢ Advance Technological Understanding: A deeper understanding of the interdependencies
between various design parameters and their collective impact on engine performance.
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2. Modeling and key criteria

2.1. Engine specifications

Table 1 Fixed parameters of the 2.0L turbo-

The base of the study is a 2.0L automotive charged direct-injection hydrogen engine.

diesel 4 stroke engine with a flat roof cylinder head,

a direct central injector, intakes ducts design for a | Parameter Value
swirl aerodynamic motion and a classical diesel |Engine Capacity(cc) 2000

bowl piston. The adaptation of this engine to a [Bore 85 mm
H2ICE contains the introduction of a direct H2 [gioke 88 mm
injector, an H2 spark plug, and the adaptation of [conrod 155.5 mm

CR. Table 1 contains information on the engine

. i Piston crank offset 0.5 mm
details that have been fixed. Cylinders 4
Stroke/Bore 1.03
Compression ratio 11:1
Ignition Spark Ignition
Engine speed 1000 — 4500 rpm

2.2. CFD modeling and boundary conditions

The CFD aero and mixing modeling method is based on CONVERGE software and has been
developed to be a compromise between fidelity and computation. The mesh development starts with a
base size of 0.5mm where we add various mesh refinement levels. The different region of our dataset
is illustrated in Fig. 1(b), with corresponding scales detailed in Table 2. Employing distinct refinement
scales within serves to minimize computational expenses and time requirements, all the while upholding
accuracy in computations specially developed for the hydrogen injection. The automatic mesh is limited
to 15 million cells.

Table 2 Mesh refinement scales

Region/physic Scales
H2 injector region
H2 Jet cylinder embedding
Adaptive Mesh Refinement for Velocity
Adaptive Mesh Refinement for H2 species

WIN[B™ A

Intake port Exhaust port

a
(a) Hydrogen  Sparkplug  piston )
nozzle f

Fig. 1 (a) Example of schematic diagram of pure hydrogen ICE 3D model

(b) Example of mesh refinement regions for 3D simulation domain

The solver employed in this study is a widely used RANS k-epsilon model, with adaptation spe-
cifically designed for hydrogen. These adaptations encompass all the unique characteristics and re-
quirements of hydrogen, ensuring the solver effectively captures the intricacies of hydrogen behavior
within the system [11].
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In addressing boundary conditions within specified limits, the adaptation for hydrogen injection
involves employing a pressure inlet featuring a real valve law to accurately replicate the hydrogen mass
flow rate and flow dynamics. Our findings demonstrate that optimizing nozzle pressure, while accounting
for injector pressure loss, and refining cell sizes, contribute significantly to representing the hydrogen jet
with fidelity. Additionally, the simulation's other boundary condition is tied to the operational parameters,
as detailed in Table 3. Specifically, our analysis focuses on the operating point, at 3500 RPM, aligning
with the rated power operating point of our engine. Notably, we exclusively consider the pure lean
lambda 2.5 condition, recognizing its pivotal role as the most constraining condition from a mixing per-
spective. This point is chosen as the worst case for mixing process, less time and high hydrogen quan-
tity.

Table 3 Engine Boundary conditions

Operating point

Rated Power

BMEP 21 bars

Rpm 3500

P admission GT Power output fix
P exhaust GT Power output fix
T admission GT Power output fix
T exhaust GT Power output fix
EGR 0%

Lambda 2.5

Wall Boundary temperature

GT Power output fixed

Valve lifts

As Diesel ones

SOl

After IVC: 570°CA

2.3. Hydrogen (H2) mixing and combustion quality Indicator

To evaluate the effectiveness of different conceptual approaches under scrutiny, it is imperative
to employ indicators that can assess the quality of mixing [12]. Following examination, four relevant
indicators have been identified:

1. Aero level of motion: This usual indicator evaluates the level of tumble or swirl present in the
system, depending on the specific case being studied. A higher level of aero motion at the start
of mixing could indicate a better mixing potential and/or a better turbulence production when the
high level is close to TDC. Swirl and Tumble value are calculation are directly based on Con-
verge Formula as angular speed ratio.

ZD-Z wx
—— (1) & tumble = ——— (2)

ZD-crankshaft zz)-crankshaft

The angular speed on x and z are calculated from the angular momentum, L;, and the moment

of inertia, I;, as:

swirl =

L;
W=7 3)
L

2. Turbulent Kinetic Energy (TKE): TKE assesses the turbulence within the combustion cham-
ber, primarily to gauge the conversion of aero motion into energy for combustion. Consequently,
it serves as an indicator for the combustion process; higher TKE values signify quicker combus-
tion. The value is calculated with Converge formula description as the mass average transported
TKE, as we use a k-epsilon RANS turbulence model.

3. Homogeneity index of the mixture: This indicator measures the homogeneity of mixture within
the combustion chamber. As the mixture distribution, near the TDCF, follows a normal distribu-
tion, the formula is:

a(p)
1- 4

u(p) ®
A value closer to 1 indicates better homogeneity, suggesting statistical proximity to a perfect
mixture.

Homogeneityingex =
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4. High Equivalence Ratio: This indicator quantifies the presence of rich pockets in the combus-
tion chamber using the formula:
Vi<ie
|4

High Equiv Ratio H2 = (5)

From literature [13- 17], it is established that the autoignition probability is increasing a lot when
lambda is below 1.6. This indicator is aiming to check that the mixing process decrease these rich pock-
ets as fast as possible to not let the ignition process to occur during the compression stroke. Lower
values of this indicator are then preferable close to TDCF, with 0 indicating the absence of rich zones.

3. Effects of design parameters

This research is expected to make significant contributions to the field of H2 ICE technology by
providing a clear and evidence-based roadmap for transitioning conventional diesel ICEs to hydrogen
fuel.

3.1. Tumble vs. Swirl.

Starting from a Diesel engine and considering a transition to a different air motion configuration
can be a complex endeavour. In this case, the focus is on conserving the swirl motion, a crucial aspect
in engine performance. The initial question revolves around whether maintaining this swirl motion is
feasible or if a shift to a tumble duct design is necessary, particularly concerning the engine's air motion
into a flat head configuration.

To address this, a comprehensive parametric study becomes essential. This study encom-
passes various factors such as adapting the original port to accommodate the hydrogen injector, opti-
mizing the placement of the spark plug, exploring different injection methods (central or lateral), and
even experimenting with alterations in piston shape.

Through meticulous analysis and testing, it becomes evident that the optimal swirl design di-
verges significantly from the reference tumble design.

——— Tumble ref design Swirl optimized design
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Fig. 2 Comparison between an optimized swirl design and a tumble duct design on H2 mixing.

This conclusion is vividly illustrated in Fig.2, which graphically demonstrates the substantial
deviation in mixing efficiency between the identified swirl design and the traditional tumble reference
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design. In essence, this parametric study underscores the complexity of engine design optimization and
highlights the importance of adaptability and innovation in achieving superior performance and effi-
ciency.

In the case of maintaining a swirl motion within the engine, it's crucial to consider its impact on
the mixing of hydrogen with air. One significant observation is that the piston motion doesn't disrupt the
aerodynamic flow, which, unfortunately, doesn't aid in effectively mixing the hydrogen with the air. Con-
sequently, a substantial portion of the mixture remains excessively rich, as indicated by the High Equiv-
alence Ratio indicator. Additionally, the Homogeneity Index of the richness indicates poor uniformity
throughout the mixture.

Another notable finding is the low Turbulent Kinetic Energy (TKE) during the end of the com-
pression stroke. This signifies that the aerodynamic motion is conserved and doesn't transform into
turbulence. While this may seem beneficial in some regards, it can potentially impact combustion speed.
Although this effect is less pronounced in the case of hydrogen combustion, it remains a factor to con-
sider in overall engine performance and efficiency.

These observations underscore the intricate balance between aerodynamic flow, mixing effi-
ciency, and combustion dynamics in engine design. Achieving optimal performance requires careful
consideration and adjustment of these factors to ensure efficient fuel-air mixing and combustion, ulti-
mately leading to improved efficiency and reduced emissions.

3.2. Lateral vs central injection

As established the most effective aerodynamic motion in this context is the tumble, this chapter
focuses on comparing the impacts of lateral injection and central injection within the same technical
framework. Specifically, we maintain a constant flat cylinder head, identical piston specifications, and
the same port design across all simulations.

Fig.3 clearly demonstrates that lateral injection results in more effective mixing of hydrogen
within the tumble motion compared to central injection. This finding is consistent and reproducible across
various types of tumble duct designs. The alignment of the injection jet with the direction of the tumble
motion significantly amplifies the tumble effect. This enhancement is observed not only during the injec-
tion phase but also throughout the subsequent conversion of tumble into turbulence. This amplification
appears to play a critical role in achieving optimal mixture preparation.

TDCF IuCE

Fig. 3 Comparison between lateral and central injection for a same intake duct on H2 mixing.
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In particular, the high equivalence ratio (indicating regions of overly rich mixtures) decreases
substantially during the compression phase. Concurrently, the Richness Homogeneity Index, which
measures the uniformity of the fuel-air mixture, shows significant improvement. These observations
suggest that the orientation and method of injection profoundly influence the efficiency and quality of the
combustion process, with lateral injection offering distinct advantages over central injection in enhancing
tumble motion and ensuring better fuel mixture preparation.

3.3. Impact of aero motion level

In this chapter, we examine the impact of the aerodynamic motion level, specifically focusing on
tumble motion. To illustrate this parameter, we analyse different tumble levels generated by various
tumble ports (Fig.4), all using the same lateral injector position, the same piston designs, and a flat
cylinder head combustion chamber.

— Ports 1 — Ports 2

Fig. 4 Various intake ports designs

Fig. 5 demonstrates that port 1 performs significantly worse compared to the other solutions
presented; it produces the poorest mixing, with the highest number of rich pockets and the lowest rich-
ness homogeneity index. In contrast, ports 2, 3, and 4, despite generating similar levels of tumble, show
differences in mixing quality. This indicates that the injection process must be well-coordinated with the
tumble generated by the duct design. Our findings suggest that duct design is closely linked to injector
placement in achieving optimal homogeneity.

In addition to studying tumble, we also investigate variations in swirl motion and other aerody-
namic parameters. Our conclusions are consistent across these different types of aero motion: initially,
higher levels of aerodynamic motion improve mixing quality. Subsequently, small variations in aero mo-
tion must be aligned with the injection process to maximize the benefits of aerodynamic motion in gen-
erating a well-mixed fuel-air mixture.
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SA SA

Overall, our study indicates that both the design of the ports and the positioning of the injector
play crucial roles in optimizing the mixture preparation in hydrogen ICEs. By carefully tuning these pa-
rameters, it is possible to achieve significant improvements in combustion efficiency and performance.

Fig. 5 Tumble level impact for a same lateral injection flat head and piston condition on H2 mixing.

3.4. Piston shape design

It is well-documented that the lenticular piston is optimal for a pent roof design. In this chapter,
we extend this analysis to flat roof configurations. To verify this, we conducted comparative tests involv-
ing three different piston designs: Piston 2 with a flat bowl (yellow), Piston 3 with a smooth diesel bowl
(red), and a deep impact piston based on the Piston 1 shape (green). These designs are illustrated in
Fig.6. [18].

e o tumble design ref = e e «Piston 1 Piston 2 e e = < Piston 3
90U 50U SYU 44U 40U 48U I 1{HP4u O/U DUU OSU BOU OYU 7ZU OV
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Fig. 6 Piston bowl illustration

All tests were performed under identical conditions, maintaining the same tumble port configu-
ration, lateral injector position, and a constant compression ratio (CR) of 11. Piston positions were ad-
justed to ensure these parameters were consistent.

The variation in piston shapes resulted in different levels of tumble. Our analysis indicates that
increased tumble correlates with a higher Homogeneity Index and a lower High Equivalence Ratio indi-
cator. These findings confirm that variations in piston shape significantly impact tumble levels, thus af-
fecting the overall performance. Specifically, the results underscore the suboptimal performance asso-
ciated with certain piston shapes [19].
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Fig. 7 Piston shape impact on H2 mixing.

Simulation results, illustrated in Fig.7, reveal significant differences in tumble levels, TKE, high
equivalence ratio, and homogeneity index generated by each piston shape. The tumble profiles (top left
graph) show that all piston designs generate a substantial tumble motion, with Piston 1 (green) produc-
ing the highest tumble peak just before top dead center (TDC). The TKE profiles (top right graph) indi-
cate that Piston 1 (green) maintains higher TKE levels during the critical injection phase, suggesting
more effective energy transfer from tumble motion. The high equivalence ratio profiles (bottom left
graph) show that Piston 1 (green) results in a lower high equivalence ratio, indicating fewer rich mixture
zones and thus a more favorable combustion environment. The homogeneity index profiles (bottom right
graph) reveal that Piston 1 (green) achieves the highest homogeneity index, indicating the most uniform
hydrogen-air mixture. Overall, Piston 2 (green) demonstrates superior performance in generating higher
tumble and TKE, leading to better hydrogen mixing and more homogeneous air-fuel distribution.

This study extends the understanding of piston design impact from pent roof to flat roof config-
urations, emphasizing the importance of optimizing piston shapes for better hydrogen mixing. Piston 1,
with its flat bowl design, showed the most promising results, enhancing tumble, TKE, and mixture ho-
mogeneity, thus improving overall combustion efficiency. Future work should explore additional piston
geometries and their effects under various operating conditions to further enhance the efficiency and
performance of hydrogen-fueled internal combustion engines.

3.5. Coanda effect

In the extant literature, investigations have uniformly employed a fixed nozzle penetration depth,
precipitating the manifestation of Coanda effects upon the hydrogen gas flow. This phenomenon results
in a fraction of the hydrogen gas adhering to the cylinder head, as evidenced in Fig. 8(a). It can have a
big drawback for pre-ignition propension as it puts hydrogen close to hot surfaces (spark plug and ex-
haust valves). An augmentation of the nozzle penetration to 8 mm, illustrated in Fig. 8(b), is posited to
obviate the Coanda effect, thereby permitting a subsequent evaluation of its influence on the gas mixing
dynamics [20], [21].
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Fig. 8 lllustration of the Coanda effect reduction by nozzle penetration on the richness reparation 10°CA after
injection / (a) reference nozzle penetration (b) + 8mm nozzle penetration

In the context of identical intake ports featuring the same level of tumble, mitigating the Coanda
effect has been found to enhance mixing efficiency, as presented in Fig. 9. Despite the hydrogen jet
experiencing less modification, it fails to generate increased tumble both during and post-injection. Con-
currently, reducing the Coanda effect maintains turbulence within the flow throughout injection, resulting
in higher turbulent kinetic energy (TKE).

During the tumble TKE conversion phase, a greater proportion of tumble energy is channelled
into hydrogen mixing, leading to a notable decline in the High Equivalence Ratio (ER) indicator and a
faster increase of the richness homogeneity index. This improved efficiency during the conversion phase
is attributed to an increased velocity of hydrogen, as evidenced in Fig. 8. Consequently, nearing spark
advance, slightly superior H2 mixing is achieved without any Coanda.

However, while a deeper penetration may yield a reduction in the Coanda effect, it poses chal-
lenges in terms of temperature on the hydrogen injector nozzle. Alternative solutions such as injector
caps or deflectors offer viable means to alleviate the Coanda effect, thereby ensuring injector compli-
ance and optimal performance.

3.6. Pent-roof vs flat roof

Pent-roof combustion chamber is often preferred in modern high-performance engines due to
its efficiency in airflow, heat retention, and the ability to accommodate more valves for better breathing
of the engine. The flat roof design, while simpler and potentially less expensive to manufacture, does
not offer the same level of performance benefits [22-23].
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Fig. 9 Coanda effect impact on H2 mixing.
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This chapter provides a comparison between the previously discussed flat roof cylinder head
illustrated in Fig.10(a) and a conventional pent roof cylinder head, commonly used for tumble flow de-
sign. An alternative technical configuration for a hydrogen internal combustion engine (H2 ICE) was
developed to facilitate this comparison. This configuration incorporates a duct connected to the pent
roof cylinder head and features a centrally located injector and spark plug, as illustrated in Fig. 10(b). It
is the only way to construct the cylinder head with valve train, injector and spark plug in such a pent-
roof configuration. To ensure a more equitable comparison, several parameters were standardized
across both designs, including the piston, compression ratio (CR), injector nozzle. Intake ports and roof
chamber are then different.
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Fig. 11 Comparison between flat and pent roof cylinder head design on H2 mixing.

The comparison in Fig.11 indicates that the ports adapted to the pent roof cylinder head gener-
ate lower tumble. Consequently, it is challenging to determine whether the poor homogeneity results
are more attributable to the pent roof design itself or to the reduced tumble observed with this configu-
ration compared to the flat roof design. The high increase of TKE during injection is due to the central
injector position as shown in paragraph 3.2 but that is not helping for the mixing. Conversely, it is noted
that the high equivalence ratio achieved with the pent roof is not unfavorable, as it was zero with the flat
roof. Thus, it is difficult to conclusively determine if one design is superior to the other. The pent-roof
design should be optimized further: tumble level, injector cap, could me the main features. However, in
the context of a diesel engine conversion, this suggests that utilizing a flat roof head with a well-designed
tumble duct could be a viable solution for hydrogen mixing.
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Conclusions

Hydrogen internal combustion engines (ICEs) have emerged as a significant research focus,
and their future development represents a reliable pathway to achieving zero-carbon emissions for ICEs.
Moreover, the large-scale application of hydrogen ICEs is a crucial strategy for leveraging the mature
industrial infrastructure of ICEs to support energy transition and carbon emission reduction goals.

The study concludes that converting a 2L passenger car Diesel ICE into a pure lean H2 ICE
requires specific best practices to enhance hydrogen mixing, reduce preignition, improve combustion
flame development, and lower NOx formation. The diesel ICE transformation includes:

e Intake port change: Transforming the ports from a swirl to a tumble design and optimizing for
the highest possible tumble level.

¢ Injection and spark plug: Using a lateral injection with a central spark plug, designed to interact
effectively with the generated tumble.

e Piston Design: Employing a lenticular piston shape with an adaptable depth to improve mixing.

e Mitigating Coanda Effect: Avoiding the Coanda effect that could have an impact on hydrogen
levels at the spark plug by protrusion, a cap or nozzle deflector.

¢ Head Design: Maintaining a flat head design seems possible to achieve efficient mixing process
however the cooling will be a key factor to avoid hot points and pre-ignition.

These measures collectively support the optimal conversion of a diesel engine to operate effi-
ciently and cleanly on hydrogen.
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Abstract

The imperative to reduce greenhouse gas emissions is compelling the road transport industry to explore
various solutions in addition to electrification. A pivotal step in this direction involves adopting low-
carbon footprint fuels such as hydrogen, ammonia, and e-fuels for vehicles powered by internal
combustion engines.

Hydrogen classifies itself as a promising candidate for spark-ignited internal combustion engines (ICEs)
due to its high laminar burning velocity, wide ignitability range in terms of equivalence ratio, and
increased resistance to auto-ignition. However, it also exhibits a very low minimum ignition energy,
increasing the likelihood of pre-ignition events during engine operation. Therefore, the design of the
combustion system and operational strategy must be tailored to achieve stable and efficient hydrogen
combustion across various loads and engine speeds.

This article introduces a Dome-shaped combustion chamber designed specifically for hydrogen
combustion targeting high specific performance. The Dome is integrated into a robust four-valve flat
cylinder head at the central position facilitating the placement of both the medium pressure hydrogen
injector and a spark plug specifically designed for Hz operation near the cylinder axis, in cooperation
with a straightforward piston design.

Preliminary test results obtained at 2000 rpm x 16 bars of IMEP on a 500cc single cylinder engine are
reported. Variations in equivalence ratios and spark timings demonstrated robust and excellent
combustion stability until an equivalence ratio of 0.40 and achieved a gross indicated thermal efficiency
of 46%. Subsequently, the 3D-CFD simulations were carried out at 2000 rpm x 16 bar, incorporating
the hydrogen injection and combustion modelling. The CFD results demonstrated a satisfactory
agreement with the experimental in terms of in-cylinder pressure and apparent heat release rates.
Finally, the CFD simulations are utilized to evaluate the potential high load performance of the Dome
engine at 6000 rpm of engine speed, emphasizing the effect of a split injection strategy.

Keywords: CFD, combustion, Dome engine, Hydrogen

Notations
AMR Adaptive mesh refinement IMEP  Indicated mean effective pressure
BEV Battery electric vehicle IMEPg  Gross Indicated mean effective pressure
BDC Bottom dead center M/C Main chamber
bTDC Before top dead center RANS  Reynolds-averaged Navier—Stokes
CFD Computational fluid dynamics RON Research octane number
CA50  Crank angles corresponding to SA Spark advance

50% fuel mass burnt
CAX Crank angles correspondingto X% SCE Single cylinder engine
fuel mass burnt
DI Direct injection SOl Start of injection
FCEV  Fuel cell electric vehicles Sl Spark ignition
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GDI Gasoline direct injection

GHG Green house gas

1 Introduction

TDC Top dead center
TKE Turbulent kinetic energy (m2/s2)

The growing recognition of the impacts of global warming on life has led to an increased focus on
greenhouse gas emissions (GHG) over the past few years. Despite only accounting for 15% of total
GHG emissions in 2019 (Fig. 1), the transport sector, which includes road, sea, and air travel, must play
a significant role in transitioning to cleaner energy sources and reducing reliance on fossil fuels.
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Fig. 1. Global GHG emissions per sector 2019 [1]

In parallel, as Fig. 1. clarifies the contribution of each sector, Fig. 2 illustrates an undisputable trend
for increasing the number of vehicles between today and 2030, emphasizing the necessity to strongly
reduce the emissions per vehicle and particularly the carbon dioxide (COz) emissions.
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Fig. 2. Evolution of road transportation between today and 2030 [2]

Battery Electric Vehicles (BEVs) are undoubtedly effective in reducing greenhouse gas (GHG)
emissions. However, their limited usability guides the automotive industry to develop alternative
solutions based on substitutes for hydrocarbon fuels. Among these alternatives, hydrogen (Hz) and Hz-
derived fuels, also known as electro-fuels or e-fuels, are gaining significant attention. Ammonia (NHs),
a simple electro-fuel derived from combining Hz with nitrogen (N2) from the air, is considered a promising
candidate [3]. Additionally, pure Hz remains a key player in this transition. For this reason, Aramco
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invests highly to reach a production of 2 million metric tons per annum of blue Hz by 2030 and thereby
accelerate the infrastructure deployment for use in both passenger cars and light commercial vehicles.

As a fuel, Hz2 can be used either in conventional internal combustion engines (ICE) or in fuel cell electric
vehicles (FCEVs). Fig. 3 illustrates that ICEs offer an interesting compromise in terms of cost-to-power
ratio, with the economic and social advantage of utilizing existing production infrastructure.
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Fig. 3. Cost to power comparison between HzICE, hybrids and BEV

Paradoxically, the concept of utilizing hydrogen as a fuel in internal combustion engines (ICE) is not
entirely new. In 1807, in Switzerland, Frangois Isaac de Rivaz developed a prototype that used
compressed hydrogen gas and oxygen, which was electrically ignited (refer to Fig. 4 (a). Subsequently,
research activities began worldwide, including efforts by for instance Roger Billings in the USA or the
Musashi Institute of Technology in Tokyo during the 1970s.

Hydrogen Gas

A i

U =
Ay

(a)

Fig. 4. Francois-Isaac de Rivaz vehicle [4] and BMW H:z engines [5]

Particularly, BMW made significant advancements in 1979 with a class 5 sedan and later a V12 class
7 vehicle (Fig. 4 ) utilizing liquid hydrogen storage. Mercedes also made strides from 1984 using
compressed gas. Despite promising developments, these efforts faced challenges due to high costs
and poor power density compared to conventional engines running on inexpensive fossil fuels. A very
interesting application was the use of a dual gasoline/hydrogen racing V12 Aston Martin Engine during
the 24 hours of Nurburgring [6] in 2013 (see Fig. 5), Developed by the Institut fir
Verbrennungskraftmaschinen und Thermodynamik in Graz, the turbocharged engine achieved a power
density of more than 50 kW/I in hydrogen mode.
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Fig. 5. V12 engine, comparison between gasoline, hydrogen and mixed operation at full load [6]

In 2015, the Paris Agreement on climate change set up new rules and led the road transportation
industry to intensively find alternatives to fossil fuels. Hydrogen appeared to be one solution and
previously scheduled or completely new activities were supported in different ways; the simplest one
consisted of retrofitting existing Diesel engines by adding an Hz port fuel injection (PFI) and slightly
adapting the piston design and the compression ratio [6]. More intensive investigations were followed
using a medium pressure direct injection (DI) in almost every vehicle class, from passenger cars like
Hyundai [8], light commercial vehicles like Stellantis [9] and Renault [10], or even very high
performances models as Porsche [11] and Ferrari [12]. Thanks to DI, air filling was very much improved
compared to PFI with very few risks of backfire in the intake port, allowing it to reach power densities
comparable to conventional Diesel or gasoline engines with a high thermal efficiency. For all these
applications, intensive use of simulation, including 3D computational fluid dynamics (CFD) and 1D
modeling, alongside engine tests, was realized to optimize aerodynamics, hydrogen-air mixing, and
combustion processes.

This paper is an outcome of collaboration between Aramco, Phinia, and Tenneco; it aims at presenting
an innovative DI combustion system design adapted to high power density serial production engines.
Single cylinder engine (SCE) test results obtained at 2000 rpm and 16 bars IMEP are presented and
discussed and the performance projection on higher engine speed has been achieved thanks to CFD.

1.1 Hydrogen fuel characteristics

Table 1 compares the fuel properties of hydrogen with gasoline. Hydrogen possesses a wide
flammability range and extremely fast laminar burning velocity. This suggests that a stable ignition and
combustion is possible even with ultra-lean or highly stratified locally rich charge. It also inherits a
comparatively higher auto-ignition temperature, which makes it less susceptible to knocking. On the
other hand, its very low minimum ignition energy strongly increases the risk of pre-ignition in the
combustion chamber. Hydrogen flame can sustain close to the walls due to a smaller quenching
distance, on one hand, this could ensure more complete combustion, but it would result in increased
wall heat loss. Thus, an efficient and controlled combustion of hydrogen in ICE remains quite
challenging.

Table 1. Properties of different fuels in comparison with hydrogen

Fuel species Gasoline  Hydrogen
Stoichiometric A/F ratio [] 14.6 34.2
Lower calorific value [MJ/kg] 425 120
Flammability range 0.62-

(equivalenc)e/ ratig) [l 3.89 0.09 -6.81
Laminar burning velocity [m/s] 0.40 2.30
Auto-ignition temperature [°C] 230-450 595
Minimum ignition energy [mJ] 0.24 0.02
Quenching distance [mm] 2 0.64

Approximate RON [] 95 >120
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1.2 State of the art DI hydrogen combustion systems

The choice of a combustion system dedicated to serial production engines not only depends upon
performance or thermal efficiency but also upon the investment necessary for upgrading industrial
facilities, especially for the cylinder head machining.

In recent years, the down-sizing strategy led to equip passenger cars with moderate displacement
volume gasoline engines, usually lower than 2.0l; as for high-performance sports cars, a pent-roof
cylinder head combined with a tumble air motion generated by the intake ports was preferred. Keeping
the baseline architecture of gasoline direct injection (GDI) engines, customized versions for H2ICE’s are
restricted to variations in the injector and spark plug placements. These components can be positioned
centrally or laterally on the intake or exhaust sides. Furthermore, adjusting the intensity of the tumble
motion is also part of optimizing the combustion system. In this context, some examples have been
provided by Hyundai with a 1.6l four-cylinder engine in Fig. 6 or by Ferrari for a 3.0l V6 as shown Fig. 7.

N 1

iyt

ac Ml
<
H

2

Engine type [-] In-line 4 cylinder Displacement [cm3] | 498.7cc
i volume
Displacement [em?] | 1.598 Bore x Stroke [mm] | 82 x 88
volume Valves/cylinder [ |4
Bore x Strpke [mm] | 75.6 x 89 Spark plug [ Quite Centrally located
Valves/cylinder [] 4 Hydrogen injector [1 | Centrally mounted
Spark plug -] Centrally located Compression ratio [ 10.5:1 to 14:1
Hydrogen injector [ Laterally located
Compression ratio [ 10.5:1
Power [kw] 132
Torque [Nm] | 265
Fig. 6. Hydrogen engine proposed by Hyundai, Fig. 7. Hydrogen engine proposed by Ferrari [12]

Bosch and Aramco [13]

For light commercial vehicles which require a high low-end torque, a low fuel consumption and a high
mileage reliability, the retrofitting choice was mainly focused on Diesel engines architecture with cylinder
displacement generally higher than 2.0 liter, preserving the use of a flat cylinder head and vertical valves
(Fig. 8) with the associated industrial tool.

Fig. 8. Hydrogen ehgine proposed by PHINIA [14]

Their optimization for hydrogen is thereafter also limited to the location of the injector -central or side-
and the spark plug, as the chosen air motion generally remains swirl.
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As the choice between the two architectures is mainly governed by industrial constraints, very few
investigations have compared them in terms of power density capability and efficiency.

1.3 Combustion strategies

Besides a high combustion velocity and a high resistance to knock characterized by a fine Research
Octane Number (RON), hydrogen combustion is nevertheless susceptible to pre-ignition phenomena,
i.e., a local ignition before the spark generation, initiated by factors such as hot spots in the chamber,
lubricant oil droplets, or local regions possessing both near-stoichiometric mixtures and high
temperatures. Mitigating these factors and thereby reducing the occurrence of pre-ignition can be
achieved by different ways:

e an ultra-lean homogeneous H2-air mixture avoiding any local equivalence ratio higher than
roughly 0.70; the minimum ignition energy of the mixture therefore strongly increases as shown
in Fig. 9, reducing the risk of pre-ignition. This strategy also has the advantages of, on one
hand lowering the combustion temperature, reducing the wall losses and thereby the wall
temperature and the risk of hot spots on metallic parts of the chamber, and on the other hand,
maintaining NOx emissions at a low level.

e alate Hz injection during the compression stroke, in order to reduce the mixture temperature at
firing Top Dead Center (TDC).

e the use of exhaust gas recirculation to lower the combustion temperature as it is achieved on
conventional Diesel and gasoline engines.

e the use of water injection to cool down the in-cylinder mixture.

A large part of the published application is based on the first strategy, optimizing the mixture
homogeneity via both an early injection -during or just after the intake stroke- and a strong bulk air
motion generated by the intake ports, e.g. swirl with Diesel like flat cylinder heads or tumble with pent-
roof architectures.

This choice is nevertheless restricted by the air flow necessity when high power is required because of
the low port permeability and the size and complexity of the air system -turbochargers and intercoolers.
In parallel, the late injection strategy is limited by the necessity to secure a sonic flow at the H2 injector
hole.
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Fig. 9. Evolution of the minimum ignition Fig. 10. Evolution of the laminar flame velocity versus
energy versus equivalence ratio [15] equivalence ratio [16]

2 The Dome H2ICE and engine testing

2.1 Engine design Description

This section presents the design and technical specifications of the single-cylinder, direct injection
internal combustion engine (ICE) incorporating the innovative Dome combustion chamber. The engine
base aims at achieving a high specific power while concurrently ensuring structural robustness. Central
to this design is a four-valve flat cylinder head incorporating a Dome-shaped structure, which
accommodates both the hydrogen injector and spark-plug. The direct injection hydrogen injector and
spark-plug are specifically developed for hydrogen combustion in ICE’s and their particularities are
discussed in the next section.

It's crucial to emphasize that the hydrogen injector is decisively mounted on the Dome with an injector
recess of 2 mm. This setup allows to maximize the hydrogen jet penetration in the main chamber by
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minimizing the Coanda effect and simultaneously decreases the jet contact with the hot spark plug
electrodes, as illustrated by the 3D simulation results in Fig. 12.

Given the risk of potential pre-ignition in H2ICE, paramount importance is placed on efficient thermal
management of engine components; this is achieved notably through a simple piston configuration to
ensure its homogenous and effective cooling. The sodium-filled intake and exhaust valves are
considered for their superior heat transfer characteristics. Furthermore, the water jackets are carefully
integrated to envelop the Dome, injector, and spark-plug to enhance their respective cooling efficiency.

The intake ports are designed to facilitate maximum airflow without inducing any specific bulk flow
phenomena, such as swirl or tumble.

Flush mounted (left) vs retracted injector

(right)
time = 250 ps

-

time = 500 ps

£

MASSFRAC_H2

0.00 025 050 075 1.00

Fig. 11. Single cylinder engine layout with Dome (1), Fig. 12. Hydrogen jet penetration from CFD
piston (2), hydrogen injector (3), spark-plug (4) and simulations with flush mounted injector (left) and
cooling water jackets (5) with injector recess of -2 mm (right) at the two

different timings after the start of the injection

The choice of an oversquare geometry with an 88 mm bore representative of the current high
performance V6 engines benchmark allows potential high engine speeds over 7000 rpm; meanwhile, a
compression ratio of 10.5 has been set for these first investigation as a good trade-off between potential
efficiency and knock resistance. The detailed engine specifications are listed in the Table 1.

Table 2. Engine characteristics of Dome engine

Parameter Units Value

Displacement volume [cm3] 506

Bore x Stroke [mm] 88 x 83.5

Connecting rod length [mm] 152.5

Compression ratio [-] [-] 10.5:1

Valves/cylinder [] 4

Spark plug [-] Surface discharge type from
Tenneco

Hydrogen injector [-] DI-CHG15 injector from Phinia

Injection pressure [bar] Up to 40 bar

2.2 Ignition system

Tenneco’s Champion® have developed and provided specific ignition components for use with engines
specified to run on Hydrogen fuel. Both coil and spark plug have been designed to operate on engines
specified to run with hydrogen application.

The HY2Fire™ plug top coil supplied for this test is a high-energy coil equipped with an energy damper
circuit. The objective is twofold. From one side to prevent unwanted spark at start of charge and from
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the other side to prevent random uncontrolled sparks due to residual energy in the coil after the main
spark ends and in-cylinder pressure decreases. The phenomena addressed with this technology are
ghost sparks that lead to backfire. This is a must for a hydrogen PFI engines and a plus for DI engines.
The solution has already been validated through endurance tests and has entered mass production
ramp-up early 2024.

Fig. 13. Spark plugs and coil (source Tenneco / Champion®)

The spark plugs supplied are also adapted for hydrogen use. The main target was to keep the spark
plug operating temperature as cold as possible to prevent any hot spot that could generate abnormal
combustion. Temperatures over 600°C will cause uncontrolled ignition with hydrogen. To do so, the
heat range of the spark plug is selected from the racing scale and the ground electrode projection limited
as much as possible. In fact, one design has a retracted spark position by 2.5 mm and the other is using
a non-projected ground electrode (0 mm spark position). In both cases, thermal modeling was
performed to have a back-to-back comparison between the designs. A recent dyno study (single-
cylinder engine specifically developed to operate with hydrogen), also confirmed the behavior of the
designs under several operating conditions. Voltage demand and electrode temperature were
measured. The impact of spark plug design on abnormal combustion was evaluated (misfire, pre-
ignition, knocking). The catalytic effect of Platinum, leading to uncontrolled combustions was measured
and confirmed. The two designs used during the testing campaign are compliant with this approach.
This means they were not only cold-rated but also platinum-free.

2.3 Injection system

A Direct-Injection Compressed Hydrogen Gas (DI-CHG) injector (Fig. 14) was provided by PHINIA.
This solenoid-driven injector is an outward-opening type, whose key benefits are to provide a higher
mass flow rate than inward-opening injectors within the same packaging envelope and are also able to
maintain injector sealing against high in-cylinder pressures with a relatively low fuel pressure. The
injector operates within a pressure range of 20 to 40 bar which is chosen to balance the need for high
injection rates and high utilization of the hydrogen stored in the tank system without the requirement for
a compressor. The highest injection pressure is used when high static flow rates are required at high
engine loads. The lowest pressure is used to improve the control over small injection quantities at light
loads. For this study, a DI-CHG15 was utilized, providing a mass flow rate of 15 grams per second at a
H2 injection pressure of 40 bar. The direct injection system allows injection after the intake phase,
avoiding the impact of Hydrogen injection on the volumetric efficiency. The H2 control system was also
provided by PHINIA which optimises the injector drive current profile according to the operating
hydrogen pressure.

The flow curves of the used injector are depicted in Fig. 14 . These measurements showed good
stability of the injection rate for both 40 bar and 20 bar injection pressure allowing an accurate control
of the injected hydrogen quantity for low and high load.

Fig. 15 depicts the hydrogen jet exiting the DI-CHG15 injector. The gaseous jet initially develops as a
hollow cone (Fig. 15 (a)) because of the outward opening pintle and the deflector cap geometry. As the
injection progresses, the jet angle reduces due to the pressure drop inside of the jet induced by the
momentum exchange between the hydrogen and the air inside of the hollow cone [17]. This leads to
the formation of a collimated narrow jet as shown in Fig. 15 (b) which has a high penetration rate in the
combustion chamber.
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Fig. 14. DI-CHG15 Flow curves Fig. 15. Hydrogen jet development [17]

Potential advantages of the Dome engine design

The potential advantages of present combustion chamber can be listed as follows:

The engine is equipped with a robust flat cylinder head which can continuously sustain
exceedingly high peak in-cylinder pressures (up to 180 bar) expected from the hydrogen
combustion.

The Dome design allows to locate the DI injector and the spark-plug close to each other and
ensures their central positioning with respect to the cylinder head. This was expected to
facilitate achieving a desired charge stratification in M/C, Dome, and in the vicinity of the spark-
plug. The CFD simulations (section 4.2 and 4.3) confirm that the present design can maintain
a relatively richer mixture in the Dome and in the proximity of the spark-plug compared to the
main chamber (M/C).

With a stoichiometric air-fuel ratio of 34:1 for hydrogen, lean combustion necessitates
substantially higher intake boost pressures compared to traditional spark ignition engines.
Hence, the engine is purposefully designed with straight intake ports to minimize port flow
losses and enhance their permeability.

Due to the smaller flame quenching distance associated with hydrogen, higher wall heat losses
can be expected. The current engine design features a flat cylinder head with straight intake
ports, resulting in a relatively weak, unstructured bulk flow motion within the combustion
chamber compared to its swirl or tumble dominated counterparts. Even if this might slow down
the mixing rate, it can be advantageous for minimizing the convective heat losses to the
combustion chamber walls.

Owing to its distinctive design, the engine exhibits versatility in employing various injection and
combustion methodologies:

o Fully homogeneous combustion by injecting hydrogen early during the intake or during
the compression stroke, based on the engine operating speed.

o Stratified combustion by injecting hydrogen late during the compression stroke. This
strategy can be particularly interesting at low load conditions and can be used for
reducing parasitic losses such as pumping work and heat losses.

o Partly homogeneous combustion by employing the split injection strategy. For instance,
the first injection might be performed during the intake stroke to maintain a relatively
homogeneous, ultra-lean mixture in the main chamber, supplemented by a subsequent
late injection to sustain a relatively richer mixture in the Dome chamber.

3 Engine test bench description

The engine speed of SCE is limited to 4500 rpm, and it is balanced until the second order. The auxiliary
components such as water and oil pumps are electrically driven. During these first tests, a commercially
available lubricant oil designed for high performance gasoline engines was used. However, in the future,
an in-house developed formulation that aims to reduce the occurrence of the pre-ignition will be
evaluated.
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3.1 Test bench

The engine is associated to an electric generator whose power and torque performances are illustrated
in Fig. 16. The bench synoptic with the main control and measurement devices is presented in Fig. 17.
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Fig. 16. Single cylinder engine (SCE) on the bench (left) and performances of the electric machine (right)
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Fig. 17. Engine test bench synoptic
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The bench was equipped with all the standard monitoring systems, with particular attention given to the
measurements of hydrogen mass flow rate and unburnt concentration at the exhaust. Bronkhorst’s
Coriolis-based mass flow meters were used, with F-106BI for the air and F-113Al for hydrogen and the
provided data were used to calculate the equivalence ratio. The obtained results were compared against
another methodology based on the oxygen measured in the dry exhaust gases (see formula in Fig. 18).
This comparison revealed a linear relationship, with a small deviation- around 5% on the current
example- observed during lean operation.
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Fig. 18. Comparison between equivalence ratio calculation methodologies

One important item to consider is that the flow meters only reflect the equivalence ratio upstream of the
combustion chamber. This measurement does not take into account any air leakage in the intake ducts
or the blow-by at the beginning of the compression stroke, which only affects air until the hydrogen is
injected.

On the contrary, measuring the oxygen concentration in the exhaust gases reflects the equivalence
ratio during combustion, but disregards unburnt fuel, resulting in an underestimation of fuel
consumption. Therefore, neither of these two methods is entirely satisfactory but they can be sufficient
for a first analysis. To conclude, we have decided to use the mass flow information for evaluating the
equivalence ratio and the hydrogen consumption, thereby the efficiency.

3.2 Test methodology and combustion characterization

This research program followed on the single cylinder engine aims to evaluate the potential of the
hydrogen ICE in terms of power density and efficiency at high loads. Consequently, the primary focus
is not on NOx emissions. The program will explore three different combustion strategies, the first one
centered on lean combustion, and the other two integrating exhaust gas recirculation (EGR) and water
injection, respectively. However, this paper focuses only on the first strategy.

For this paper, a high load operating point at 2000 rpm and 16 bars has been selected to characterize
the combustion system.

The test results are focused on two sweeps, the first one involving a variation of the equivalence ratio
between 0.40 and 0.80. Then, for each equivalence ratio, a variation of spark advance (SA) was
conducted. The spark-timing variation was limited by knock, unstable combustion, or a significant
decrease in thermal efficiency. The origin of ignition timing was chosen at the combustion top dead
center (TDC), negative values mean that ignition is set before TDC.

Combustion stability was characterized by the normalized standard deviation of the IMEPg (COV
IMEPg) over 300 consecutive cycles, with a stability limit set at 3% for the chosen operating point. The
combustion process is illustrated by of course its stability but also by the quite conventional criteria
based on CA10, CA50, CA90. The apparent heat release was calculated based on the first law of
thermodynamics without considering the wall heat losses. During the compression stroke, a specific
heat ratio of 1.40 was used, while during the expansion stroke, a specific heat ratio of 1.30 was applied.
In order to have a better understanding of the ability to burn ultra-lean mixtures, we have included the
standard deviation of the CAXX in this analysis.

The engine operating conditions are highlighted in the Table 3.

Table 3. Engine operating conditions

Engine speed 2000 rpm
Engine load, IMEPg 16 bars IMEPg
Intake air temperature 40°C
Hydrogen temperature ~25°C (not controlled)
Water in temperature 90°C

Lube oil in temperature 85°C
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P3 (bar)vs P2 (bar)
Exhaust back pressure P3 versus air . Y -
intake pressure P2 o
-0
Injection pressure 25 bar
Start of Injection (SOI) 140° bTDC

3.3 Engine test results

All the tests have been governed by combustion stability. Fig. 19 (a,b) illustrate the results obtained
from spark advance (SA) sweeps for different equivalence ratios between 0.40 and 0.80. For advanced
spark timings, limitations were primarily imposed by knock or a significant decline in thermal efficiency.
Overall, the combustion stability remained extremely good, well below the defined threshold of 3%; for
the two richest mixtures, it was independent of the spark timing, even when the ignition point was
delayed late during the expansion stroke (Fig. 19 (a)).

The best indicated thermal efficiency of 46% was obtained for ultra-lean mixture with equivalence ratio
of 0.40 and very early ignition; it might be emphasized that this efficiency could be improved by reducing
the knock propensity, for instance by reducing the water temperature down to 65°C. Fig. 19 (b) clearly
shows that the efficiency decreases when the combustion is delayed, is more sensitive with the leanest
mixtures, in fact, 0.40 and 0.50 equivalence ratio, and particularly 0.40. This behavior is probably due
to a higher sensitivity of ultra-lean mixture to the mixture temperature decrease during the expansion
stroke.

Fig. 21. summarizes the effect of the equivalence ratio on the efficiency, showing the potential of ultra-
lean burn combustion.

—0— $-040 —@— §=050 - =060
Equivalence ratio ()
$=0.70 ¢ =080

COV of IMEPg (%)vs SA (°CA) Gross ITE (%)vs SA (°CA)

(a) (b)
Fig. 19. Combustion stablity (COV IMEPg) and gross indicated thermal efficiecny (ITE) vs spark advance (SA)
at different equivalence ratios (¢)
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Fig. 20. Exhaust temperature (T3) vs spark advance Fig. 21. Gross indicated efficiency (ITE) vs
(SA) equivalence ratio (¢)

Fig. 22 provides some information concerning the mechanical stress applied to the combustion
chamber as the continuous peak pressure was limited to 150 bars to preserve the piston. The pressure
gradient always remained under 9 bars/°CA whatever the equivalence ratio or the ignition timing were.

Maximum cylinder pressure (bar) vs SA (°CA) Maximum pressure gradient (bar/°CA) vs SA(°CA)
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Fig. 22. Maximum in-cylinder pressure vs spark advance (a) and maximum pressure gradient (bar/°CA) vs
spark advance (b)
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CA90 (°CA)vs SA (°CA) STD CA90 (°CA) versus SA (°CA)
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Fig. 23. Engine combustion analysis represented by burn angles (CAXX) and their standard deviation from
300 engine cycles vs spark advance (SA)

Following a first-order combustion analysis ignoring wall heat losses, it appears that the start of
combustion denoted by CA10-SA is quite stable (standard deviation of CA10 < 1°CA) and only
marginally depends upon the spark advance, i.e., the thermodynamic conditions at ignition and the
global equivalence ratio, reflecting stratification.

Differences are much more important during the flame propagation (CA50-CA10) and the end of
combustion (CA90), where the influence of the equivalence ratio becomes more noticeable. For
equivalence ratio 0.40, combustion is clearly slowing down because of a high influence of the in-cylinder
temperature decrease during the expansion stroke. Nevertheless, as it is illustrated in Fig. 24 with a
comparison of the CA90 PDF distribution for equivalence ratios 0.40 and 0.50, the increase in standard
deviation with the leanest mixture is not linked to any “very long” combustion (only very few cycles have
a CA90 of +2°CA versus the average) but to some dispersion around the mean value.

In conclusion, the combustion system remained robust in ultra-lean mode, allowing to take benefit of
the lower heat dissipation to the walls.

Probability density function of CAS0 for 300 cycles
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Fig. 24. PDF of CA90 at equivalence ratio 0.40 (green) and equivalence ratio 0.50 (blue) at SA=-12°CA

3.3.1 Brief comparison with a pent-roof combustion chamber

Fig. 25 and Fig. 26 compare the engine test results of the Dome engine to a conventional pent-roof
chamber, both having identical dimensions, engine components (piston, injector etc.) and compression
ratios. Thanks to a high tumble motion and a significantly higher turbulent kinetic energy (TKE),
combustion is significantly quicker with the pent-roof design, especially during the flame propagation
until CA90. Nevertheless, this potential advantage is not reflected by any improvement in terms of
thermal efficiency or combustion stability, probably due to significantly higher wall losses associated
with the pent-roof design. In future, this comparison is planned to be established on more engine
operating conditions.
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Fig. 25. Combustion stability (COV IMEPg) and gross indicated thermal efficiency (ITE) vs spark advance
(SA) at equivalence ratio 0.50 for Dome (blue) and Pent-roof (orange) engines
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Fig. 26. Indicated efficiency comparison between Dome and Pent-roof engines at individual best spark-
advances (SA)

4 3D CFD modelling

4.1 Simulation setup

In this study, the computational work was carried out employing the commercial Computational Fluid
Dynamics (CFD) software CONVERGE [18,19]. The engine simulations were performed using the full-
cycle approach with calculations commencing at the exhaust valve opening. The initial conditions inside
the combustion chamber at the exhaust valve opening were derived from a dedicated one-dimensional
GT-Power three-pressure analysis (TPA) simulation.

Mesh generation was executed dynamically by CONVERGE during runtime, with grid size adjustments
made throughout the simulation. A base grid size of 2.5 mm was used which was supplemented by
fixed embedding and adaptive mesh refinement (AMR) inside the whole computational domain.
During the hydrogen injection, the grid size was refined to 78 um in the injector needle seat area using
the fixed embeddings. Subsequent embedding cylinders were introduced downstream of the injector tip
to adequately capture the flow characteristics of the high-velocity hydrogen jet. Furthermore, AMR
criteria based on velocity, temperature, and hydrogen mass fraction were used to facilitate grid
refinement beyond fixed embedding zones, resulting in a maximum grid count of approximately 3.5
million cells during injection events. This meshing criterion was identified by a separate validation of the
Hz jet penetration (longitudinal and lateral) against the dedicated schlieren measurements.

To accurately model ignition initiated by spark deposition, grid refinement to 78 ym was implemented
in the vicinity of the spark plug electrodes. The grid size was maintained between 312 um and 625 ym
during the complete combustion event.

The simulation time-step was defined using a variable time step algorithm, with a limit on maximum
CFL number at 1. The pressure implicit with splitting of operators (PISO) algorithm [20] was used for
resolving the pressure-velocity coupling.

Hydrogen demonstrates real gas behaviour and heats up on expansion. Therefore, the Redlich-Kwong-
Soave real gas equation of state was used for the gas simulation. Turbulence was modelled using
Renormalization group k-epsilon (RNG k-g£) RANS type turbulence model [21]. Heat transfer between
the gas and walls was modelled using Han and Reitz model [22]. To address the high mass diffusivity
of hydrogen relative to other fuels and its consequential impact on flame speed, local mixture average



104 P. Gastaldi, D. Kumar, G. Milan, M. Chandelier, R. Drevet, G. Dober

diffusion coefficients were computed from a transport.dat file [23]. Finally, the SAGE detailed chemistry
solver was opted for modelling the combustion utilizing the chemical kinetics model developed by
CRECK modelling group [24,25,26].

In this study, Computational Fluid Dynamics (CFD) simulations were conducted at two distinct engine
operating conditions: 2000 rpm x 16 and 6000 rpm x High load. Experimental data was pre-existing for
the former condition and was employed to validate the predictive capabilities of the CFD model.
Subsequently, the validated model parameters were applied at 6000 rpm x high load to predict the
engine performance and associated challenges.

4.2 2000 rpm x 16 bar, $=0.50

At this operating point, the available experimental data was used to define the boundary conditions for
the CFD simulation. Thus, the crank-resolved intake and exhaust pressures, along with measured
intake and exhaust gas temperatures were applied to the inflow and outflow flow boundaries,
respectively. During the engine testing, hydrogen injection was executed at 25 bar of rail pressure,
commencing at 140°bTDC. A delay of approximately 0.67 milliseconds was estimated between
electrical command and actuation of the injector needle by comparing the measured in-cylinder
pressure signal with the isentropic compression curve as shown in Fig. 27. Later on, the same was

applied for precising the start of injection timing in the CFD simulations.
4.5
—Experimental pressure signal

- -Isentropic compression curve

Pressure (bar)

-140 -130 -120 -110 -100
Crank Angle (°)

Fig. 27. Delay in the actuation of injector needle

Firstly, the cold flow simulations (without hydrogen injection) were performed to clearly understand the
air-flow dynamics in the combustion chamber and to anticipate its subsequent impact on air-fuel mixing
and combustion. Then, the simulations incorporating hydrogen injection and combustion modelling
were performed. Fig. 28. compares the evolution of turbulent kinetic energy (TKE) in the main chamber
(M/C) and Dome from the CFD simulations excluding and including the hydrogen injection. During
hydrogen injection, the TKE increases in both chambers before gradually dissipating towards the end
of the compression stroke, a common observation in flat cylinder head designs. It is worth noting that
the TKE near the firing top dead center (TDC) was found to be approximately 2.5 times higher in both
chambers with hydrogen injection compared to the fully aerodynamic scenario, which potentially
supported the flame propagation during the engine testing at this operating point.
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Fig. 28. Turbulent kinetic energy evolution with and w/o Hzinjection in M/C (a) and Dome (b)
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Fig. 29. depicts the air flow pattern in the M/C and Dome towards the latter stages of the compression
stroke. The velocity vectors demonstrate the movement and flow structures highlighting the two key
observations: the movement of gases from M/C towards the Dome due to compression and an anti-
clockwise rotational flow motion within the Dome. Later on, this flow pattern was identified to influence
the trajectory of fuel jet and the transportation of relatively richer mixture from M/C towards Dome (Fig.
30., Crank Angle = -40°, -20°).

Crank Angle = -60° Crank Angle = -40° Crank Angle = -20° Velocity
(m/s)
Fig. 29. Velocity field and vectors in vertical plane demonstrating the air flow dynamics between M/C and
Dome towards the end of compression stroke from a fully aerodynamic simulation without Hz injection

Fig. 30 focuses on the hydrogen injection and mixture preparation. The hydrogen injection was
performed post IVC, between 132°bTDC and 109° bTDC. In the absence of pronounced bulk flow
motion and weaker turbulence for this engine, the mixing mechanism predominantly relies on the
available mixing time. This mixing window was estimated to be around 9 milliseconds between the end
of injection (EOI) and firing TDC. The hydrogen injection and mixing process is represented in Fig. 30
with the help of 2D cut planes. The hydrogen injection takes place at sonic velocity as the ratio of rail
pressure and combustion chamber pressure remains beyond 1.90. Consequently, the jet trajectory
remains vertical and undisturbed by the mean air-flow pattern in the combustion chamber. Then, it
collides with the piston and travels along both the piston and the cylinder liner. As depicted in Fig. 30
(b,c,d), the upward displacement of the jet is more prominent on the intake side (the left part of the
combustion chamber) compared to the exhaust side. This was potentially caused by the airflow pattern
inside the combustion chamber, as previously described in Fig. 29.
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Fig. 30. Hz-air mixing evolution at various crank angles illustrated by the fuel-air equivalence ratio (¢) fields in
a vertical plane positioned between the two intake ports (15t row) and horizontal plane placed 2.5 mm below
the cylinder head (2" row)

Overall, the following remarks can be made on mixture preparation based on the analysis of CFD
results:

¢ Qualitatively, the charge remained notably stratified throughout the combustion chamber, even

close to firing TDC (Fig. 30 (f)). The mixture was identified to be relatively leaner on the exhaust

side, which might have contributed to the mitigation of abnormal combustion phenomena such
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as pre-ignition and knocking, commonly initiated beneath the hot exhaust valves during test
bed experiments.

e Fig. 31 shows the probability density function of the equivalence ratios in the M/C and Dome.
It can be seen that the mixture demonstrates a better homogeneity in the Dome region
compared to the M/C.

e InFig. 32, the evolution of mean equivalence ratio in M/C, Dome, and close to the spark-plug
is depicted. The mean equivalence ratio (¢) in whole the combustion chamber was 0.50 for this
operating point. Simulation results indicated a notably higher equivalence ratio (~0.60) in the
Dome compared to the M/C (~0.49). Additionally, the equivalence ratio near the spark-plug was
consistently identified as around 0.70 on different spark timing (denoted with circles), providing
favorable conditions for a stable ignition.
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Fig. 31. Distribution of equivalence ratio (¢) in M/C and Fig. 32. Evolution of average equivalence (¢)
Dome at 12° bTDC ratio in M/C, Dome and close to spark-plug
electrodes

Finally, the combustion modelling was realized on three different spark-timings using the SAGE detailed
chemistry solver. Fig. 33. presents a comparison between the experimental and CFD results. Despite
notable mixture heterogeneity in the combustion chamber, the CFD simulations satisfactorily captured
the evolution of in-cylinder pressures with varying spark timing (Fig. 33 (a)). Fig. 33. (b-d) compare
experimental in-cylinder pressure and apparent heat release rates from 300 test cycles with the CFD
results. The CFD simulations consistently predicted higher peaks of heat release and notably a shorter
end-of-combustion. One possible reason for this difference could be the lack of accuracy of the RANS
CFD models in predicting the hydrogen and air mixing. On this aspect, we plan to validate the mixing
prediction by CFD utilizing advanced optical diagnostics in the near future. Additionally, the state of the
art chemical kinetics mechanisms are not validated for laminar flame speed at engine-relevant
thermodynamic conditions which could be another potential reason for these discrepancies. Overall,
the present CFD results could be considered in good agreement with test results demonstrating a
reasonable model predictivity.
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Fig. 33. Comparison of Experimental and CFD results in terms of in-cylinder pressure and apparent
heat release rates

4.3 6000 rpm x High load, ¢=0.53

On this engine operating condition, the experimental data was not available, therefore, a constant intake
pressure of 2.60 bar and intake temperature of 40°C were applied as inflow boundary conditions. The
hydrogen injection was performed at 40 bar of rail pressure and an average equivalence ratio of 0.53
was targeted in the combustion chamber to achieve a potential IMEP of 22 bar. The CFD model settings
were maintained identical to validated 2000 rpm x 16 bar configuration.

The objective of this task was to estimate the engine performance and associated challenges at high
engine speed and high load using CFD simulations. Therefore, different injection strategies were
numerically investigated to achieve the desired Hz-air mixing and combustion. As the injection timing
can have an impact on trapped air mass in the combustion chamber, the fuel injection mass was
adjusted accordingly in the CFD simulations to compare the different configurations at the same
equivalence ratio.

The first numerical test was performed involving a single injection post-IVC (SlInj), with injection taking
place between 132°bTDC and 68°bTDC. This allowed approximately 1.88 milliseconds of mixing time
between the end of the injection and the firing TDC. It must be noted that the same was estimated to
be around 9 milliseconds at 2000 rpm x 16 bar.Then, split injection with a split ratio of 70:30 was
investigated. For the split injection, the timing of the start of the first injection (SOI-1) was set at
260°bTDC, around the peak intake valve lift. It must be noted that the optimization of the split ratio and
the injection timings was not considered in the scope of this work. Following this, the second injection
commencing at 80°bTDC (Splnj) was performed. The SOI-2 was estimated to achieve a late injection
while still guaranteeing a choked flow from the injector during the complete injection event. Fig. 34.
Summarizes the two injection strategies tested via CFD simulations, nominated as Sinj and Splnj. The
evolution of in-cylinder trapped mass from the two configurations is highlighted in Fig. 35. As anticipated
the split injection strategy reduced the in-cylinder trapped air mass by 6.3%.

— Sinj Splnj

— Sinj
— Splnj

H2 Mass flow rate (kg/s)
Trapped mass M/C (mg)
S
o

3 : : ‘ %60 315 =270 225  -180  -135
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Crank Angle ()
Fig. 34. Different Fuel injection strategies Fig. 35. Trapped mass evolution inside the M/C
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Previously at 2000 rpm, the hydrogen injection boosted the turbulent kinetic energy (TKE) close to firing
TDC in both chambers by 2.5 times, which potentially boosted the fuel burn rate as well. Fig. 36
compares the evolution of TKE in M/C between the different simulated configurations. Compared to
pure aerodynamic configuration, the gain in TKE in M/C was identified as 9 % when all the hydrogen
was injected during a single injection (SInj). However, in the case of split injection, where only a portion
of the total fuel was injected during the second injection, the increase in TKE was not observed.

— Acro.
— Sigj

—— Splnj
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Fig. 36. Turbulent kinetic energy (TKE) evolution in M/C

A Comparison of hydrogen injection and mixing mechanisms for two injection strategies is illustrated
through 2D visualization planes in Fig. 37. (a,b). For single injection (SInj) configuration, the hydrogen
injection occurred between 132°bTDC and 68°bTDC. During this interval, the pressure in the
combustion chamber increased from 3.7 bar to 10 bar, whereas the fuel injection pressure was 40 bar.
This meant the complete injection event occurred respecting a choked flow condition. In 2D
visualizations, we can observe a vertical fuel jet impinging on the piston (Fig. 37 (a)). Overall, the mixing
mechanism and trajectory of the fuel jet appear quite similar to the previously discussed 2000 rpm x 16
bar case. However, a notably higher mixture heterogeneity was observed as depicted in Fig. 38 (a) due
to the limited mixing time available at 6000 rpm. It's important to note that 28% of the charge in the M/C
comprised an equivalence ratio between 0.70 and 1.60, which might lead to abnormal combustion. In
summary, the single injection after IVC (SInj) did not provide a substantial boost in TKE close to firing
TDC and additionally, it produced a highly heterogeneous mixture in the combustion chamber.

A potential remedy for improving the mixture homogeneity could be early injection during the intake
stroke. However, apart from having a penalty on volumetric efficiency, this approach could be more
susceptible to the risk of pre-ignition as it would increase the residence time of unburnt fuel in the
combustion chamber. Therefore, a split injection strategy was investigated as an alternative solution.
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Fig. 37. Hzinjection and air-fuel mixing evolution at different crank angles illustrated by the fuel-air
equivalence ratio (¢) fields in a vertical plane positioned between the two intake ports for the
different injection strategies

For the split injection configuration (Splnj), the first injection was executed between 260°bTDC and
215°bTDC, when the intake valve was fully open. As a result, the fuel jet was directed towards the
exhaust side by incoming airflow from the intake ports as can be visualized in Fig. 37 (b). This method
capitalized on the intake air-flow to enhance the mixing rate, while the early injection provided
supplementary time for the mixture preparation. Overall, a temporal window of 3.8 milliseconds was
available between the end of the first injection and the start of the second injection. Then, the second
injection was performed between 80°bTDC and 55°bTDC. In this interval, the pressure in M/C and
Dome was rising from 7.5 bar to 15.5 bar due to the piston compression. Consequently, the fuel jet
penetration into the M/C was significantly reduced due to high back pressure and a large proportion of
injected hydrogen was expected to stay in the Dome.

The distribution of the equivalence ratio in M/C close to firing TDC is plotted in Fig. 38 (a). One can see
that the split injection (Splnj) largely improved the mixture homogeneity in the M/C compared to single
injection configuration (SInj) and their respective standard deviation of equivalence ratio were reported
as 0.19 and 0.32. Additionally it must be noted that the mean equivalence ratio in M/C remained ultra-
lean (¢ = 0.37) before the start of 2" injection and even after the end of 2" injection it was identified as
lower (¢ = 0.48) compared to the single injection case (¢ = 0.50) as presented in Fig. 38 (b). The 2D
cut planes comparing the equivalence ratio fields at 10°bTDC for the two configurations are shown in
Fig. 39.
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Fig. 38. Distribution of equivalence ratio (¢) in M/C (a) at 10°bTDC and evolution of mean equivalence ratio in
M/C (b)
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Sinj Splnj

Fig. 39. The fuel-air equivalence ratio (¢) fields in a vertical plane positioned between the two intake ports
(1st row) and horizontal plane placed 2.5 mm below the cylinder head (2nd row) at 10°bTDC
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Conversely to M/C, the heterogeneity of the mixture near firing TDC was augmented in the Dome due
to the late second injection (Fig. 40(a) and the respective standard deviation of equivalence ratio at
10°bTDC was registered as 0.55 compared to 0.42 for the single injection case. The delayed injection
also resulted in a significant portion of the injected hydrogen (H2) being retained in the Dome. At
10°bTDC, the hydrogen mass within the Dome was registered as 3.2 mg, which accounted for nearly
52% of the fuel injected during the delayed second injection. As illustrated in Fig. 40(b), a higher mean
equivalence ratio by 24 % was reported in the Dome near the firing TDC.
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Fig. 40. Distribution of equivalence ratio (¢) in Dome (a) at 10°bTDC and evolution of mean equivalence ratio in
Dome (b)

It is noteworthy that approximately 17% of the mixture within the Dome exhibited an equivalence ratio
exceeding 1.60 (Fig. 40(a)), which was predominantly concentrated close to the spark-plug (Fig. 39).
Considering that the peak laminar flame speed of hydrogen-air mixture occurs around an equivalence
ratio of 1.60 (Fig. 10), the delayed injection strategy could be anticipated to yield a slower and controlled
start of combustion in Dome. The hydrogen was injected in the Dome at a lower temperature compared
to the mean gas temperature within it and remained there, it was projected to influence the overall gas
temperature within the Dome. As a result, the gas temperature in Dome was identified ~10 K lower with
split injection compared to single injection strategy. These chemical and thermodynamic factors were
anticipated to govern a slower combustion process within the Dome.

Subsequently, the combustion was simulated for the two configurations by applying the same spark
timing of 10° bTDC. Fig. 41 illustrates a comparison of flame propagation between the two
configurations, represented by iso-surfaces of gas temperature, deliberately colored according to the
local equivalence ratio at the flame front. The visualizations confirm a relatively slower start of
combustion and a slower flame propagation in the Dome (Crank Angle = -8 and -6°).

As explained earlier, in M/C, the mixture exhibited significantly improved homogeneity with Spinj
compared to Sinj, which showed greater heterogeneity and a notably larger volume (on the intake side)
occupied by the equivalence ratio between 0.70 and 1.60 at the Dome exit (Fig. 39). This mixture is
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further compressed by the flame front and undergoes almost spontaneous combustion (-4° CA)
consuming all the charge on intake side. Conversely, with Splnj, the flame encounters a more
homogeneous and lean mixture at the Dome exit, leading to controlled combustion in M/C.
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Fig. 41. The flame propagation represented by the iso-surface on temperature (=1800K) and colored
by the equivalence ratio

The combustion modelling results in terms of In-cylinder pressure evolution are presented in Fig. 42. A
noticeable difference is present in the in the cylinder pressure evolution even before the onset of
combustion (10 °bTDC) which was caused by the difference in the in-cylinder air trapped mass obtained
with the two injection strategies. The combustion modelling predicted an extremely fast combustion with
the single injection configuration with peak in-cylinder pressure surpassing 200 bar, whereas a normal
combustion was observed with split injection strategy. On the other hand, the split injection strategy
produced a controlled combustion with acceptable pressure gradient and peak in-cylinder pressure.
The simulation results appeared in good accordance with the observations made during the analysis of
mixture preparation in M/C and Dome.
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Fig. 42. M/C pressure evolution with crank angles obtained from CFD simulation with
combustion modelling

In conclusion, the single injection after IVC does not appear to be a good solution for present engine
operations at high engine speed. In first place at 6000 rpm, there is a constraint on the available mixing
time and in the absence of predefined bulk flow motion for the present engine, the mixing process
becomes more challenging. Alternatively, split injection appears to be a better strategy for engine
operations at high engine speed and high load and should be investigated during engine testing. Finally,
the engine performance was evaluated for simulation results and key performance indicators are
highlighted in Table 4.
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Table 4. Summary of precited engine performance from the 3D simulations at 6000 rpm with Splnj

Intake Intake Equivalence  Gross Gross Gross CA50 Pmax
pressure temperature ratio (¢) IMEP ITE Power

(bar) (°C) (-) (bar) (%) (kw) (°CAD) (bar)

2.60 40 0.53 22 44 % 55.8 6.8 <150

5 Conclusions and perspectives

The paper presented a novel engine design featuring a Dome combustion chamber tailored
specifically for hydrogen combustion. This engine aims to achieve enhanced performance by
leveraging weak in-cylinder bulk flow motion and charge stratification. During the preliminary
experimental campaign at 2000 rpm x 16 bar, the engine demonstrated excellent combustion stability
across equivalence ratios between 0.40 to 0.80. Notably, the highest gross indicated thermal
efficiency of 46% was attained at an equivalence ratio of 0.40. The engine test results were also
compared with a pent-roof engine design of the same dimensions which could be expected to produce
completely different aerodynamics (TKE) and mixing behavior. Interestingly, despite having a shorter
combustion duration with pent-roof engine, both engines demonstrated nearly identical indicated
thermal efficiency when operating at an equivalence ratio of 0.50, most likely due to increased wall
heat losses associated with the pent-roof engine architecture.

Subsequently, Computational Fluid Dynamics (CFD) simulations were performed for Dome engine at
2000 rpm x 16 bar, with an equivalence ratio of 0.50. The cold flow CFD simulations highlighted a
significant increase in Turbulent Kinetic Energy (TKE) within the combustion chamber due to hydrogen
injection, particularly up to firing TDC. Overall, the CFD simulation revealed notably high mixture
heterogeneity throughout the combustion chamber, with a relatively richer mixture identified in the Dome
compared to the M/C. Following this, combustion was modeled utilizing the SAGE detailed chemistry
solver, and the results were compared in terms of in-cylinder pressure and apparent heat release rates.
The CFD results demonstrated a satisfactory model predictivity for a variation of spark-advance. These
validated model parameters were then applied to estimate the engine performance at 6000 rpm. Given
the reduced availability of mixing time at 6000 rpm, two distinct injection strategies were evaluated
numerically: single injection after intake valve closing (SInj) and split-injection (Splinj). The split injection
was particularly aimed to improve the mixture homogeneity in the main chamber and it was supported
by a late second injection after IVC. The detailed analysis of mixture preparation showed that Spin;j
appeared a more suitable for engine operations at 6000 rpm and combustion modelling predicted a
gross indicated thermal efficiency of 44 % associated to a power density higher than 100 kW/ at
6000 rpm.

In the future scope of this work, the objective will be to evaluate the Split injection strategy on the engine
test bench. Concerning the CFD, very limited data is available in the literature to evaluate the H2-air
mixing from the CFD simulations, we look forward to its quantitative validation thanks to advanced
optical techniques. In the present work, the combustion modelling was performed using SAGE detailed
chemistry solver, we would like to evaluate the predictivity of flame surface density-based models which

simultaneously incorporate the turbulence and chemistry interaction.
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Abstract.

Decarbonization of the energy and transportation systems is a major effort being pursued
through a combination of several technologies, and the usage of hydrogen - both as an energy vector
and as a fuel itself for Internal Combustion Engines (ICE) - is considered one of the key players. Con-
cerning hydrogen usage as a fuel for ICE, there are several characteristics that make it suitable as a
substitute for traditional fuels: its high calorific power, its good propensity to operate in a wide range of
air-fuel ratios, and the complete absence of carbon. In turn, these features significantly reduce NOx and
virtually eliminate HC and CO emissions vs a conventional engine.

Despite such favourable characteristics of hydrogen, controlling its combustion requires exten-
sive knowledge of its properties, such as managing combustion anomalies and employing different strat-
egies to maximize performance and minimize emissions under all operating conditions.

Direct-injection of hydrogen is probably the most important single technology that allows to
tackle the above challenges while improving engine performance versus a traditional Port-Fueled injec-
tion.

In this paper, the authors discuss the results achieved on a single-cylinder engine fitted with
direct hydrogen injection, based on a flat-deck swirling concept. The test campaign highlights the main
effects of hydrogen combustion under different engine conditions and different parameter settings such
as lambda, EGR and hydrogen injection features (including pressure and phasing). The primary goal is
to achieve efficiency and performance levels of a typical Diesel engine combined with significantly lower
criteria pollutants emissions.

Notation (optional)

CO: Carbon monoxide

COq: Carbon dioxide

COVvep: Covariance of IMEP

CR: Compression Ratio

EGR: Exhaust Gas Recirculation
GHG: Greenhouse Gases

Haexn: Hydrogen in the exhaust
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HC: Hydrocarbons

HICE: Hydrogen Internal Combustion Engine
ICE: Internal Combustion Engine

IMEP: Mean Indicated Pressure.

ISNOy: Indicated NOy emissions.

MAPO: Maximum Amplitude Pressure Oscillation
NOx: Nitrogen oxides

Sol: Start of Injection (CAD after TDC)
TDC: Top Dead Center

Texn: Exhaust temperature

A Air—fuel equivalence ratio

1. Introduction

In recent years, the quest for sustainable energy solutions has intensified, driven by pressing
environmental concerns and the imperative to mitigate climate change. Reducing greenhouse gas
(GHG) emissions is crucial to mitigating the global warming effect. At the European Union, the European
Green Deal aims to achieve zero net greenhouse gas emissions by 2050. By 2030, the interim target is
to reduce GHG emissions by 55% compared to 1990 levels. Transportation represents a substantial
source of GHG emissions, accounting for approximately 32% of the carbon dioxide (CO2) emissions in
Europe [1].

Consequently, the transportation sector is now confronted with novel challenges concerning
stringent vehicle tailpipe emissions and the urgent need to curtail CO2 emissions, thereby propelling the
sector towards decarbonization. In response to these imperatives, research within the automotive in-
dustry has actively pursued alternative solutions for the medium and long-term horizons. In this pursuit,
hydrogen has emerged as a promising alternative fuel with the potential to revolutionize the automotive
industry and pave the way towards a carbon-neutral future. Hydrogen offers a compelling solution to the
challenges posed by traditional fossil fuels, presenting an opportunity to decarbonize transportation and
reduce harmful emissions. Its production can be integrated with renewable energies serving as an en-
ergy vector. Moreover, in the transportation sector, it can be used as a fuel in alternative Hydrogen
Internal Combustion Engines (HICE), thus allowing the utilization of technology that is available today
with certain modifications. Retrofitting changes of gasoline or diesel engines to hydrogen are commonly
found in the literature. Additionally, it is also used as an additive as a combustion enhancer for other
fuels such as gasoline [2,3] or natural gas [4].

However, the use of hydrogen as a fuel also introduces new challenges for the development of
robust and efficient systems. Anomalous combustion events and nitrogen oxides (NOx) emissions are
among the primary concerns associated with hydrogen power plants. To address these issues, it is
imperative to reduce combustion temperatures to mitigate NOx emissions and prevent knocking tenden-
cies. Dilution has proven to be a valuable strategy in maintaining these emissions at low levels while
optimizing engine performance [5,6].

Another fundamental aspect is mixture formation. In many research papers, authors pointed out
that direct injection has noteworthy advantages over a port fuel injection [7], such as higher power out-
put, higher efficiency, the possibility of mixture stratification [8,9,10,11] to control NOx-formation and
reduce heat losses and above all to mitigate combustion abnormalities such as back-firing and pre-
ignitions. By controlling the timing of the intake valve closing and exhaust valve opening, researchers
achieved an impressive 42.2% brake thermal efficiency (BTE) [12]. Despite direct injection help to pre-
vent backfires, the risk of pre-ignition persists [13], particularly due to the low minimum ignition energy
of hydrogen [14]. Recently efforts had been made to overcome this situation, a new model for predicting
and preventing combustion anomalies was generated [15] to make possible a safe and efficient opera-
tion of the hydrogen internal combustion engine. Nevertheless, hydrogen DI technology is on develop-
ment [16], more research is still needed on the subject.

In this study, two main objectives are pursued. Firstly, the feasibility of achieving high-power
points utilizing hydrogen as fuel for ICE while concurrently maintaining low levels of NOx emissions.



Development of a Direct-Injection Hydrogen Combustion System based on a flat-deck swirling concept 117

Combustion stability and knock mitigation have been relevant parameters which limited engine operat-
ing conditions. To achieve this, a comprehensive investigation is conducted, several conditions were
tested on a research single-cylinder engine. Secondly, a practical solution to mitigate transient waiting
times, which often arise due to the substantial flow rates required to achieve high power levels, is pro-
posed. To address this challenge, the adoption of a post-injection strategy is advocated, which is be-
lieved to hold promise in optimizing engine performance and enhancing operational efficiency during
transient conditions. Post injection consists of an injection in the expansion stroke with the objective of
increasing the temperature of the exhaust gases. By addressing these key factors, this research aims
to contribute valuable insights into the development of environmentally sustainable and high-perfor-
mance hydrogen engines. In this sense, the study brings together current technologies and strategies
to be applied and re-adapted to the external factors, contributing to the current knowledge gap.

2. Experimental tools

The experiments were conducted on a single-cylinder Sl engine with a displacement of 489.1
cm3. The main engine specifications are listed in Table 1 for reference. Engine layout is shown at Fig.
1. The engine is featured an 83 mm bore diameter and a stroke of 90.4 mm, resulting in a compression
ratio (CR) of 10.6:1. It operated with a single cylinder and had a rod length of 145 mm. The cylinder was
equipped with 2 intake and 2 exhaust valves. Crankcase is ventilated to avoid reach high hydrogen
concentration conditions which could ignite. Fuel injection was achieved through direct injection at a
maximum pressure of 40 bar, specifically with hydrogen. A conventional spark-plug ignition system was
employed for all experimental tests. Fuel delivery was facilitated by a medium-pressure DI injection
system with a maximum injection pressure of 40 bar. The DI system ensured that the injection duration
was sufficiently short to inject the required fuel quantity as the injection approached the top dead center
(TDC). Injection duration served as a parameter for controlling the injected fuel quantity.
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In the experimental setup, the test cell and engine are equipped with essential features to ensure
accurate and controlled testing conditions. The dynamometer utilized is the AMK Type ACWA 160,
boasting a nominal power output of 60 kW and a maximum torque capacity of 500 Nm, enabling precise
measurement and control of engine performance. Furthermore, the oil/water conditioning unit, designed
by CMT, ensures optimal operating conditions for the engine throughout testing procedures. This unit is
complemented by the Bronkhorst F-113AC-1M0 H2 meter, which facilitates the measurement of hydro-
gen flow, essential for evaluating the performance of hydrogen-powered systems. Additionally, an ex-
ternal compressor, specifically the Atlas Copco ZA-1, with a maximum pressure of 3.5 bar (abs) and a
flow rate of 450 m3/h, is employed to maintain consistent air supply to the engine. To further enhance
air quality, an Atlas Copco FD 380W air dryer is integrated into the setup, ensuring that the air provided
to the engine is free from moisture and contaminants, thereby contributing to precise and reliable testing
outcomes. The gas analysers utilized in our study encompass cutting-edge technology to comprehen-
sively assess exhaust emissions and combustion characteristics. Among these, the Horiba MEXA 7100
DEGR stands out as a versatile instrument capable of measuring a range of critical gases, including Oz,
CO, COz2, HC, NOx, N20, and EGR (for hydrocarbon fuels only), providing a holistic understanding of
engine performance. Additionally, the Hz exhaust analyzer by ADEV E210126 plays a crucial role in
quantifying hydrogen emissions, offering valuable data for evaluating the environmental impact of hy-
drogen-powered systems. Together, these state-of-the-art gas analyzers form a comprehensive suite of
tools, enabling thorough characterization and analysis of exhaust gas composition and engine opera-
tion.

Typically, a flat-deck design refers to an engine cylinder head that has a flat surface, as opposed to a
more contoured or recessed design. This can influence how air and fuel mix within the combustion
chamber. Swirl, organized fluid rotation about the cylinder axis, is usually generated by bringing the air
into the cylinder with net angular momentum about the cylinder axis. It is used in smaller higher speed
diesel engines to promote more rapid fuel-air mixing, and also in spark-ignition engines to increase the

engine’s combustion rate.
Table 1. Main engine specifications.

Number of cylinders 1

Number of strokes 4

Bore 83.0 mm

Stroke 90.4 mm
Displaced volume 489.1 cc
Connecting rod length 145.0 mm
Compression ratio 10.6

Injection systems DI (max. 40 bar Hz)
Ignition system Spark (spark plug)
Valves per cylinder 2 intake, 2 exhaust
Geometry Flat-deck swirling

3. Methodology

The methodology employed in this investigation aimed to assess hydrogen combustion under
various operating conditions and injection strategies in a single cylinder Sl research engine. For this
research, a multitude of data points were collected to determine the most significant effects on the hy-
drogen engine parameters. To minimize measurement uncertainties, each test was repeated three
times. Each test consists of 200 combustion events. The results presented in the following sections
represent the average values of the parameters under study.

To ensure consistency and relevance in engine performance analysis, the research activities
were conducted under meticulously defined operating conditions. Three distinct engine speed conditions
were chosen, each representing high load scenarios:
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e High load and low Speed: Operating at 1500 rpm (1500@HL)
e High load and mid Speed: Operating at 2000 rpm (2000@HL)

e High load and high Speed: Operating at 3000 rpm (3000@HL)

Additionally, sweep post-injection activities were conducted under the following condition:

e Low speed & Low load (1500@LL)

4. Results

This section presents the outcomes of the studies conducted in the research work. Initially, the
results of high load are outlined, followed by an exposition of the findings from post injection analysis.

4.1 High load

The scientific literature extensively attests to the merits of lean combustion, encompassing the
reduction in thermal losses, NOx emissions, and decreased susceptibility to knock, among other ad-
vantages. With increasing load, ISNOx experiences a corresponding uptick, attributable to heightened
pressure and temperature within the combustion chamber. Higher A values reduce thermal NOx for-
mation mechanism and helps reaching higher load with low NOx emission levels. Also, a delayed com-
bustion phasing reduces these emissions. Figure 2 displays the results of the test matrix conducted for
high load activities, at different A values and air mass flowrate values. Under high load conditions (IMEP
range approx. from 15 to 22 bar), discernible patterns emerged across different operating speeds. A is
calculated using air a fuel mass flowrates.
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In this research article, it is delved into critical engine aspects of knocking tendency and stability
represented as knocking amplitude (MAPQ), and the covariance of IMEP (COVimepr), which play pivotal
roles in determining engine safety conditions. It is explored the text matrix finding different conditions of
knock tendency and stability, avoiding points which exceed excessive values of these parameters. Mean
MAPO values and the maximum MAPO value of each condition are displayed.

As engine speed increase, combustion stability becomes susceptible to disruption, leading to a
rise in COViver. Lower A value conditions help in mitigating such instabilities, alongside positioning
CADSO closer to Top Dead Center, thus minimizing combustion irregularities. These effects are widely
acknowledged in the domain of engine research. Notably, a significant portion of data points exhibit
COVvep below 4%, signifying stable combustion conditions.

In terms of knock, the effects of higher engine speed include an increase in the amplitude of
knocking cycles. A higher engine speed contributes to reach higher temperature conditions at the en-
gine, which could increase knocking tendency. At maximum MAPO values graph it is shown high am-
plitude knocking occurring. However, mean MAPO values remain within acceptable thresholds, most of
the points present MAPO values below 3 bar, as it possible to observe at Fig. 2. While MAPO max
indicates occasional high-amplitude knocking occurrences, it seems infrequent phenomena. Knocking
occurs probably induced by a hot spot. At the highest engine speed (3000 rpm), feasibility constraints
were encountered in achieving IMEP levels close to 20 bar. Elevated MAPO values were recorded,
indicating increased knock activity. Additionally, COVivep exhibited higher variability, signifying less sta-
ble combustion conditions compared to lower engine speed values. The results underscore the chal-
lenges associated with achieving high IMEP levels at elevated engine speed values and emphasize the
importance of monitoring knock behavior and combustion stability for optimizing engine performance
and emissions.

In pursuit of environmentally sustainable engine operations, optimizing ISNOx, and engine load
emerges as a critical focus. This entails achieving high loads while minimizing NOx emissions. As indi-
cated by the increase in IMEP, ISNOx experiences a corresponding rise due to heightened pressure and
temperature in the combustion chamber. Nonetheless, it is essential to acknowledge the inherent sus-
ceptibility to knocking phenomena at high loads. Thus, a delicate balance between load optimization
and knock mitigation strategies becomes imperative for achieving desired performance outcomes while
adhering to emission standards.

The primary objective of this study is to evaluate the viability of a high-load hydrogen engine. In
Figure 3, a selection of data points from the test matrix has been undertaken to minimize NOx emissions,
indicating a concerted effort towards emission reduction. The optimization strategy is focused on the
reduction of ISNOx, while also taking into account constraints related to stability and knock amplitude.
This approach underscores the multifaceted nature of engine optimization, where considerations for
emissions, performance, and operational stability are intricately intertwined.

The selected data points reveal the following trends. As long as the airflow allows for an increase
in A, the engine calibration should prioritize conditions with high A and delayed CAD50. This approach
is suitable for low to medium engine loads. However, for higher loads, it becomes impractical to increase
airflow to the same extent. Consequently, A needs to be reduced, and the combustion timing needs to
be advanced. To achieve high load points, a A value of 2 is targeted, along with advancing CAD50.
These conditions result in high ISNOx emissions. Nevertheless, this effect is only observed at the most
demanding operational points.

As a result of this calibration, the majority of the selected conditions demonstrate high A values,
which contribute to maintaining low ISNOx levels, as well as low MAPO results, even under high loads.
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4.2 Post-Injection

These findings provide crucial insights into the performance characteristics of the engine under
full load conditions across a spectrum of operating speeds. Particularly noteworthy are the observations
that elucidate the intricate trade-offs among emissions, combustion efficiency, and load optimization
strategies, thus highlighting the multifaceted nature of engine operation, especially under high load con-
ditions. The optimization process underscores the imperative of charge dilution to mitigate knock ten-
dency and NOx emissions. From the necessity for quicker control in highly diluted scenarios and the
urgency to shorten reaction times between different points, the concept of employing post-injection strat-
egies arises. This method, characterized by an injection during the expansion stroke, serves to elevate
the temperature of exhaust gases, thereby supplying the energy necessary to propel the turbocharger
at this high A conditions during transient conditions.

Figure 4 illustrates the significant outcomes of post-injection, notably showcasing a substantial
increase in exhaust temperature, which serves as its primary purpose. Remarkably, the rate of tem-
perature change exhibits a peak at the onset of injection. Furthermore, hydrogen presence in the ex-
haust gases arises from late injections during the expansion stroke, attributed to reduced time and low
oxygen levels leading to incomplete combustion. This phenomenon results in a portion of the fuel exit-
ing the cylinder prematurely through the exhaust valve, potentially affecting engine exhaust line sys-
tems. Further research is warranted to thoroughly investigate the consequences of high concentra-
tions of hydrogen, taking in to account the Lower Explosion Limit concentrations (LEL). Despite the
rise in NOx levels due to heightened temperatures associated with post-injection, the impact remains
relatively modest, highlighting the nuanced effects of this optimization strategy.
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Fig. 4. Main effects of post injection.

The research outcomes underscore the significance of key parameters associated with post-
injection, notably Awta, and injection timing. Effects on exhaust temperature (Texn), ISNOx, rate of change
of exhaust temperature (ATexn), and Hz emissions are analyzed.

Exhaust temperature exhibits at Fig. 5 a general increase as reducing Awtal Values. Also, a con-
sistent trend of Texn with Sol is found. Notably reaching the peak at an early Start of Injection for each
Motal level, as Awtal is closer to the stoichiometric as early is located the peak. The reduced time to be
burned for hydrogen injected on the post injection are probably the main cause of this trend. Exhaust
temperature gradient mirrors this pattern closely, reaching the maximum ATexn value at less diluted con-
ditions (Mtotai =1 and 1.1).
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In terms of emissions, ISNOx levels reach their peak at Awotal = 1, showcasing a notable associ-
ation with significantly delayed Sol values. Furthermore, H2 emissions surge with higher A values and
delayed Sol, reflecting a direct correlation between injection frequency and elevated H: levels in the
exhaust. This phenomenon likely arises from diminished oxygen availability for oxidation and limited
time for adequate mixing. These trends require a more in-depth analysis to understand why delaying
post-injection leads to an increase in nitrogen oxide emissions.
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Fig. 5. Sol and Awtal Sweep for post injection results.

Table 2. delineates optimal results for Sol concerning Awta, Texn, and ATexn, Offering crucial insights for
potential calibration optimization in this technological realm. Optimal values for Sol which maximize
exhaust temperature and increment of temperature are shown. For A=1.3, Sol =110 and 120 CAD reach

similar values.

Table 2. Optimal Sol values for different variables, increment of temperature and final exhaust temperature.

Atotal (-)
Optimal Sol (CAD) | 1.0 1.1 1.3 15
Texn (°C) 90 100 110/120 | 120
ATexn (°C) 90 100 | 110/120 | 120

Conclusions

In conclusion, this research underscores the potential of Hydrogen Internal Combustion Engine
with Direct Injection as a promising contender for realizing a carbon-free future power plant. The flat
deck swirling concept demonstrates the capacity to deliver high power outputs while maintaining favor-
able emissions profiles.

A notable finding of this study is the identification of operating points where high load outputs
align with low Specific NOx emissions levels. Through adjustments such as delaying combustion phas-
ing, employing high dilution ratios, it was possible to achieve reduced NOx emissions while ensuring
combustion stability and managing MAPO effectively.
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Moreover, the investigation reveals the potential of Post-injection strategies to increase exhaust
temperature, and further mitigate NOx emissions, with acceptable levels of hydrogen (Hz2) emissions in
the exhaust. This underscores the versatility of HICE-DI in addressing emissions concerns across di-
verse operating scenarios.

While these findings highlight the promise of HICE-DI technology, further research and devel-
opment efforts are necessary to optimize its implementation. Particularly, addressing challenges related
to transient performance and emissions control will be crucial. By advancing HICE-DI technology and
continuing to innovate in this field, it can accelerate progress towards a sustainable and environmentally
friendly energy landscape.
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Abstract.

In the critical context of global warming, the diversification of the energy sources is urgently
required. Regarding mobility, in addition to vehicles electrification and advanced biofuels, hydrogen
holds the potential to address significant emission reduction for internal combustion engines. This ap-
proach preserves the advantages of current fossil fuel engines, such as established and proven tech-
nology, long lifespan, controlled costs, and an exceptionally low carbon footprint. Hydrogen is conven-
ient for heavy-duty and off-road applications for which battery capacity is challenging.

Currently, two approaches cohabit in the engineering of hydrogen internal combustion engines:
the adaptation of a Diesel-based engine or the design of a brand-new engine dedicated to hydrogen.
The main goal of the presented study is to establish the specifications for a dedicated hydrogen direct
injection combustion system designed for heavy-duty applications.

The key features of the combustion system have been defined through numerical analysis, fo-
cusing on the main challenges of hydrogen combustion engine: fuel/air mixing quality, combustion pro-
cess, and resistance to abnormal combustions.

The 3D simulation of the final optimized design demonstrates the potential for improved effi-
ciency and low emissions in a dedicated hydrogen direct injection engine, compared to retrofitting a
Diesel-based combustion system. A heavy-duty single-cylinder engine equipped with the optimized
combustion system has been tested on a test bench using hydrogen. A double-stage turbocharger
model has been implemented in the loop to give realistic conditions on air loop for the single-cylinder
engine tests. The experimental results confirm the effectiveness of the dedicated combustion system
approach that has been highlighted with 3D simulation, particularly in terms of efficiency, low emissions
and full-load performance.

1. Introduction

Ground transportation is one of the main contributing emitters of Green House Gases (GHG).
The limitation in natural resources and the continuous growth of mobility demand imply that Battery
Electric Vehicle (BEV) will be only a part of the answer to address the carbon neutrality of ground trans-
portation sector. Hydrogen energy carrier could be an interesting solution, specifically for heavy duty
vehicles. Indeed, for these applications (heavy trucks, buses, building and public work), using an electric
powertrain could be a real challenge as long range and high energy density are needed, leading to a
disproportionate mass of battery and recharging time. However, hydrogen production must be carbon-
free. Green Hz produced by water electrolysis is improving and becoming more attractive and it appears
in the EU roadmap for 2050 carbon neutrality [1]. Hydrogen can be used in a fuel cell or in an internal
combustion engine. This latter solution has many advantages: low-cost compared to fuel cells, re-use
of current fossil fuel engine technology, robustness regarding ambient conditions (temperatures, vibra-
tions, dusty environment) and low-purity hydrogen compatibility [2].

Moreover, hydrogen as a fuel has many advantages concerning its intrinsic properties for com-
bustion as shown in Table 1. Its wide flammability range and high flame speed (compared to gasoline
and natural gas) allow, with an adapted air loop, ultra-lean combustion yielding low NOx emissions [3].
However, H2 combustion is not free from drawbacks. Gaseous hydrogen has a low density and thus,
despite a high mass energy density, a low volume energy density. Those specificities will induce mixing
issues and additional compression work. Due to its low ignition energy, hydrogen is prone to abnormal
combustion such as for example pre-ignition or backfiring. Additionally, hydrogen internal combustion
engines typically operate with a high air-fuel equivalence ratio (A) to closely monitor NOx emissions,
aiming for near-zero levels. Thus, ensuring optimal air/H2 mixture homogeneity becomes crucial, and
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this mixing process must be optimized thanks to a combination between adapted injection strategy and
high turbulence kinetic energy in the combustion chamber.

Table 1. Hydrogen physical and chemical properties at 1 bar and 300 K [3]

Properties Isooctane (Gasoline) Methane Hydrogen
Mass diffusivity in air (cm?/s) 0,07 0,16 0,61
Minimum ignition energy (mJ) 0,28 0,28 0,02
Minimum guenching distance at A=1 (mm) 3,5 2,03 0,64
Mass lower heating value (MJ/kg) 42 50 120
Vol. lower heating value (MJ/m?3) 32000 (liquid) 35,82 (gas) 10,8 (gas)
Density (kg/m®) 692 0,65 0,09
Stoichiometric air-to-fuel ratio (kg/kg) 14,5 171 34,4
Flammability limits in air (%vol) 1,126 5215 4275
Flammability limits in air (A) 1,51 2 0,26 20,6 10> 0,14
Laminar flame speed at A=1 (cm/s) 45 48 290

Two approaches cohabit in the engineering of Hz internal combustion engines: retrofitting a cur-

rent Diesel (or gas) engine or developing a brand-new dedicated H2 combustion chamber [4]. The ret-
rofitting concept means to operate minimum changes to the initial Diesel or gas engine basis, reducing
the global cost of this solution. But in this case, the air loop and the combustion chamber are not fully
optimized for hydrogen combustion.
In this study, the brand-new dedicated Hz engine approach has been considered. A new combustion
chamber dedicated to hydrogen direct injection (DI) combustion has been designed for heavy-duty ap-
plication, including the piston shape, the compression ratio and the intake and exhaust ducts. Then, the
combustion system has been manufactured, and tested on a new single cylinder engine. A previous
IFPEN paper [5] presents in detail the first phase of the study with the work done to design the combus-
tion system: this step corresponds to the first descending branch of the “V” design workflow diagram of
a combustion chamber displayed on figure 1.
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The present article is dedicated to the test campaign results for the single-cylinder engine with
this new combustion chamber dedicated to hydrogen combustion. In a first part, the engine and test cell
features are described together with the choices made for the engine design. Then, the injection strategy
is studied at part load, followed by the process to obtain optimal engine settings supported by simulation.
Besides, a methodology for abnormal combustion detection at high load is discussed. The engine tuning
strategy to reach full load is then presented. Finally, a full engine map with optimized settings is dis-
cussed as a global picture of this study.
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2. Engine description and experimental Setup

2.1 Engine description

The table 2 presents the main characteristics of the engine designed and built according to
paper [5]. The tested engine is a single cylinder with a 2.147 L displacement. This engine basis repre-
sents a 6 cylinders engine with a 13 L displacement used for heavy-duty trucks. The maximum peak in-
cylinder pressure is set to 170 bar for the engine integrity at full load. The compression ratio (CR) has
been chosen at 11.8:1. This value comes from previous IFPEN experience [6;7]. For example, 3 different
CR (10, 12.4 and 16:1) were tested on a passenger car hydrogen single-cylinder engine, indicating that
CR =12.4:1 is the best trade-off between efficiency and abnormal combustion occurrence [7]. The cho-
sen 11.8:1 compression ratio is obtained thanks to a pent-roof cylinder head and a piston with central
shallow bowl facing the direct injector and the spark plug.

H2 is directly injected in the combustion chamber with the injector located between the intake
ports. The injector technology is a Phinia outward opening valve nozzle. The injection pressure is set at
40 bar for all the tests, yielding a maximum mass flowrate of 15 g/s in steady state conditions.

The spark plug is supplied by Tenneco and is implemented vertically at the center on the cylinder
head, close to the injector. The spark plug is chosen with a high heat range (meaning cold spark plug)
and with reduced air gap. The material of the electrodes is platinum-free as this precious metal can be
a catalyst for oxidation in presence of hydrogen.

A Miller intake camshaft with Variable Valve Timing (VVT) actuator is implemented. The Intake
Valve Opening (IVO) setting range is centered on Top Dead Center (TDC). The interest of using Miller
strategy is detailed in the next paragraph. Besides, a standard exhaust camshaft with VVT actuator is
implemented. The Exhaust Valve Closing (EVC) setting range is also centered on TDC.

Table 2. Engine main characteristics

Bore x Stroke 135 x 150 mm

Displacement 2 147 cm?®

Connecting rod length | 235 mm

Compression ratio 11.8:1

Valvetrain VVT on intake and exhaust camshafts / Miller strategy on intake

Air motion Swumble™

H2 injection Phinia direct injector / Max mass flowrate = 15 g/s / Injection pressure = 40 bar
Ignition Tenneco cold spark plug with reduced air gap

Ma_x. admissible peak 170 bar

cylinder pressure

A previous IFPEN paper [5] explains that this engine was designed using 0D and 3D simulation
tools and IFPEN know-how according to four key points:

e  The air motion of the engine is based on the Swumble™ concept which is a combination
of slight swirl and high tumble air motion. The two intake ports have been designed together
with a pent-roof cylinder head adapted to spark-ignited combustion as shown in figure 2.
Hydrogen combustion is done in homogeneous mode. It implies that high turbulence is
required to enhance air/Hz mixing and burning velocity. The previous paper [5] compared
swirl air motion with a flat roof cylinder head and Swumble™ with a pent-roof cylinder head.
It was found that the latter leads to higher Turbulent Kinetic Energy (TKE) and better mix-
ture homogeneity at the vicinity of the spark plug at the combustion activation.

e The use of a cap on H: injector nozzle changes the jet targeting. The interaction between
Swumble™ air motion and supersonic hydrogen jet enhances turbulent kinetic energy lead-
ing to improved air/Hz2 mixing.

e  The use of Miller intake valve improves hydrogen combustion behaviour. In the previous
study [5], it has been confirmed that Miller intake valve was an interesting trade-off for
improved air/Hz mixing, reduced temperature inside the cylinder at firing TDC and reduction
of knock tendency.

e  The use of aluminium as a material for cylinder head reduces wall temperatures compared
to conventional cast iron, leading to reduced knock or even pre-ignition propensity.
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Intake spark plug

Injector

Exhaust

Fig. 2. Cylinder head with intake and exhaust ports

2.2 Test cell description

The single cylinder engine described in the previous paragraph has been installed on a hydro-
gen test cell at IFPEN in Solaize, France, to perform a test campaign as illustrated in figure 3. This test
bench has been preliminarily modified to be compatible with hydrogen applying the methodology de-
scribed in the Verhlest and Wallner overview on hydrogen internal combustion engines [8].

Pressurized intake air was provided by an external compressor through a sonic flowmeter. For
all the tests, the intake temperature was controlled with an air heater between 30 and 55 °C according
to a map depending on engine speed and intake pressure. A flap is used in the exhaust line to simulate
the backpressure of a real double-stage turbocharging system. An in-house real-time air loop model is
implemented on the test bed supervisor software to evaluate the exhaust backpressure and the corre-
sponding exhaust flap position. The inputs of this double-stage turbocharger system model are intake
pressure and air fuel equivalence ratio (also referred as Aexnaust). The model includes low pressure (LP)
and high pressure (HP) compressor and turbine maps that are extracted from a real double-stage tur-
bocharged heavy-duty engine with similar unitary engine displacement. No exhaust gas recirculation
(EGR) has been used for these tests and no water injection has been implemented on this engine.
These two features will be implemented and tested in the next part of the project. Hydrogen is supplied
at 40 bar to the direct injector and the hydrogen flow is measured by a Coriolis mass flowmeter located
upstream the injector. Hydrogen is provided by Air Product with a purity > 99.95%. All actuators (ignition,
injection, VVT) are controlled with an in-house Electronic Control Unit (ECU). Multiple closed-loop con-
trols are implemented on the supervisor software for controlling Indicated Mean Effective Pressure
(IMEP), Crank Angle Degree for 50 % mass fuel burnt (CA50), air fuel equivalence ratio (Aexhaust), air
intake pressure and exhaust backpressure.

Fig. 3. Architecture of the single-cylinder engine and implementation in IFPEN test cell

Real time engine-out emissions (HC, CH4, CO, CO2, O2, NO and NO2) have been measured by
Horiba MEXA-7100DEGR analyser. Particle number is measured by SPCS Horiba Mexa 2100. Hydro-
gen engine-out emissions are measured by a SICK GMS810 gas analyser. The reference relative air-
fuel ratio Aexnaust is determined based upon the exhaust gas composition making an oxygen atomic bal-
ance. This value of Aexhaust is also validated with a measure done by a UEGO A-sensor located in the
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exhaust line. Oil and coolant were supplied by electrically driven external pumps and temperatures were
kept constant for both fluids at 90 °C + 2 °C. The oil used for this test campaign is a Diesel engine oil
referenced as Rubia Optima 1100 FE 10W30 from Total Energies.

Combustion is monitored by an in-cylinder pressure transducer recorded with an angular reso-
lution of 0.1 CAD for 300 consecutive engine cycles. Apparent Heat Release Rate (HRR) and burnt
mass fraction are obtained from in-cylinder pressure traces. Moreover, pressure transducers are present
at the entrance of the intake port and at the exit of the cylinder head on exhaust port. The objective is
to record the engine acoustics, i.e. the pressure oscillations on both intake and exhaust ports during
engine tests.

5 %0 s B 75 M 6 s w0 o6«

Oxygen (%)

Fig. 4. Ternary diagram Lower/Upper Explosive Limits (LEL/UEL) for hydrogen at 20 °C and 1 bar

It is well-known that unavoidable blow-by through piston rings during hydrogen combustion
leads to Hz enrichment in the crankcase [9]. The gas composition in the crankcase results from a mixture
of gases escaped from the cylinder during intake and combustion-expansion strokes. At any time, it is
mandatory not to be in the flammability domain of hydrogen inside the crankcase. This forbidden area
is depicted in figure 4 by a ternary diagram as a function of hydrogen, oxygen and inert gases (N2 and
H20) concentrations. At 20 °C, explosive conditions are obtained when Lower Explosive Limit (LEL) is
reached, for 4 % of Hz concentration (LEL drops at 3.7 % for 90 °C). To maintain the Hz concentration
below this limit in the crankcase, an additional pump aspirates filtered ambient air through the crankcase
and the upper part of cylinder head. The mixture of air and blow-by gases passes then through an oil
gas/liquid separator.

After installing this single cylinder engine in the described test cell, a full test campaign has been
caried out on this engine configuration and the test results are discussed in the next section.

3. Engine test results

3.1 Injection strategy

During the test campaign, two different injection strategies were tested at part load in steady-
state conditions at 1200 rpm engine speed and IMEP = 12 bar with no valve overlap (EVC = 0 CAD
ATDC and IVO = 0 CAD BTDC at 1 mm valve lift) and with Aexnaust S€t constant at 2.5 (see figure 5):

e Injection during intake valve opening. The objective is to have sufficient time to homogenize
the air and hydrogen in the combustion chamber. Any heterogeneity must be avoided as it
leads to NOx emissions and even to pre-ignition. This injection strategy is close to port fuel
injection but without having the hydrogen transit in the intake port.

¢ Injection after intake valve closing. In this case, the time is reduced for air/H2 homogeniza-
tion and heterogeneities have more probability to be present in the combustion chamber.
Moreover, stratification of the fuel can occur if the Start Of Injection (SOI) is too late.
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Fig. 5. SOI variation at 1200 rpm, IMEP = 12 bar and Aexhaust= 2.5

The figure 5 presents the main results of the SOI variation. The spark timing is not kept constant
during the variation but set to MBT timing (minimum spark timing for best torque). The Intake Valve
Closing (IVC) corresponds to SOI = 200 CAD BTDC as depicted by the vertical blue dotted line. On
each chart of the figure 5, results with injection during intake valve opening are on the left part of the
curve while those with injection after intake valve closing are on the right part. At any time, the hydrogen
jet is supersonic, since the cylinder pressure at the End Of Injection (EOQI) is below half of the injection
pressure (20 bar in this case). As the SOl varies, the injector backpressure (meaning the cylinder pres-
sure) changes too. The injection duration has then been slightly adapted between 35 to 38 CAD to keep
the injected amount of hydrogen constant, whatever the considered SOI.

Whatever the injection strategy, the indicated thermal efficiency is between 45.5 to 46.2 % with
an optimum for SOI = 300 CAD BTDC for injection during intake valve opening. The calculation of vol-
umetric efficiency considers the volume of injected hydrogen, when injection is done only during intake
valve opening. In figure 5, the volumetric efficiency is depicted in grey dotted line without hydrogen
volume correction and in full black line with hydrogen volume correction. Considering hydrogen volume
improves volumetric efficiency by 0.12 points during intake valve opening. It is also observed that hy-
drogen injection during intake valve opening can improve volumetric efficiency compared to the intake
of air only, in the case of hydrogen injection after intake valve closing. This volumetric efficiency im-
provement occurs, when the hydrogen injection generates a favorable pressure oscillation within the
combustion chamber, leading to an increment of cylinder pressure at the IVC event.

The ratio of engine cycles with pre-ignition is also estimated thanks to the methodology ex-
plained in the following paragraph §3.3. When the ratio of engine cycles with pre-ignition is below 0.1%,
the pre-ignition occurrence is considered as not significant, and the pre-ignition becomes prohibitive
when this ratio increases over the threshold of 0.1%. In figure 5, whatever the injection strategy, no
prohibitive pre-ignition occurrence is noticed except for the SOl = 240 CAD for which the ratio of pre-
ignition increases significantly. This corresponds to the hydrogen injection occurring simultaneously with
intake valve closing phase. Indeed, the duration of injection is around 36 CAD with a SOI = 240 CAD
and IVC is equivalent to SOl = 200 CAD. The explanation of this behaviour is not clarified but it is
assumed that supersonic hydrogen jet interacts, in the combustion chamber, with decreasing intake air
velocity, coming from intake ports because of intake valve closing phase. The mechanisms of this inter-
action leading to pre-ignition should be analysed with advanced tools (optical diagnostics or 3D simula-
tion) to be completely explained. As a remark, this trend is experienced in almost all engine tested points.

NOx emissions are higher with injection after intake valve closing. The explanation is the in-
crease of effective compression ratio for this latter injection strategy. A specific test has been done to
evaluate the evolution of effective CR for the two different injection strategies. The objective is to have
access to the full compression curve between Bottom Dead Center (BDC) and firing TDC by setting the
spark timing to -1 CAD ATDC for both injection strategies as shown in figure 6. With a simple calculation
of the Laplace law PVY and an assumption on the value of y, the effective CR is evaluated. The injection
after intake valve closing increases the effective CR by 1.46 points. The rise of effective CR leads to an
increase of in-cylinder temperature at firing TDC which can increase knock propensity and can explain
the higher NOx emissions with injection after intake valve closing. Furthermore, when SOI decreases
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for injection after intake valve closing, the NOx emissions continue to increase, and it is assumed to be
caused by an air/Hz2 mixing degradation.

Finally, the optimal injection strategy is during intake valve opening as NOx emissions are lower
and indicated thermal efficiency is maintained at a high level.
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Fig. 6. Effective CR evaluation at 1200 rpm IMEP = 12 bar and Aexhaust = 2.5

3.2 Optimal settings at part load

After setting the injection strategy, the other engine control settings are optimized at part load.
The first step is to identify the optimal combustion phasing regarding the indicated thermal efficiency.
An example is given in Figure 7 at 1200 rpm engine speed and IMEP = 9 bar for Aexhaust varying from 1.8
to 3.5. The optimal CAS50 is obtained between 3 and 6 CAD ATDC as it corresponds to the highest
indicated thermal efficiency. For Aexnaust = 1.8 and 2.0, NOx emissions reach high levels, and they are
drastically reduced and close to zero for Aexhaust higher than 2.5. Besides, unconverted fuel energy
(meaning Hz exhaust emissions) is similar for Aexnaust in the range of 1.8 to 2.5. For Aexhaust= 3.0 and 3.5,
the H2 emissions significantly increase as Hz is too diluted for a complete combustion and combustion
flame speed is slowed down.
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Fig. 7. Spark Timing variation at 1200 rpm, IMEP = 9 bar, SOI = 300 CAD BTDC for Aexhaust from 1.8 to 3.5

Based on this result of optimal CA50, the figure 8 presents a full map of SOI vs Aexhaust for the
same operating point at optimal combustion phasing CA50 = 5.5 CAD ATDC. The objective is to identify
the optimal SOI and Aexnaust Settings for this operating point. The range of tested Aexnaust is between 1.8
and 3.5, and between 180 and 330 CAD BTDC for SOI. With the VVT set to 0 CAD of valve overlap at
1 mm valve lift, the intake valve opening corresponds to SOl = 200 CAD BTDC and as injection angle
duration is around 25 CAD, all the lower parts of the maps for SOl < 225 CAD are considered as injection
strategy after intake valve closing. This latter strategy has already been seen as non-optimal at part
load.

For this operating point, the optimal Aexhaust is around 3.0 as indicated thermal efficiency is very
high (around 46.5 %) and NOx emissions are close to 0 g/kWh. H2 emissions are starting to increase
but the level of unconverted fuel energy is still moderate.

The optimal SOl is around 300 CAD BTDC as volumetric efficiency is maximized. This effect
has already been discussed in the injection strategy section: volumetric efficiency is improved when the
hydrogen supersonic jet generates a favourable pressure oscillation within the combustion chamber.

When Aexhaust increases, the mixture is more diluted and the maximum of heat release rate de-
creases: the reduction of max HRR is around 45 % when Aexhaust increases from 1.8 up to 3.5. At fixed
Aexnaust, the maximum of heat release rate is almost constant except for very early injection with SOI >
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300 CAD BTDC, explaining the fact that SOI = 300 CAD BTDC is the optimum and injection cannot be
further advanced. Finally, the optimal settings at 1200 rpm engine speed and IMEP = 9 bar are CA50 =
5.5 CAD ATDC, SOI = 300 CAD BTDC and Aexhaust = 3.0. The methodology presented in this section
has been applied for the engine tuning on several engine points at part loads.
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From these results obtained at part load at 1200 rpm and IMEP = 9 bar, simulation feedback
has been realized, with the CFD software CONVERGE™ version 3.1.9, using the setup described by
Duffour et al. [5] and according to the conditions operated experimentally for a SOl = 260 CAD BTDC
at Aexnaust = 2.5. Only one remarkable change is realized in the 3D numerical setup concerning the ECFM
combustion model that is now associated to a newly developed turbulent stretching model described by
Suillaud et al. [10]. This model is better adapted to high Karvolitz combustion and thus diluted combus-
tion, as for lean hydrogen internal combustion engine.

For the best indicated efficiency operating point at 1200 rpm and IMEP = 9 bar, at SOI = 260
CAD BTDC, the Extended Coherent Flame Model (ECFM) combustion parameter has been calibrated
(see figure 9). A good match is observed between experiments and simulation for the mean in-cylinder
pressure and for the apparent heat release rate (HRR). The calculated in-cylinder pressure maximum
value is almost the same as that from experiment. However, higher peak of heat release rate can be
observed in simulation compared to experiments leading to faster combustion.
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Fig. 9. Cylinder pressure and HRR for 3D simulation and experiments at SOl = 260 CAD BTDC

Global data for the combustion such as burn duration and IMEP are presented in table 3. We
observe almost same CA50 calibration for both simulation and experiments, a small difference of 0.5
CAD in burn duration (CA90 — CA10). Moreover, all data that concerns the energy losses diagram are
compiled inside this table and compared to the experimental results. One can observe the very good
match in terms of indicated efficiency, global heat transfer and unconverted percentage of the total fuel
energy introduced compared to experimental results. This highlights the validity of the numerical ap-
proach used to design this combustion system.

Tab. 3. Percentage of the total energy converted in heat losses, indicated efficiency, unconverted fuel energy and
burnt duration between simulation and experiments at SOl = 260 CAD BTDC

Experiment (EXP) [ Simulation |

Unconverted fuel energy [%] 1.56 1.44
Heat losses [%] 9.15 8.47
Other losses (exhaust + pipes) [%] 41.90 42.57
Indicated Thermal Efficiency [%] 47.38 47.52
IMEP [bar] 9.00 9.17
CA10 [CAD ATDC] 0.4 0.8

CA50 [CAD ATDC] 5.9 5.6

CA90 [CAD ATDC] 12.5 13.5
CA90 - CA10 [CAD ATDC] 12.1 12.6

Finally, for this operating point 1200 rpm engine speed and IMEP = 9 bar, a Spark Advance
(SA) sweep between 14 and 0 CAD BTDC has been realized by simulation and compared to the results
obtained experimentally. The results for the in-cylinder pressure and the integrated heat release rate
(burnt duration) are presented in figure 10, with experiments in dotted lines and simulation in full line.
The results show a good agreement in terms of in-cylinder maximum pressure and burnt duration. De-
viation is observed only for delayed spark advance due to the need for more H: injected mass to com-
pensate the reduction of indicated efficiency and thus keep the same 9 bar IMEP. This was unfortunately
not realizable by simulation, due to very high simulation time duration with hydrogen supersonic injection
(very low time step) thus, hydrogen injected amount was considered constant for this variation.
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Fig. 10. In-cylinder pressure and integrated HRR for 3D simulation and experiments
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The dependance of NOx emissions on the spark advance coming from experiments and 3D
simulations are compared in Figure 11. These NOx emissions are computed in 3D simulation using
extended Zeldovich mechanism [11] and considering that the NOx emissions from Hz ICE are mostly
due to thermal NOx. NOx emissions follow the same trend regarding SA variation, but the absolute
computed values are lower, by a factor 2 to 2.2. It underlines the need for better understanding and
modelling of NOx emissions in Hz ICE.

1,2

-s-Simulation
---EXP

SA [CAD]

Fig. 11. NOx emissions function of spark advance for experiments and 3D simulation

3.3 Abnormal combustion characterization at high load

At higher loads (around IMEP > 15 bar), hydrogen combustion can lead to any type of abnormal
combustion such as backfiring, knocking or pre-ignition.

As hydrogen direct injection is implemented on this engine, the backfiring has not been experi-
enced during the test campaign. Concerning pre-ignition or knock, they can suddenly occur, in steady-
state conditions, without modifying any engine setting. It must be mentioned that pre-ignition can occur
with a peak cylinder pressure not exceeding the limit value for this engine (set at 170 bar) as depicted
in Figure 12. However, even if these combustion cycles cause no damage to the engine, they must be
avoided as much as possible.

140 Engine cycle in

130 pre-ignition mode

Cylinder pressure [bar]

T T T T T T T T T T
60 -50 -40 -30 -20 -10 0 10 20 30 40 50 60
Crank Angle Degre [CAD]

Fig. 12. Example of an engine cycle with pre-ignition with “safe” peak cylinder pressure

A test methodology has been set up for pre-ignition and knock detection for high load operating
points. At the test cell, detecting abnormal combustion requires to record sufficient samples of engine
cycles to properly calculate index statistics. During the tests, the recorded statistical population was set
to 3000 consecutive engine cycles to operate the abnormal combustion detection. The left-hand charts
on figure 13 illustrate the recording of CA10 and peak cylinder pressure for 3000 consecutive engine
cycles at 1200 rpm, IMEP = 16 bar. The CA10 burn mass fraction is obtained from in-cylinder pressure
trace using an in-house combustion analysis tool and CA10 is positive when it occurs after firing TDC.
On the right-hand charts, the normal distribution is calculated and compared to the cumulative index per
value of the statistical population. It is then validated by approximation that recorded CA10 and peak
cylinder pressure have a centered and symmetrical normal distribution. The Gauss-Laplace distribution
[12] says that 99 % of the population samples of a normal distribution are contained between the bound-
aries of u(population) + 2,4. o(population) with y, the mean value and o, the standard deviation. These
boundaries are depicted by dotted blue lines on the charts of figure 13.
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For an engine cycle n, the pre-ignition is then set and defined by meeting simultaneously these
two conditions:
1. CA10,, < p[Population(CA10)] — 2,4.c[Population(CA10)]

2. Peak Cyl.P, > u[Population(Peak Cyl.P)] + 2,4.a[Population(Peak Cyl.P)]

Then, the ratio of engine cycles with pre-ignition can be estimated. When the ratio of engine
cycles with pre-ignition is below 0.1%, the pre-ignition occurrence measure is considered as not signifi-
cant, and the pre-ignition becomes damageable when this ratio increases over the threshold of 0.1%.

For knock detection, the methodology is similar by using the Kp_Pk criterion. This index is de-
fined by AVL as the absolute maximum of the rectified knock oscillation superimposed on the cylinder
pressure [13]. For an engine cycle n, the damageable knock is then defined by meeting this condition:

Kp_Pk, > u[Population(Kp_Pk)] + 2,4.c[Population(Peak Cyl.P)]
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Fig. 13. Normal distributions of CA10 and peak cylinder pressure at 1200 rpm, IMEP = 16 bar, SOI = 290 CAD

The figure 14 shows an example of this pre-ignition and knock detection methodology applied
to a SOI sweep at 1200 rpm IMEP = 16 bar with VVT actuator set for no valve overlap. The charts
display the peak cylinder pressure versus the CA10 for 3000 consecutive engine cycles. The two con-
ditions for detecting pre-ignition are depicted by the blue dotted line rectangle. If the indexes of engine
cycles are inside this rectangle, they are symbolized by green circle marks, and it means that combus-
tion is in normal mode without any pre-ignition. If the indexes of engine cycles are outside the blue
dotted line rectangle in the upper left side, they are symbolized with red circle marks: the combustion is
in pre-ignition mode. Then, the percentage of engine cycles with pre-ignition can be evaluated.

From the test results, we notice that very low rates of unsafe pre-ignition are experienced for
earlier SOI between 270 and 310 CAD BTDC. When SOl is delayed from 250 to 230 CAD BTDC, the
percentage of engine cycles with pre-ignition increases significantly and overpasses the threshold of
0.1%, meaning that damageable pre-ignition is occurring. For these latest SOI, as injection angle dura-
tion is around 48 CAD, the injection occurs simultaneously with the closing of the intake valve. As pre-
viously discussed in the injection strategy section, it is assumed that the supersonic hydrogen jet inter-
acts with decreasing intake air velocity coming from the intake ports because of intake valve closing
leading to intense pre-ignition. The detailed mechanisms are not clearly identified but the methodology
described in this section highlights the correlation between pre-ignition and injection during intake valve
closing phase.



138 D. Serrano, V. Giuffrida, T. Valin, F. Duffour, X. Gautrot

Besides, the observation of test results points out that knock occurrence frequency increases
with pre-ignition frequency but at a lower rate. This means that some engine cycles with intense pre-
ignition lead also to knock detection, but not all of them. Finally, this detection methodology has been
applied for the engine settings tuning of all high load operating points.
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Fig. 14. Detection of engine cycles with pre-ignition and knock for a SOI variation at 1200 rpm IMEP = 16 bar
with no valve overlap, EVC/IVO = 0/0 CAD ATDC/BTDC

3.4 Full load strategy

The objective of this section is to identify the main limitations of the full load for this hydrogen
internal combustion engine. These limitations can vary with a different engine architecture. The engine
tuning strategy can then be deduced from the identification of the main boundaries. Considering the
abnormal combustion detection methodology described in the previous section, a spark timing variation
is performed at 1200 rpm, IMEP = 16 bar for Aexnaust = 2.0, 2.5 and 3.0 with positive valve overlap of 20
CAD at 1 mm valve lift. The test results are shown in figure 15. The combustion phasing is limited by
three main boundaries shown in the indicating thermal efficiency chart:

1. For early combustions (low values of CA50), the combustion is obviously limited by the in-
crease of the Kp_Pk index indicating a higher knock propensity. The pink area on the low-
left hand of the chart represents the prohibitive knock area. The minimum CA50, just before
knock limitation, is delayed with the reduction of Aexhaust.

2. For early combustions and high values of Aexnaust, the combustion can be limited by the peak
cylinder pressure set to 170 bar for this single cylinder engine. The blue area on the upper-
left hand of the chart represents the prohibitive peak cylinder pressure area.

3. For delayed combustions (high values of CA50), the combustion is limited by the increasing

ratio of engine cycles in intense pre-ignition mode. The purple area on the low-right hand of
the chart represents the prohibitive pre-ignition area. The maximum CA50, just before pre-
ignition limitation, is advanced with the reduction of Aexhaust.
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Considering these three limitations simultaneously, the possible CA50 combustion phasing
range is drastically reduced when Aexhaust decreases. When engine load increases, Aexhaust must be re-
duced to decrease air demand, meaning that the turbocharging system can achieve the level of required
intake pressure.
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Fig. 15. Spark timing sweep for Aexhaust = 2.0, 2.5 and 3.0 at 1200 rpm, IMEP = 16 bar, SOl = 300 CAD BTDC
with 20 CAD of positive valve overlap (EVC/IVO = 10/10 CAD ATDC/BTDC)

The following step is to operate a load sweep to build up the engine tuning strategy for reaching
the full load. An example of load sweep at 1200 rpm engine speed is given in Figure 16. The maximum
IMEP reached on this engine configuration at 1200 rpm is IMEP = 23.5 bar with low CoV IMEP and no
intense pre-ignition occurrences. The strategy for increasing IMEP can be summarized by the following
key points:

e  One of the main pre-ignition causes is the high concentrations of residual burnt gases in-
side the combustion chamber coming from the previous engine cycle. To reduce their con-
centration, the VVT actuator must be set up for positive valve overlap to allow an efficient
air scavenging of the combustion chamber. Indeed, at high load, the double-stage turbo-
charger model implemented at the test bed results in low exhaust backpressure creating a
favourable differential pressure between exhaust and intake. The consequence is an effi-
cient air scavenging during valve overlap as shown in the charts of figure 16. It is interesting
to mention that this strategy is only possible with hydrogen direct injection.

e  The mixture must be enriched when engine load increases for having achievable intake
and exhaust pressures by the turbocharging system, meaning that the double-stage turbo-
charger is capable to reach the intake pressure demand with a low exhaust pressure. Aexhaust
is then reduced from 3.0 at IMEP = 10 bar down to around 2.1 at full load. At high loads,
as VVT is set up for positive overlap, Aexhaust is higher than Ain-cyinder because of the air scav-
enging.

e  The optimal injection strategy is during intake valve opening phase. Besides, optimal SOI
at part load is near 300 CAD ATDC. When engine load increases, SOl must be set up
earlier so that injection, which lasts longer, ends before the closing of the intake valve. It
has already been mentioned in this article that the simultaneity of hydrogen injection and
intake valve closing leads to uncontrollable pre-ignition. Obviously, at high load, there is
positive valve overlap and SOl must not be set too early and must be done after the EVC.
For this engine speed of 1200 rpm, the injection angle duration fits in the intake valve open-
ing phase without any interaction with the intake valve closing phase. Yet, at higher engine
speed, 1900 rpm for example, this limitation takes place.
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Fig. 16. Engine settings, emissions, and efficiencies for IMEP variation at 1200 rpm engine speed from 4 bar
IMEP to full load

The indicated thermal efficiency is still very high at full load, around 47 %, close to the maximum
of 48 % reached at IMEP = 12 bar (figure 16). Moreover, the HP indicated thermal efficiency is lower by
1 % to 1.5 % compared to indicated thermal efficiency. This gain of 1 % to 1.5 % for indicated thermal
efficiency is only due to the double-stage turbocharger positive impact on air loop for these engine op-
erating conditions. Besides, at full load, NOx emissions drastically increase up to 20 g/kWhi as Ain-cyiinder
decreases. Unconverted fuel energy (or Hz exhaust emissions) drops from 1 % to 0.2 %. This could be
explained as Ain-cyinger decreases, combustion efficiency is significantly improved.

Finally, the full load corresponding to 23.5 bar IMEP at 1200 rpm is simultaneously limited by
these three boundaries:

e  The maximum peak cylinder pressure of 170 bar for engine integrity protection.

e  Abnormal combustion occurrences: both knock and pre-ignition. As Aexnaust has been low-
ered down to 2.1, the possible CA50 combustion phasing range is very narrow, and com-
bustion must be delayed to CA50 = 8 CAD ATDC compared to the optimal phasing between
3 and 6 CAD ATDC as mentioned in section §3.2. If combustion phasing is set earlier than
CA50 = 8 CAD ATDC, knock appears; and if combustion is delayed, pre-ignition drastically
increases.

o  NOx emissions: the level of NOx emissions should stay beyond 4 g/kWhi (and exceptionally
higher than this value on the full load curve), to be efficiently converted into N2 by the
deNOx exhaust aftertreatment system.

3.5 Engine map results

The engine settings have been tuned on load sweeps for four engine speeds: 900, 1200, 1500
and 1900 rpm. Several part load operating points and full load curve have been fully optimized following
the previous presented methodologies. The other operating point settings have been extrapolated to get
“smooth” map settings. The results are presented in figure 17.

The single cylinder engine has a large area with indicated thermal efficiency higher than 47 %
which is directly comparable to similar Diesel heavy-duty engines. The Aexhaust is set at 3.0 from
IMEP = 4 bar to 10 bar leading to nearly no NOx emissions and hydrogen unburnt emissions close to 1
to 1.4 % of injected fuel energy. The Aexraust decreases to 2.5 at IMEP = 16 bar, leading to NOx
emissions not higher than 2 g/kWhi and an unconverted fuel energy between 0.6 and 0.8 %. At full
load, Aexnaust de-creases down to 2.1 between 1200 and 1500 rpm leading to very high NOx emissions,
higher than 10 g/kWhi.
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Fig. 17. Engine test result maps between 900 and 1900 rpm in terms of efficiency, emissions and Aexhaust

The double-stage turbocharger model implemented on air loop allows to have a favorable differ-
ential pressure between exhaust and intake pressures from -100 mbar at low load up to -1200 mbar at
full load (figure 18). Air scavenging with VVT positive valve overlap is applied at low load and massively
at full load to mitigate pre-ignition and knock by decreasing the residual gas concentrations inside the
combustion chamber. The volumetric efficiency exhibits relatively high values considering the use of
Miller intake valve camshaft. The calculation of volumetric efficiency is corrected by considering the
volume of hydrogen injected during intake valve opening.

The injection strategy is set for injection during intake valve opening with SOl at 300 CAD BTDC
at low load and earlier SOI up to 330 CAD BTDC at full load and high engine speeds. The SOl is set up
earlier at full load for the injection angle duration to fit during the intake valve opening, without interfering
with intake valve closing phase. This interference has been observed to promote pre-ignition occur-
rences.

The combustion phasing is optimal between 4 and 6 CAD ATDC for a very large area of the
engine map, except for full load conditions between 1200 and 1500 rpm as knock propensity required
to delay the combustion.
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Fig. 18. Engine test result maps between 900 and 1900 rpm in terms of air loop, SOl and CA50
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Fig. 19. Heavy-duty 13-liter displacement engine benchmark

Finally, the maximum power is reached at 1900 rpm engine speed with 70 kW at IMEP = 20.7
bar and max torque at 1200 rpm with 400 N.m (in indicated conditions, meaning that friction must be
subtracted for effective power and torque). This single-cylinder engine represents a 13 liters displace-
ment multicylinder engine. Consequently, the max power of the corresponding multicylinder can be ex-
trapolated to 30 kW/L (kW per liter of engine displacement) and the max torque to 180 N.m/L considering
a realistic assumption on engine friction. These values are comparable to the maximum power and
torque reached by Diesel or Natural Gas heavy-duty engines of the same displacement, today on the
market (respectively between 23 and 32 kW/L and between 150 and 200 N.m/L) (figure 19).

4. Conclusions

A hydrogen direct injection single cylinder engine has been designed and manufactured using
0D and 3D simulation tools and IFPEN know-how. The engine has been implemented on an IFPEN test
cell and a complete test campaign has been performed to validate the design of the combustion chamber
in terms of efficiency, low emissions, and full-load performance. A double-stage turbocharger model
has been implemented on the test bed software supervisor, to give realistic conditions on air loop. Dif-
ferent general conclusions on different topics can be drawn:

o The optimal injection strategy is considered to occur during intake valve opening phase.
The injection should not happen concomitantly with the intake valve closing phase as pre-
ignition can be promoted.

e  The optimal SOI at part load is around 300 CAD BTDC as it allows higher volumetric effi-
ciency and better air/H2 homogeneity. The optimal Aexnaust at part load is between 2.5 and
3.0, resulting in a good trade-off between high indicated thermal efficiency and low NOXx
emissions.

e 3D simulation feedback with CONVERGE™ has been realized using last IFPEN develop-
ment for combustion modeling. The comparison with experiments at part load is consistent
in terms of combustion duration and indicated efficiency for a spark advance sweep, show-
ing the validity of the numerical approach used to optimize and design this H2 combustion
system.

e A new knock and pre-ignition detection methodology has been developed by using a large
population of engine cycles. The cylinder pressure is then processed to evaluate CA10,
peak cylinder pressure and Kp_Pk indexes. Statistic calculations on these indexes allow to
precisely analyse the impact of engine settings on the appearance of knock or pre-ignition.

e The full load limitations have been identified such as prohibitive pre-ignition, knock and
maximum peak cylinder pressure areas. At high load, the double-stage turbocharger model
results in lower exhaust pressure compared to intake pressure. This advantage is used to
operate air scavenging of the combustion chamber by positive valve overlap leading to a
pre-ignition mitigation. Besides, at high load, air/Hz mixture must be enriched for achievable
intake pressure by the turbocharging system but with caution as NOx emissions increase
significantly.
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o The engine settings have been tuned on the whole engine operating range. The indicated
engine efficiency is maximum on a large area. NOx emissions are very low from low to mid-
load and then increase smoothly in the higher loads area of the map, to finally reach higher
values at full load.

e The maximum power and torque obtained are comparable to the performances of Diesel
and Natural Gas heavy-duty engines today in the market.

For further engine efficiency or performance improvement, engine configuration should evolve
by considering a different double-stage turbocharger model with optimized LP and HP compressor and
turbine maps, a different injector cap design and H: jet targeting allowing for better mixing or a further
optimization of engine compression ratio. This process of improvement will be the topic of another article
to come.

The authors acknowledge the contribution of their colleagues from IFPEN, A. Nail and J. Terver
for the operating of the engine tests.

Notation

A Air-Fuel Equivalence Ratio
o Standard deviation

u Mean value

ATDC After Top Dead Center

BEV  Battery Electric Vehicles

BTDC Before Top Dead Center

CA50 Crank Angle Degree for 50 % mass fuel burnt
CAD  Crank Angle Degree

CoV  Coefficient of Variation

CR Compression Ratio

DI Direct Injection

ECFM Extended Coherent Flame Model

ECU  Electronic Control Unit

EOI  End Of Injection

EU FEuropean Union

EVC  Exhaust Valve Closing

GHG Green House Gases

g/kWhi Unit of mass emissions per kW in indicated conditions
HP/LP High Pressure

HRR Heat Release Rate

ICE  Internal Combustion Engine

IMEP Indicated Mean Effective Pressure

1IVO  Intake Valve Opening

LEL  Lower Explosive Limit

LSPI  Low-speed Pre-ignition

MBT  Minimum spark timing for Best Torque
PFI  Port Fuel InjectionSOI Start of Injection
SA Spark Advance

TKE  Turbulent Kinetic Energy

VVT  Variable Valve Timing
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Abstract. Ammonia could represent a viable alternative to the use of conventional fossil fuels in marine
engines as it is carbon-free and can be produced using renewable energy sources. However, the use
of ammonia as a marine fuel presents some critical issues, due to its high toxicity, its lower energy
density compared to conventional fuels, and its low flammability limits, which make it difficult to burn
under lean conditions. To address the latter issue in more detail, experiments were conducted in a
constant volume optical chamber designed to inject and burn ammonia under conditions similar to those
of 2-stroke marine engines.

The chamber, which mirrors the dimensions of a single-cylinder in a two-stroke marine engine, repre-
sents a high-temperature and high-pressure cylinder. Two injectors have been integrated, one for am-
monia injection and the other for the supply of conventional fuel to ignite ammonia.

High-precision instruments, including pressure and temperature sensors, as well as a sapphire window
for the use of optical methods, such as high-speed imaging, were installed on the chamber. This setup
made it possible to collect both thermodynamic and optical data and facilitated the observation of com-
bustion behaviour under various boundary conditions.

Various temperature conditions were investigated in the optical chamber and a sweep of the diesel pilot
injection duration was performed. The vaporization of ammonia spray was measured, and the combus-
tion process was studied in detail to better understand the phenomena controlling the process.

The findings from these experiments provide crucial insights for optimizing ammonia combustion for
marine engines under various operating conditions. This research supports the development of sustain-
able propulsion technologies in the maritime sector, addressing critical challenges of ammonia fuel uti-
lization, and contributing to the reduction of greenhouse gas emissions in marine transportation.

1. Introduction

The need to move towards sustainable and environmentally friendly energy sources has
sparked interest in alternative fuels for marine engines. Among these alternatives, ammonia has
emerged as a promising candidate as it is carbon-free and can be produced using renewable energy
sources [1, 2]. However, despite its remarkable advantages, the integration of ammonia as a marine
fuel shows several challenges.

The main problems with the use of ammonia in marine engines include its inherent properties,
particularly its high toxicity, its lower energy density compared to conventional fuels and its low flamma-
bility limit [3]. These properties pose significant hurdles, especially when it comes to achieving efficient
combustion under lean engine conditions, which is essential for optimizing fuel consumption and reduc-
ing emissions [4].

The use of ammonia as alternative fuel for the maritime sector needs to face the challenges of
refining engine combustion technologies to optimize its utilization. Within scientific literature,
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considerable focus has been directed towards pilot-diesel-ignition ammonia combustion modes as a
solution to address the inherent challenges associated with this transition [5].

Reiter and Kong [6] demonstrated the operation of a compression ignition engine using ammonia in
dual-fuel mode, using diesel as the pilot ignition source. They successfully operated the engine with
varying ammonia energy share ratios, achieving reasonable fuel economy and combustion efficiency,
although challenges with unburned ammonia emissions remained. Niki et al. conducted extensive re-
search on ammonia fuel in dual-fuel compression ignition engines. Their studies indicated that increas-
ing ammonia supply reduced peak pressures and increased ignition delay, leading to higher unburned
ammonia and N2 emissions. They concluded that ammonia could be viable for compression ignition
engines with advanced injection strategies and selective catalytic reduction (SCR) technology to control
emissions [7]. Scharl et al. conducted experimental studies in a rapid compression-expansion machine
that focused on analyzing the ignition and combustion characteristics of diesel-piloted ammonia sprays
through heat release rate analysis and optical diagnostics [8, 9]. These studies were conducted under
conditions like those of four-stroke marine engines in which the high-pressure dual fuel injectors consist
of a single injector body. In the studies, in fact, the distance between the two nozzles was kept small.
The investigations showed how sensitive ammonia combustion is to various factors, including the inter-
action between ammonia and diesel sprays, charge conditions and the characteristics of the diesel pilot.
It was found that effective ammonia combustion requires a strong interaction between ammonia and
diesel. In addition, poor combustion performance was observed under low load conditions, with a re-
duction in the amount of diesel pilot leading to delayed ammonia combustion.

This paper investigates the injection and combustion of ammonia under marine engine-like con-
ditions, focusing on overcoming the obstacles posed by the low flammability limit. The experiments were
conducted in a customized constant volume optical chamber carefully designed to mimic the conditions
in 2-stroke marine engines in terms of dimensions and thermodynamic conditions. Two different injec-
tors are installed in the chamber: one for the injection of ammonia and the other for the supply of con-
ventional diesel fuel to ignite ammonia. Different durations of diesel pilot injections at different chamber
temperatures were studied to better understand the impact of this parameter on the optimization of
ammonia combustion.

By investigating the complexity of ammonia combustion, this study aims to contribute to the
development of sustainable propulsion technologies in the maritime sector. Specifically, the research
provides crucial insights into optimizing ammonia combustion for marine engines, addressing the critical
issues of its low flammability and ensuring efficient and clean burning under different operating condi-
tions. This work not only advances the understanding of ammonia-diesel dual-fuel systems but also
supports the broader goal of reducing greenhouse gas emissions in maritime transportation.

2. Experimental setup

Figure 1 illustrates the experimental set-up. The tests were carried out in a constant volume
vessel (CVV) designed for operation at pressures of up to 60 bar and temperatures of up to 800°C. The
vessel consists of a cylindrical combustion chamber that resembles the combustion chamber of a two-
stroke marine engine at the top of the compression stroke, its end is closed by a 118 mm thick flange.
The ratio between the chamber length and diameter is 1.3. The cylindrical wall of the combustion cham-
ber is thermally insulated, and the chamber is heated by electric cartridges with a total power of 10 kW.
The gas temperature and pressure in the chamber are monitored with K-type thermocouples and static
and dynamic pressure sensors, respectively.

Ammonia is stored in liquid phase at 8 bar, then it is compressed at 500 bar by a gas driven
pump and then pumped in liquid phase in the chamber through the “main” injector. Diesel fuel is con-
veyed to the pilot injector by a common rail high pressure diesel pump (not shown in the figure).

Injection and combustion processes were followed by means of high-speed imaging, the setup
for application of optical diagnostics is shown in figure 1 (b). To make the CVV optically accessible, the
closing flange was provided with two transparent sapphire windows for visualization and illumination,
with a diameter of 60 mm and 30 mm respectively. A high-speed camera (Photron FASTCAM SA-X2),
equipped with a Nikkor 105mm - f/5 lens, was used for image acquisition. The optical setup included a
kind of exploded objective realized by the combination of L1 and Lz lenses with a diameter of two inches
and focal lengths of -200mm and 150mm respectively and Ls lens with a diameter of 100mm and a focal
length of 250mm. To visualize the injection process, the camera was operated at 10000 fps and the
exposure time was set to 0.1 ms. The radiation of a Xenon arc lamp (75W) was used to illuminate the
spray by concentrating the light on a glass diffuser flushed in the closing flange. Regarding the
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combustion process, no illumination was required, and images were recorded at 20000 fps with an
exposure time of 0.6 us.

|
a

. — ——T

High-speed Camera

(b)
Fig. 1. Picture (a) and sketch (b) of the experimental setup

The main and pilot injectors are schematically shown in figure 2 (a). The injectors tips are also
shown enlarged in figure 2 (b). The main injector has a five-hole nozzle. The pilot injector tip is normally
designed with three holes. However, in the present work two holes have been plugged to allow a better
control of the pilot injection timing and flow rate and to obtain a single jet and direct the maximum amount
of diesel in the best direction to hit the ammonia jet.

Ammonia and diesel nozzles are mounted on the engine head to resemble the arrangement in
a real two-stroke marine engine. A sketch of the injection nozzles’ position in the combustion chamber
can be found in Figure 2 (c).

el d i
Main injector diesel -

Pilot injector

(a) ® ()

Fig. 2. Details of main and pilot injectors
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The spray images were processed using an in-house image processing method [10] to deter-
mine the boundaries of the liquid phase.
The first step of the image processing method consisted of background correction: for each image, the
image taken immediately before fuel injection was subtracted to minimize background noise. The cor-
rected images were then adjusted using a fast discrete filter that minimizes the mean curvature and cuts
off negative values, resulting in a filtered image for further analysis.
The core of the methodology was image segmentation, which is crucial for identifying the liquid phase
boundaries of the spray. An iterative approach was adopted, i.e. Otsu's thresholding method was applied
iteratively to successive images, with each image derived from clipping the previous one at the mean
value of its foreground class. The iteration was continued until the successive thresholds differed by
less than 10%. This ensured that a stable threshold was achieved that effectively captured the liquid
phase of the spray.
Throughout the iterative process, the thresholds and mean intensities of the foreground classes were
monitored and adjusted accordingly. The final threshold value obtained through this iterative approach
was used to binarize the images, extracting the spray boundaries.
The spray parameters, i.e., liquid spray penetration length and cone angle, were then determined as
shown in Figure 3.

Fig. 3. Spray parameters obtained through images post processing method.
The injection tests were carried out at low pressure and temperature (LPT) conditions (5 bar
and 30°C) and at different chamber temperatures (from 200°C to 650°C) as well as at two chamber
pressures: 20 and 40 bar. The operating conditions are shown synthetically in Table 1.

Table 1. Operating conditions for injection tests.

Chamber Pressure Chamber Temperature
[bar] [*C]
5 30
20 200, 400, 480, 650
40 400, 430

The combustion tests were all carried out at a chamber pressure of 40 bar. The “pilot injection”
(diesel) and the “main injection” (ammonia) were started simultaneously. The pressure of the main and
pilot injection was kept at 500 bar.

The following parameters were changed during the tests:

e Duration of diesel injection (tpiot): 6/8/12 ms
e Temperature at the start of injection: 500°C and 700°C.

Combustion in the chamber is carried out with a strong excess of air, as is usual in diffusive combustion
in two-stroke marine engines. The ratio between the mass of air and the mass of fuel is around 100, and
the energy content of diesel compared to ammonia varies between 6.6 and 12.5% depending on the
duration of the diesel pilot injection.



150 Experimental Investigation of High-Pressure Ammonia Spray and Combustion _ Marine Engine

3. Results and discussion

3.1 Ammonia injection tests

P= 5Sbar, T=30°C

P=20 bar, T=400°C

P=40 bar, T=400°C

Fig. 4. Visualization of the ammonia injection process at 5 bar and 30°C (LPT condition) and at 400 °C and
pressure of 20 and 40 bar (time from the electronic start of injection -ESOI)

Figure 4 illustrates the time evolution of ammonia spray under different chamber pressure and
temperature conditions, showing spray images at different injection times after the electronic start of
injection (ESOI). In the top row, ammonia injection under low pressure and temperature conditions, i.e.
5 bar and 30 °C, was shown as a reference. The images in the center and bottom show the evaporative
behavior of the ammonia spray at a temperature of 400 °C and pressures of 20 and 40 bar, respectively.
According to the optical data, the effective injection of liquid ammonia into the vessel starts 1.4 ms after
the ESOI, which is due to the electromechanical delay of the injector. In the first phase of the injection
process (at 1.7 and 2.5 ms after ESOI), 5 distinct jets are clearly visible for all selected conditions. Then
the liquid ammonia extracts heat from the environment and starts to evaporate, resulting in the formation
of vapor clouds at the edge of the spray.

At 5 bar and 30°C (LPT conditions), ammonia vapor clouds form on the opposite side of the
injector (downstream of the spray) and the liquid phase is still visible over a very large distance even at
6.5 ms. This is confirmed by the liquid spray penetration length extrapolated from the visualization of
the spray process, which shows that ammonia jets cover about two-thirds of the chamber diameter still
in liquid phase. At high temperature (400°C) and intermediate pressure level (20 bar), the behavior of
the ammonia spray differs significantly from the LPT conditions, and a faster evaporation is observed.
Similarly, at higher pressure of 40 bar, the figure shows how the vaporization of the ammonia starts
closer to the nozzle compared to lower pressure condition.

Figure 5 presents the outcomes derived from the analysis of spray penetration length, extrapo-
lated from the spray process visualization. The dashed vertical lines indicate the position of the frames
reported in Figure 4.
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Fig. 5. Liquid spray penetration length.

At both pressure levels, namely 20 bar and 40 bar, the penetration of the liquid decreases as the
temperature in the chamber increases. This phenomenon is primarily due to the increased vaporization
that occurs at higher temperatures. As the temperature increases, the liquid evaporates faster, which
reduces the overall penetration of the spray.

When comparing the results obtained at different pressures but the same temperatures, namely at 400
°C and 480 °C, another trend can be observed. At these temperatures, an increase in pressure leads to
an increase in air density in the chamber. This higher air density exerts a greater drag force on the liquid
jets, slowing them down and reducing the penetration length.

So, while the increase in chamber temperature leads to more significant evaporation and consequently
less liquid penetration at both pressure levels, the higher air density at higher pressures induces a re-
duction in penetration. This dual influence underlines the complex interaction of temperature, pressure,
evaporation and air density that determines the behavior of the liquid jets under these conditions.

3.2 Ammonia combustion tests

As mentioned in the previous section, the combustion of ammonia with diesel pilot was investi-
gated under various operating conditions with the aid of optical diagnostics and measurement of the
pressure curve in the combustion chamber.
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Fig. 6. Pressure rise in the combustion chamber at a temperature of 500°C (a) and 700°C (b)



152 Experimental Investigation of High-Pressure Ammonia Spray and Combustion _ Marine Engine

Figure 6 shows the pressure evolution within the combustion chamber at 40 bar and under two
different temperature conditions: 500°C in Figure 6(a) and 700°C in Figure 6(b). For each temperature,
the three curves correspond to the different durations of the pilot injection: 6 ms, 8 ms and 12 ms, while
the ammonia injection duration has been kept constant at 32 ms. The pressure curves are compared
with the conditions where only diesel fuel is injected at 500°C. The figure also shows the timing of the
electronic signals for: the start of pilot injection (SOI_p); the start of main injection (SOI_m); the end of
pilot injection at the maximum value of 12 ms (EOI_p) and the end of main injection (EOI_m).

Few ms after the start of the main and pilot injection, a rapid increase in pressure is measured
in the combustion chamber. Heat energy is released during the combustion reactions, which leads to a
rapid rise in temperature in the chamber. This in turn leads to a significant increase in pressure as the
gases expand to fill the available volume. The pressure continues to rise until the combustion ends that
corresponds to a plateau in the curves. The height of the plateau, i.e. the amount of energy released by
diesel and ammonia combustion, increases with the duration of the pilot injection at each temperature.

In the cases where only diesel fuel is injected, combustion under these thermodynamic condi-
tions can be considered almost complete and the pressure rise differs by less than 0.5 bar between the
shorter and longer injection periods. Therefore, the higher pressure-variation in dual-fuel cases can be
mainly attributed to more complete combustion of ammonia enabled by the longer pilot injection.

It is noteworthy that the pressure rise at a higher temperature (700°C) is higher than at 500°C
for 6 ms and 8 ms. This indicates that the temperature of 700°C promotes a more complete combustion
than at 500°C for these conditions. At a pilot injection duration of 12 ms, no major difference in pressure
rise is observed between the two temperatures, suggesting that the combustion of ammonia is almost
complete if the pilot injection duration is long enough, and under this condition the chamber temperature
does not have a big impact on the process.

Deformation
of diesel

spray

diesel

\ ammonla

13

Fig. 7. Visualization of the combustion process (temperature of 500°C, duration of pilot injection: 8 ms)

Figure 7 shows the visualization of the combustion process to explain the phenomena that occur
when diesel and ammonia are injected simultaneously into the combustion chamber. These data refer
to the case of 500°C and a pilot injection duration of 8 ms, but the overall behavior can also be applied
to other injection durations and the temperature of 700°C. The time is measured from the electronic start
of injection.

The diesel fuel is injected into the combustion chamber through the injection nozzle, which is
located at the lower end of the field of view. When the fuel emerges from the nozzle, it is atomized, and
the fuel droplets are distributed in a spray pattern in the chamber. The high temperature and pressure
conditions in the chamber promote rapid combustion of the fuel-air mixture. This injection can be de-
tected in the combustion chamber from 1.5 ms, which is the electromechanical delay of the injector,
determined from the imaging. Ammonia is injected through the main injection nozzle, which is located
on the right in the field of view (see Figure 7). The ammonia spray is visible due to the glow of the diesel
flame.
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As can be seen at 5 ms, the diffusive diesel combustion continues regularly and follows the
spray pattern until the ammonia spray meets the diesel spray. The overlap of the two sprays can be
observed at 6 ms. This is probably the point at which combustion of the ammonia begins: stoichiometric
conditions for ammonia burning and high temperatures prevail in the areas close to the diesel pilot flame,
so that combustion of the ammonia can take place. Between 1.5 and 6 ms, the slope of the pressure
curves is similar under all conditions, even with single diesel injection, as the pressure increase depends
only on the diesel burning rate.

After 6 ms, the diesel pilot injection is strongly influenced and deformed by the ammonia injec-
tion, as can be seen in the sequence. Due to the low brightness of its flame, the combustion of ammonia
can be recognized in the images only by the strong interaction with the diesel pilot flame. On the other
hand, looking at figure 6, at about 10 ms, it is possible to identify an increase in the slope of the pressure
curves due to an additional energy release caused by ammonia burning.

Around 10 ms the pilot injection is completed, even if the end of pilot (electronic timing) is at
8 ms. At 12 ms, the flame is in the middle part of the combustion chamber, it shows the trace of
the ammonia spray as “negative”.

T=500°C
t =6 ms
tp”m=8 ms
tio=12 ms

(a)

T=700°C
tpilot=6 Ms
tp”m=8 ms
toio=12 ms

5ms 7.5ms 10ms 12.5ms 15ms 17.5ms

(b)

Fig. 8. Visualization of the combustion process at 500°C (a) and 700°C (b) for the dif-ferent durations of pilot
injection

Figure 8 shows a comparison of the evolution of the combustion process at 500°C (a) and 700°C
(b) for the different durations of pilot injection. As can be seen from the images, diesel combustion ends
few ms after the injection finished, depending on the duration of the pilot duration in the different cases.
More precisely, with this optical method, no flame can be detected in the CCV after 20 ms, but the
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pressure increase due to the energy release of the ammonia combustion lasts until 70 ms at 6 ms pilot
duration at 500°C, and 100 ms at 8 and 12 ms pilot duration at the same temperature. At 700 °C, the
energy release is faster and higher at all pilot injection durations, but the evolution of combustion is
similar to that of the 500°C case. No combustion is detected after 20 ms and the energy release slows
down after this time but continues until about 60 ms at the shorter pilot duration, and until 80 ms at the
diesel pilot durations of 8 and 12 ms.

Conclusions

The paper explores the behavior of ammonia injection in a combustion chamber under different
operating conditions. At lower pressure and temperature, the ammonia gradually evaporates, and the
visible liquid phase is sustained for a longer period. In contrast, rapid vaporization is observed at higher
temperatures and pressures.

The study also examines the combustion of ammonia under different conditions with different
pilot injection durations. With a low duration of diesel injection, the increase in temperature enables
more complete combustion. At higher pilot injection durations (12 ms), no major difference in pressure
rise is observed between 500°C and 700°C, suggesting that the combustion of the ammonia is almost
complete. The combustion process was also monitored with optical diagnostics. Due to the low bright-
ness of its flame, the combustion of ammonia could only be detected on the images by the strong inter-
action with the diesel pilot flame.

The results of this work provide insights into the dynamics of ammonia injection and combustion
in dual-fuel marine engines, which has implications for the optimization of combustion efficiency and
emission control.
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Abstract. The imperative for reducing fossil carbon emissions has garnered global consensus and
emerged as a future development objective. Ammonia and hydrogen, as zero-carbon energy carriers,
present a highly promising prospect as marine engine fuels. However, their optimal application in mari-
time engines remain uncertain. The AmmoniaDrive project is studies a concept based on a combination
of a fuel cell (FC) and an internal combustion engine (ICE). The FC will be used to generate Hz to run
the ICE with a mixture of H2 and NHs hence needing only a single fuel storage facility. This paper ex-
plores the application modes of ammonia and hydrogen in marine engines, with varying energy ratios
(ER) of H2 and NHs. To study the optimal, yet constrained ratio, active and passive pre-chamber, and
spark plug ignition are studied. The effects of ammonia and hydrogen energy ratio, intake pressures,
compression ratios and equivalence ratios on engine combustion, knocking propensity, and NOx emis-
sions is comprehensively investigated. The ultimate goal is to identify the optimal conditions for achiev-
ing optimal engine power, thermal efficiency, NO, emissions, while preventing knock phenomena with
a constrained H2-NHjs ratio. The results reveal that, compared to leaner combustion, stoichiometric com-
bustion in spark plug ignition mode leads to lower NOy emissions comparable to Tier Ill standards. For
the given intake pressure, it achieves a substantially higher IMEP approximately 23.2 bar, and requires
a lower hydrogen energy fraction of around 15%. As such it may relieve some of the concern on power
density for lean-burn engines. Nevertheless, the thermal efficiency experiences a slight reduction due
to the elevated charge temperature and heat loss. Employing pre-chamber ignition facilitates ultra-lean
combustion (equivalence ratio of 0.4), enabling compliance with tier Il NOx emission regulations. Passive
prechamber ignition requires a higher hydrogen energy fraction, exceeding 35%, to successfully ignite
and achieve satisfactory flame speeds. However, this approach also elevates the risk of knock and
makes achieving high compression ratios difficult. Conversely, active prechamber ignition can signifi-
cantly decrease the required hydrogen energy fraction to approximately 10%, allowing higher compres-
sion ratios. Consequently, the highest thermal efficiency reaches 52.8%. Additionally, this approach
leads to increase in flame speed due to hot jet energy. Consequently, the N2O and unburned NHs emis-
sions are improved.

1. Introduction

With the escalating environmental challenges posed by greenhouse gas emissions, the transportation
sector, a major contributor to global carbon emissions, plays a crucial role in efforts to reduce carbon
emissions. In this context, the International Maritime Organization (IMO) has implemented a strategy
with the objective of mitigating greenhouse gas emissions within the maritime sector. This strategy tar-
gets a 40% decrease in carbon intensity compared to 2008 levels by the year 2030, followed by a sub-
sequent substantial reduction of 70% by 2050 [1]. Consequently, in recent years, significant efforts have
been devoted to the development of low-carbon and zero-carbon emission solutions in the field of ma-
rine propulsion systems [2-6].

Hydrogen and ammonia are widely regarded as environmentally friendly fuels, generating only water
and nitrogen gas during combustion [7]. Hydrogen, characterized by its rapid flame speed, high calorific
value, and wide flammability range, can notably expedite the combustion process and thermal efficiency
for internal combustion engines [8]. Nevertheless, significant challenges in transportation and storage



Y. Wu, B. Somers, L. Liu, Y. Peng 157

hinder its widespread adoption. Additionally, problems such as flashback and knock may occur during
hydrogen combustion [9]. In contrast, ammonia exhibits ease of storage and transportation owing to its
unique compressibility and liquefaction properties. Moreover, ammonia possesses a higher volumetric
energy density [10]. However, owing to its high ignition energy, slow flame propagation speed, and
limited flammability range, using ammonia as the sole fuel for internal combustion engines presents
challenges such as difficult cold starts, inadequate combustion stability, and low thermal efficiency [11].
The combination of ammonia and hydrogen combustion can leverage their respective strengths and
mitigate their individual weaknesses, thereby realizing a viable zero-carbon solution for marine engines.
The challenges associated with hydrogen storage and transportation can be addressed through the
catalytic hydrogen reforming of ammonia [12] as is also envisaged in the AmmoniaDrive project [13].

Currently, some research has been conducted on the application of ammonia-hydrogen mixtures in
internal combustion engines. Wang et al. [14] employed the zero-dimensional software Cantera to ex-
plore the fundamental combustion characteristics of ammonia-hydrogen mixtures under high tempera-
ture and pressure engine conditions. The parameters such as laminar flame speed, minimum ignition
energy, NOy and ammonia emissions, combustion efficiency, for different hydrogen ratios in the fuel
mixture were investigated. The results indicate that NO emissions in stoichiometric ammonia/hydrogen
blends may be lower than those in hydrocarbons. Moreover, optimal operational parameters for ammo-
nia/hydrogen mixtures typically fall within an equivalence ratio range of 1.0 to 1.05, with a hydrogen
fraction between 40% and 60% (mole fraction). March et al. [15] investigated the impact of varying
compression ratio (ranging from 6.23 to 13.58), hydrogen fraction (5-100 vol.%), and equivalence ratio
(0.8-1.4) on engine power, thermal efficiency, and NOy emissions in a small spark-ignition (SI) engine
with a cylinder diameter of 82.6mm. They found that the fuel mixture containing 10 vol.% hydrogen
exhibits the highest efficiency and brake mean effective pressure (BMEP). Notably, the optimum effi-
ciency is achieved at an excess air ratio slightly above 1, while the peak mean effective pressure is
observed at an excess air ratio slightly below 1. Lhuillier et al. [16] investigated the performance and
emissions of spark ignition (Sl) engines with comparable cylinder diameters across equivalence ratios
ranging from 0.6 to 1.2, hydrogen fractions varying from 0% to 60%, and indicated mean effective pres-
sure (IMEP) approximately at 10 bar. The results indicate that the highest indicated pressure and effi-
ciency were obtained with low to moderate hydrogen additions, coupled with slightly fuel-rich and slightly
fuel-lean conditions, respectively. Nonetheless, lean mixtures featuring high hydrogen content also
demonstrated promising performance. When the hydrogen volume fraction surpasses 40%, the engine
demonstrates stable operation under lean-burn conditions with an equivalence ratio of 0.6.

To optimize Sl engines often pre-chamber concepts are studied. Several studies [17] [18] [19] have
demonstrated that the pre-chamber jet flame ignition can significantly enhance the ignition stability and
flame speed of ammonia, enabling the possibility of lean combustion with ammonia. Shawn et al. [20]
investigated the impact of varying compression ratios (ranging from 12:1 to 20:1) and equivalence ratios
(ranging from 0.5 to 1) on engine performance and NOy, emissions using an 82.5mm bore four-stroke
engine equipped with pre-chamber ignition. The equivalence ratio is adjusted by altering the ammonia
content of the inlet while maintaining a constant total hydrogen quantity. The findings indicate that,
across all compression ratios, the optimal indicated thermal efficiency and minimal unburned NH3 and
N20 emissions are observed at approximately 0.7-0.8 equivalence ratios. Conversely, NOy emissions
are highest at these equivalence ratios. Notably, N2O formation primarily was found to occur near the
wall due to low temperature combustion and quenching, rather than within the propagating flame front.

The studies mentioned above primarily utilize small bore engines with low IMEP. Nonetheless, it's
crucial to recognize that larger bore marine engines experience significantly extended flame propagation
distances, which markedly influence feasible operating limits. However, there has been limited investi-
gation into suitable ignition modes for utilizing ammonia-hydrogen mixtures in marine engines. Further-
more, the impacts of boundary conditions, including the hydrogen energy ratio, equivalence ratio, com-
pression ratio, and intake pressure on power, thermal efficiency, knock combustion, NOy and unburned
ammonia emissions of marine engines necessitate further comprehensive exploration.

Therefore, this study aims to conduct a numerical investigation into the feasibility of spark ignition,
passive pre-chamber ignition, and active pre-chamber ignition on a marine engine. The flammability and
knock boundaries under these three ignition modes are explored, considering various conditions such
as hydrogen energy ratio, equivalence ratio, compression ratio, and intake pressure. Additionally, their
influence on engine power, thermal efficiency, knock, NOx emissions, and unburned ammonia emissions
are examined. Ultimately, the research seeks to determine the optimal solution which achieves the best
balance of power, thermal efficiency, and NOx emissions. The research findings of this paper can pro-
vide guidance for the design of marine ammonia-hydrogen fuel engines.
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2. Numerical methodology

The engine utilized in this investigation is a four-stroke marine medium-speed engine featuring a
cylinder bore of 270 mm. Detailed specifications of the engine are outlined in Table 1. The geometry is
presented in Figure 1. Ammonia and hydrogen are introduced into the intake manifold during the intake
stroke. Subsequently, the fuels mix with air to generate a homogeneous fuel mixture near top dead
center, which is then ignited either by a spark plug or jet flame from pre-chamber. The geometric layout
of the pre-chamber is depicted in Figure 1. The volume of the pre-chamber is roughly 3% of the volume
of the main combustion chamber at top dead center. Six orifices link the pre-chamber and the main
chamber. In the case of the active pre-chamber ignition, a small amount of extra hydrogen, constituting
approximately 2% of the total energy fraction, is introduced into the pre-chamber at 50° ATDC with a
consistent mass flow rate. The injection pressure is maintained around 20 bar. Three ignition methods
were explored in this study, namely spark plug ignition, passive pre-chamber ignition, and active pre-
chamber ignition. The boundary conditions for each method are presented in Table 2.

Table 1. Engine specifications

Engine type Four stroke
Bore/(mm) 270
Stroke/(mm) 340
Connecting rod length/(mm) | 670
Engine speed/(rpm) 671

Hydrogen injection

Cylinder —

Ay

Pre-chamber

I

Piston

Fig. 1. The geometric model of the engine and pre-chamber

Table 2. Simulation case set up

Spark plug ignition Passive prechamber | Active prechamber ig-
ignition nition
Compression ratio 12 12-14 12-16
H2 energy ratio 10%-40% 25%-60% 0%-30%
H2 volume ratio 13%-47% 30%-67% 0%-36%
Equivalence ratio 0.4-1 04 04
Spark timing ("ATDC) |-15 -15 -10
Intake pressure (bar) 2 3 3
Exhaust pressure (bar) |1 2 2

In this investigation, the three-dimensional computational fluid dynamics (CFD) commercial simula-
tion software CONVERGE is employed. A base grid size of 4 mm is utilized. Additionally, fixed refine-
ment is applied in crucial flow and combustion regions. For instance, spherical refinement is added near
the spark plug, employing a fine mesh size of 0.5 mm, while cylindrically shaped refinement is imple-
mented in the pre-chamber, utilizing a fine mesh size of 1 mm. Moreover, refinement grids of 0.5 mm
are placed at the interface between the pre-chamber and the main chamber. Adaptive mesh refinement
(AMR) is further utilized in regions exhibiting significant temperature and pressure gradients, employing
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a mesh size of 2 mm. Figure 2 illustrates the mesh for this simulation, encompassing fixed embedding
and AMR. By maintaining same AMR and fixed refinement mesh strategies and only altering the base
grid, this mesh configuration is tested with pre-chamber ignition cases. Figure 3 illustrates the variation
of cylinder pressure with changes in the base grid. It is evident that a base grid of 4 mm adequately
satisfies the computational requirements.

Fig. 2. The mesh configuration in this simulation

20
—4mm
r——5mm
16 L 6mm

—7.5mm

Pressure(MPa)
X

o

20 -10 0 10 20 30 40

Crank angle (deg. ATDC)

Fig. 3. Effect of various base grid sizes on cylinder pressure

The RNG k-£¢ RANS model is employed to describe the turbulence, while the SAGE combustion model
is utilized to simulate the combustion process of ammonia and hydrogen, as shown in Table 3. The
reaction mechanism of ammonia-hydrogen developed by Stagni et al. [21], consisting of 31 species and
203 reactions, is employed in this study. The comparison of cylinder pressure and heat release rate
between experimental and simulated data under various loads for the original diesel engine is presented
in Figure 4. The results indicate that this model can accurately describe the scavenging and combustion
processes of the diesel engine under various conditions. Therefore, assuming that the ammonia-hydro-
gen mechanism is adequately accurate, it can be inferred that this model can effectively describe the
combustion process of ammonia-hydrogen mixtures.

Table 3. The models adopted in the simulation

Turbulence model RNG k-g
Combustion model SAGE
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Fig. 4. The comparison of cylinder pressure and heat release rate between experimental and simulated
data under various loads for the diesel engine

3. Results and discussion

3.1 Spark plug ignition

Figure 5 illustrates cylinder pressure and heat release rate under different hydrogen energy fractions
and equivalence ratios in the spark plug ignition mode. An intake pressure of 2 bar and a compression
ratio of 12 were selected to avoid excessively high peak pressure and knock. The spark plug timing was
set at -15°ATDC. As expected, an increase in equivalence ratio and hydrogen energy fraction signifi-
cantly enhances flame propagation speed, peak pressure, and combustion rate. As the hydrogen energy
fraction increases, cases with lower equivalence ratios can achieve normal combustion, whereas cases
with higher equivalence ratios experience knock. The optimal hydrogen energy fraction ranges between
15% and 40%, and it increases as the equivalence ratio decreases. When the equivalence ratio is re-
duced to 0.6, the flame speed remains notably slow when the hydrogen fraction is increased to 40%.
Furthermore, it is evident that under the current boundary conditions, achieving combustion with ex-
tremely lean mixtures (equivalence ratio of 0.4) may necessitate a higher hydrogen energy fraction.

Figure 6 illustrates the feasible boundary conditions for misfire and knock, categorizing engine states
into five types: non-ignition (combustion efficiency below 20%), incomplete combustion (combustion
efficiency between 20-80%), normal combustion (combustion efficiency above 80% and no knocking),
slight knock (MAPO between 0.1-0.2), and heavy knock (MAPO above 0.2). While adjustments to igni-
tion timing or compression ratio can mitigate incomplete combustion and slight knock, addressing se-
vere knock and unburned conditions poses greater challenges. Figure 6 depicts a narrow window for
normal combustion conditions, highlighting the sensitivity of flame velocity and engine operation to
equivalence ratio and hydrogen energy fraction.
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Fig. 5. Cylinder pressure and heat release rate curves under different hydrogen energy fractions and equiva-
lence ratios in spark ignition mode. For reference the spark timing is indicated in the figures (dash-dotted line).
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Fig. 6. Combustion and knock limits under different hydrogen energy fractions and equivalence ratios in spark
ignition mode.
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Figure 7 presents the power and thermal efficiency levels across various hydrogen fractions and
equivalence ratios, with IMEP indicating the power level. Figure 8 illustrates the emission levels of NO,
N20 and unburned NHs. The normal combustion conditions are highlighted within the dashed box. No-
tably, the thermal efficiency of normal combustion conditions under spark plug ignition mode predomi-
nantly remains below 50% and increases as the equivalence ratio decreases, with a peak efficiency of
about 48.7% observed at an equivalence ratio of 0.6. The variation in heat release rate is correlated with
the combustion efficiency and combustion phase. IMEP increases with the rise in equivalence ratio and
can reach approximately 23.2 bar near the stoichiometric equivalence ratio (normal combustion). With
regard to NO emissions, the lowest levels are observed under stoichiometric equivalence ratio condi-
tions, approximately Tier lll standard, while the highest emissions occurred in the range of equivalence
ratios of 0.6-0.8, even exceeding the level 2 standard. N2O emissions require special attention due to
its greenhouse effect, which is 300 times greater than that of CO2. It is evident that N2O emission is
closely associated with the combustion efficiency. In instances of complete combustion, the presence
of N20 is almost negligible, whereas in cases of incomplete combustion, the quantity of N2O increases
significantly. This phenomenon may be attributed to the lower charge temperature in incomplete com-
bustion cases. Additionally, N2O and unburned ammonia exhibit a similar trend and an opposite to that
of NO emissions, except for stoichiometric equivalence ratios. In summary, to attain lower NOx emis-
sions with a reduced hydrogen energy fraction, the optimal approach is to apply stoichiometric combus-
tion.
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Fig. 7. IMEP and thermal efficiency under different hydrogen energy fractions and equivalence ratios in spark
ignition mode. The IMEP is indicated with colored bars and the efficiencies with the black line. The dashed boxes
indicate normal combustion modes.
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Fig. 8. NO, N20 and unburned NHs under different hydrogen energy fractions and equivalence ratios in spark
ignition mode

Figure 9 illustrates the temperature, NO, and unburned ammonia distributions at CA90 for various
equivalence ratios. As anticipated, an increase in the equivalence ratio results in a rise in combustion
temperature, which in turn leads to a corresponding increase in thermal NO emissions. Interestingly, at
an equivalence ratio of 0.8, the NO concentration is lower than at an equivalence ratio of 1. This implies
that under stoichiometric conditions, the fuel NO and prompt NO from ammonia are reduced, especially
the prompt NO is closely related to the equivalence ratio. Furthermore, at an equivalence ratio of 0.6,
the NO distribution is concentrated at the flame front, unlike in the other two cases where NO is more
uniformly distributed over the burned region. Additionally, for an equivalence ratio of 0.6, the slower
propagation speed of the flame front results in a substantial amount of unburned ammonia in the pe-
ripheral areas.

Temperature NO Unburned NHs
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Fig. 9. Temperature, NO, and unburned ammonia distributions at CA90 under different equivalence ratios
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3.2 Passive prechamber ignition

Lean combustion has a promising potential to significantly lower charge temperatures, thereby effec-
tively mitigating the formation of thermal NO. However, achieving lean combustion with spark ignition
poses challenges due to the low flame speed, as mentioned earlier. A pre-chamber ignition concept
introduces multiple high-velocity hot jets that, on one hand ignite the charge at multiple locations and
the other hand increase the turbulence intensity. This leads to a significant improvement in combustion
rate compared to the SI mode. Consequently, the pre-chamber ignition mode could extend stable oper-
ation towards ultra-lean combustion for ammonia-hydrogen mixtures.

Figure 10 shows lean combustion conditions (equivalence ratio of 0.4) with passive pre-chamber
ignition across different hydrogen energy fractions and compression ratios. The intake pressure was
raised to 3 bar to attain a 20 bar IMEP, similar to the power output for the S| phi=0.8 condition with 2
bar intake pressure. The spark plug timing remained fixed at -15°ATDC. It is evident that lean combus-
tion at phi = 0.4 is feasible only when the hydrogen energy fraction exceeds 35%. However, the rise in
the hydrogen energy fraction also increases the reactivity of the fuel mixture, thereby increasing the
knock tendency. Consequently, the operational range for feasible hydrogen energy fractions is quite
narrow. Even with a compression ratio surpassing 14, identifying the appropriate hydrogen energy frac-
tion to prevent both knock and misfire can be challenging. Furthermore, even under normal combustion
conditions (not knocking and acceptable combustion efficiency), the combustion speed and peak pres-
sure remain low, which adversely affects the power output and thermal efficiency. While advanced spark
plug timing can address these issues, the increased likelihood of misfire and knock due to advanced
spark plug timing will make it challenging.
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Fig. 10. Pressure-volume and heat release rate curves under different hydrogen energy fractions in passive
pre-chamber ignition mode at various compression ratios

Figure 11 presents the IMEP and thermal efficiency under different compression ratios and hydrogen
fractions, while Figure 12 illustrates the emission levels of NO, N2O and unburned NHs. The thermal
efficiency of the cases with passive pre-chamber ignition exceeds that of spark plug ignition at the same
compression ratio, with a maximum increase of up to 2%. This enhancement is attributed to lean com-
bustion, which reduces heat transfer losses on the combustion chamber wall. NO emissions are lower
than in most cases under spark ignition mode, except at stoichiometric equivalence ratio. They comply
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with the tier Il standards, particularly in normal combustion conditions, where reduced combustion tem-
peratures significantly lower NO content. However, the N2O and unburned NHs emissions exhibit high
levels due to the lower combustion rate. Advancing the spark timing may potentially mitigate this phe-
nomenon, nevertheless, excessively advancing the spark timing also poses the risk of knock.
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Fig. 11. IMEP and thermal efficiency under different hydrogen energy fractions in passive pre-chamber ignition
mode at various compression ratios. The line indicates the corresponding efficiency. Dashed box indicates the
normal combustion events (no-knock).
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Fig. 12. NO, N20 and unburned NHs under different hydrogen energy fractions in passive pre-chamber igni-
tion mode at various compression ratios

Figures 13 and 14 present the distributions of temperature and N,O emissions at various combustion
timings for different hydrogen energy fractions under a compression ratio of 12. Higher hydrogen frac-
tions result in elevated combustion temperatures, consequently leading to increased NO emissions.
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N.O is primarily concentrated at the flame front, and its concentration tends to decrease when combus-
tion temperatures increase. Figure 15 illustrates the total N,O and NO traces as function of CA. It indi-
cates that at higher temperature, N2O maybe reacts quickly into NO and only at appropriate temperature

N20 is formed and conversion to

NO is slow that relevant concentrations remain.
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Fig. 13. Temperature distributions at different combustion timings under varying hydrogen energy fractions
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3.3 Active prechamber ignition

Active prechamber ignition has the capability to increase the temperature in the hot jets, thereby
further increasing the flame speed and promoting a more stable ignition process, even at lower hydrogen
energy fractions. Figure 16 demonstrates cylinder pressure and heat release rate at various hydrogen
fractions and compression ratios with an active pre-chamber. The global equivalence ratio is kept at 0.4
and the intake pressure is 3 bar, equivalent to the settings for the passive pre-chamber. The active pre-
chamber is fed with an extra amount of Hz, 2% of the total energy input, leading to an equivalence ratio of
0.6 in the pre-chamber. The spark plug timing is retarded to -10°ATDC to mitigate knocking. It is
evident that active pre-chamber ignition allows a significant decrease in hydrogen energy fraction in the
main chamber to a range of 10% to 25%. Moreover, even after increasing the compression ratio above 14,
normal combustion conditions persist. Furthermore, compared to passive pre-chamber ignition mode,
active pre-chamber ignition mode exhibits a higher peak pressure and combustion rate without any knock
or misfires, despite the delayed spark plug timing, indicating a positive impact on power output.
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Figure 17 illustrates the IMEP and thermal efficiency, while Figure 18 depicts the emission levels of
NO, N20 and unburned NHs. Compared to the passive pre-chamber, the highest thermal efficiency of
the active pre-chamber ignition mode is further enhanced, reaching up to 52.8%. This improvement is
attributed to an increase in the compression ratio. NO emissions are comparable to those observed in
passive prechamber configurations, which comply with Tier 1l emission standards. Even under normal
combustion conditions, NO emissions are slightly higher, possibly due to increased mean combustion
temperatures. Conversely, emissions of N20 and unburned NHs are substantially decreased,
potentially attributed to the increased flame speed.
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Figures 19 illustrates the distributions of temperature at various combustion timings for different hy-
drogen energy fractions under a compression ratio of 12. Similar to passive pre-chambers, increasing
the hydrogen fraction elevates the overall combustion temperature. However, active pre-chambers differ
by exhibiting higher temperatures within the pre-chamber and slightly lower temperatures in the main
combustion chamber. This can lead to different distributions of NO emissions compared to passive pre-
chambers, as shown in Figure 20. In the passive pre-chamber cases, the main chamber exhibits a higher
NO concentration, whereas in the active pre-chamber cases, the main chamber shows an even higher

NO concentration.
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Figure 21 demonstrates the relationship between N20O and NO, and between N20O and unburned NHa.
It indicates that the concentration of N,O is inversely proportional to that of NO, which is similar to the
NOy-soot trade-off found in diesel engines. Additionally, N,O appears to be almost directly proportional
to the concentration of unburned NH;. The positive correlation between N2O and unburned NH3 maybe
since both are a result of low temperatures. N20 is typically formed at low temperatures while at these
conditions also the flame speed is low leading to incomplete combustion, and thus greater amount of
unburned ammonia. Elevated NO concentrations are generally linked to higher charge temperatures,
which promote faster combustion and, in turn, reduce N20O production. Conversely, higher levels of N2.O
often indicate incomplete combustion, which tends to correspond with reduced NO concentrations.
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Figure 22 provides a comprehensive comparison of three ignition modes in terms of performance,
emissions and hydrogen fraction. Active pre-chamber ignition demonstrates the highest thermal effi-
ciency and achieves the lowest feasible hydrogen fraction. Furthermore, it exhibits excellent emission
levels of N20O and unburned NHa. In contrast, all attributes of passive pre-chamber ignition are the least
favorable. Spark ignition under stoichiometric conditions can achieve the lowest emissions of NO, N20
and unburned NHs. However, its thermal efficiency is significantly reduced due to higher heat transfer
losses.
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Conclusions

This study investigates and evaluates the feasibility of spark plug ignition, passive pre-chamber igni-
tion, and active pre-chamber ignition for ammonia-hydrogen marine engines, in terms of examining en-
gine performance, emissions, as well as misfire and knock occurrences for a targeted high-load case
(approximately 20bar IMEP). Furthermore, optimal operational parameters for guiding engine design
are defined, such as compression ratio, equivalence ratio, and hydrogen energy fraction.

The specific conclusions are as follows:

1. Lean combustion is challenging to achieve in spark plug ignition mode due to the lower flame speed
and higher ignition energy. NOy emission is highest in the 0.6-0.8 equivalence ratio range, which can
exceed tier Il standards. In contrast, stoichiometric combustion yields NO, emissions near tier lll stand-
ards, with the lowest hydrogen energy fraction. The optimal hydrogen energy fraction ranges between
15% and 40%. It is found that N2O emissions are closely linked to the combustion efficiency. In instances
of complete combustion, the presence of N20 is almost negligible. However, in cases of incomplete
combustion characterized by lower combustion temperatures, the quantity of N2O increases significantly
for all equivalence ratios.

2. Prechamber ignition can accelerate the flame speed and facilitate lean combustion. However, in the
passive prechamber ignition mode, the hydrogen energy fraction needs to be increased to more than
35% to achieve successful ignition. Increasing the compression ratio can reduce the required hydrogen
energy fraction. However, this increases the tendencies towards end-gas autoignition and knock. Con-
sequently, achieving normal combustion at high compression ratios becomes challenging.

3. Active prechamber ignition can significantly reduce the hydrogen energy fraction in the main combus-
tion chamber, lowering the risk of spontaneous combustion in the end gas. This allows for a higher
compression ratio and leads to a considerable improvement in thermal efficiency. NO emissions are
found to be below Tier Il. Additionally, the further accelerated flame speed diminishes N2O and unburned
NHs emissions.

4. In summary, employing spark plug ignition with a stoichiometric equivalence ratio can be used to
achieve higher engine power for a given intake pressure and yields minimal emissions of NO, N2O and
unburned NHs. However, this method has a lower thermal efficiency due to increased heat transfer
losses (max found is 48.7%). Lean combustion utilizing pre-chamber ignition can achieve a higher ther-
mal efficiency. Especially an active pre-chamber can further enhance thermal efficiency, achieving a
maximum of 52.8%, while achieving the lowest hydrogen energy fraction. Both active and passive pre-
chambers produce NO emissions at levels compliant with Tier Il standards, however, the active pre-
chamber demonstrates superior thermal efficiency and lower emissions of N2O and unburned NHs. This
can be attributed to the passive prechamber's higher propensity for knocking and misfires, which hinders
its performance.
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Abstract. The use of ammonia as an alternative fuel for marine engines is currently an important
method of reducing GHG emissions from shipping, but the poor combustion characteristics of am-
monia fuels and more NOx produced by the emissions make it difficult to be widely used at this
stage. Therefore, a simulation model of high-pressure direct-injection ammonia/dimethyl ether
(DME) hybrid combustion was developed by coupling chemical reaction kinetics and computational
fluid dynamics to analyze the combustion process of ammonia fuel ignited by DME with a low en-
ergy ratio(2%-5%), and to study the effect of the active atmosphere brought by DME on the com-
bustion of ammonia. The results show that DME ignites the ammonia fuel by releasing reactive
radicals and heat, in this way promotes ammonia combustion. As a result, mixing more DME im-
proves the ammonia combustion characteristics by advancing the combustion phase and shorten-
ing the combustion duration. In addition, earlier ammonia injection allows more gas-phase ammonia
to be premixed in the cylinder, and the DME flame and the OH it produces are more readily acces-
sible to the ammonia, enhancing the ignition effect and improving engine performance. Compre-
hensive study of DME injection timing and dual-fuel injection timing intervals, and it was found that
when the DME injection timing was too early, the engine worked roughly with large maximum burst
pressure and pressure rise rate, which might lead to exceeding the engine strength limit.

1. Introduction

The Paris Agreement "l provided that the increase in global temperatures need to be limited to
2°C in this century, while searching for effective measures that can limit the temperature increase to
1.5°C. However, global temperatures have already risen by 1.1°C compared to pre-industrial tempera-
tures. By today, the climate impact of the greenhouse effect has become increasingly unbearable for
everyone. The International Maritime Organisation (IMO) has been done intensive and thoughtful work
to reduce carbon emissions in the global shipping industry, which has advanced the global efforts to
reduce carbon emissions in the shipping industry and achieved a more significant effect. 80th Marine
Environment Protection Assembly conducted by IMO on 7 July 2023 adopted the document "2023 IMO
Strategy On Reduction Of GHG Emissions From Ships"2.In accordance with the principle of a ‘fair and
equitable transition', the IMO has alleviated the emissions reduction burden on the shipping industry in
underdeveloped countries, and has accelerated the timeline for achieving net zero emissions from the
end of this century to 2050.

There are two general approaches to reducing carbon of the shipping industry. Specifically, the
first is to increase the thermal efficiency of engines and reduce the use of fossil fuels; the second is to
use low-carbon or zero-carbon alternative fuels, such as ammonia, hydrogen, methanol and natural gas.
Methanol is one of the excellent low-carbon alternative fuels for marine use, because the molecular
oxygen atoms in methanol make it possible for methanol to be self-supplied with oxygen during com-
bustion -4, Green methanol is the use of carbon capture technology to produce carbon dioxide in the
air to achieve carbon cycling. However, more research is still needed for the large-scale application of
methanol in ships because carbon capture technology is very expensive . Hydrogen is considered to be
the most promising energy source of this century, and is recognized as an excellent carrier of clean
energy as it does not produce CO: and pollutant emissions when burned 56l However, hydrogen has
fatal shortcomings in storage and transportation that are difficult to be solved by existing technologies,
making it difficult to popularize today. Ammonia, as a carrier of hydrogen, is easy to produce and store,
and has a high octane number [7], making it an ideal zero-carbon fuel for ships. The large cylinder bore
and high power of marine low-speed engines can cause irreversible damage to spark plugs when using
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spark plugs, so spark ignition (Sl) is generally not used for ignition. However, ammonia fuel has an
ignition temperature of 924 K and a narrow ignition limit (16%-25%) as well as a slow laminar flame
speed, and the desire to observe compression ignition of ammonia fuels needs to be achieved in very
high compression ratios ranging from 35 to 100. High compression ratios can be overwhelming to the
engine and produce more NOXx in combustion 8. Therefore it is necessary to use a more readily self-
igniting fuel as a pilot fuel to enable ammonia ignition at lower boundary conditions.

Diesel, being a fossil fuel that has been used for many years, has superior combustion char-
acteristics. Literature [9] investigated the reduction of compression ratio of a compression ignition engine
from 35 to 15.2 by igniting ammonia fuel with pilot diesel. After that, it was stated that an ammonia-
diesel compression ignition engine with diesel as the pilot fuel can achieve successful operation at 95%
ammonia energy share ['%9, Since the end of the last century, Dimethyl ether (DME) has been promoted
as a diesel alternative [''-16], DME has the advantages of low NOx emissions, combustion without carbon
soot and high cetane number, which makes DME cleaner while igniting ammonia fuels more easily. And
DME's low viscosity (viscosity of diesel is 20 times higher than DME) can also be improved with the use
of additives. However, DME has a lower calorific value compared to diesel, and more DME needs to be
consumed to release the same amount of energy, which leads to the need for larger injectors for use in
marine low-speed engines. Therefore a large number of scholars are currently investigating the kinetic
modelling of ammonia ignition by low DME ratio. Literature [16] describes the feasibility of direct com-
pression ignition of ammonia/DME mixtures in single-cylinder direct injection diesel engines, makes a
series of emission measurements, and analyses the cost of using ammonia/DME fuels. Dai et al. [l
carried out rapid compression machine(RCM) tests to measure the ignition delay time of ammonia fuels
ignited by 2% and 5% molar ratios of DME, and a kinetic model for the chemical reaction of ammo-
nia/DME was constructed based on previous studies ['9-221, The authors suggest that the ignition of am-
monia fuel by DME is due to the low-temperature oxidation of dimethyl ether at an early stage, the
decomposition of which produces reactive factors that contribute to the oxidative exothermic and com-
bustion of ammonia, and that the low-temperature chain-branching reaction of dimethyl ether is im-
portant for the ignition of ammonia. Recently, Issayev et al. 23] developed a kinetic model containing 176
substances and 1418 reactions, and Yin et al. 24 improved the kinetic model based on the one devel-
oped by Dai and proposed a kinetic model containing 193 substances and 1669 reactions. The two
models mentioned above can well predict the NHs/DME/air mixed combustion laminar flame velocity,
but they contain too many species and reactions, which will increase a huge amount of computation in
3D simulation and lead to a long computation time. Therefore, this paper adopts the kinetic model de-
veloped by Dai et al. with some simplifications, and establishes a simulation model of dual direct injection
for a certain type of marine low-speed engine, and investigates the combustion process and combustion
characteristics of ammonia ignited by DME with different fraction, so as to provide a technical reference
for the development of ammonia marine low-speed engines.

2. Model and methodology descriptions

An ammonia/DME dual fuel high pressure direct injection compression-ignition 2-stroke marine
engine model based on a low-speed engine of a certain type of ship was constructed and simulated
using CONVERGE. The model has three ammonia fuel injectors uniformly distributed around the cylin-
der head circumference, and the DME injectors are set in a small space in the middle of four exhaust
valves. The ammonia injectors have five orifices and the DME injectors have six orifices in a uniformly
distributed area. The geometrical model of the engine is detailed in Fig.1, the injection setup is shown
in Fig.2, and the parameter settings of the structure are detailed in Table 1.
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Fig. 1. Engine geometry model
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Fig. 2. Schematic diagram of oil injection setup
Table 1. Engine structural parameters

Parameters value
Stroke number 2
Engine speed/(rpm) 103.2
Bore X Stroke/(mm) 520X 1658
Connecting rod length/(mm) 2658
Compression ratio 21.8
Number of simulation cycles 1

The injection parameters of the engine are detailed in Table 2, and the sub-models of the
simulation model are detailed in Table 3.
Table 2. Setting of engine injection parameters

Parameters value
Number of DME injector 1
Number of NH3s injector 3

Injection time of DME/(deg) -5
Injection time of NHs/(deg) 0

Energy fraction of DME/(%) 5/4/3/2

Injection pressure of DME/(MPa) 70
Injection pressure of NHs/(MPa) 50
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Table 3. The models adopted in the simulation

Models Name
Combustion model SAGE
Turbulence model RNG k-¢

Collision model The NTC collision
Droplet breakup model KH-RT

Low-speed marine engines are large in size, and the small base mesh cannot be chosen to
ensure the computational accuracy and to take into account the computational feasibility. The grid-in-
dependence analysis has been completed and the base grid size that can guarantee the accuracy and
computational speed has been selected in the previous study, which is described in detail in the literature

[2].

The detailed NH3/DME mechanism was developed by Dai and contains 191 species and 1657
reactions, which have been widely adopted and validated. In order to save computational time, a skele-
ton mechanism was built based on the DRGEP (Directed Relation Graph with Error Propagation)
method. The target species of the simplified mechanism were identified as DME, NH3, CO, CO2, H20,
N2, and 02, and the DRGEP ignition delay time errors of 10%, 20%, 40%, and 50% were obtained for
four skeleton mechanism mechanisms with species numbers of 75, 61, 61, and 60, which yielded ignition
delay time errors of 8.57%, 14.42%, and 14.44%, respectively, 42.8%. Fig. 4 shows the ignition delay
time validation results involving different species of skeleton mechanism, which are in sharp contrast to
the experimental results. The reaction between NH3 and DME has been less studied and the experi-
mental results are not sufficient. The ignition delay time of the skeleton mechanism at low temperatures
is not precise, but the trend is similar, so it is acceptable at this stage. It can be seen that the prediction
accuracy of the skeleton mechanism with a species number of 61 is acceptable, and the smaller number
of species greatly reduces the computational cost, so the skeleton mechanism with an error of 20% and
a species number of 61 was chosen as the final choice.
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Fig.4. the ignition delay time validation results

Since there is basically no experimental data on the engine with dual-fuel combustion of NH3
and DME, the cylinder pressure and exothermic rate data of the original engine combusted under four
different operating conditions using pure diesel as the fuel are calibrated to be the most accurate at the
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current conditions, and the comparison is made to obtain the calibration curves as shown in Fig.5.and
6. Therefore the use of diesel experimental data to calibrate this engine model is the most accurate at

this stage.
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150000
= 7H% EXP
— 75% SIM
[5 100000
[_
<
<
¥
=
o
jas
50000
0 I
0 50 100
Crank(°CA ATDC)
(c)75% load
150000
= 100% EXP
= 100% SIM
100000
=
<
s
&
&
™ 50000

0 50 100
Crank(°CA ATDC)

(d)100% load
Fig.6. Calibration curves of exothermic rate under four different working conditions

3. Results and discussions
3.1 Impact of DME energy ratio

DME is a carbon-containing fuel like diesel, so the more DME is used, the more COz is pro-
duced by combustion, which must be reduced in order to reduce carbon emissions from the engine.
However, due to the poor ignition performance of NHs, pilot fuels above a certain energy ratio must be
used for ignition. Therefore, the energy share of DME needs to be investigated and the amount of DME
used needs to be minimised. Since the skeleton mechanism validates IDT for DME energy ratios of 2%
and 5%, DME energy ratios of 2%-5% are currently investigated. In all cases with different DME energy
ratios, the combustion in the cylinder presents a typical dual-fuel combustion, as shown in Fig.7. Firstly,
the DME combustion was exothermic with a small exothermic peak, which was the first stage of com-
bustion. The first one is the premixed combustion of DME which has time to evaporate before the spon-
taneous ignition, after which the exothermic rate decreases. The combustion rate then gradually in-
creased as DME was continuously injected until the end of DME injection. After the ammonia was
injected into the cylinder, the exothermic rate in the cylinder was almost zero, presumably because the
ammonia was ignited by contact with the reactive groups produced by the combustion of the DME. Even
so, the ignition delay of the ammonia was long, and the piston travelled some distance downstream
before ammonia ignition was achieved, much ammonia fuel accumulated in the cylinder during the time.
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After the ammonia ignition, a rapid exothermic phenomenon occurs in a short period of time, which is
the second stage of exothermic. As the premixed ammonia burns out, the premixed combustion changes
to diffusion combustion. At this time, the rate of ammonia injection into the cylinder and its combustion
rate reached a sub-equilibrium, and the exotherm gradually levelled off until the end of the ammonia
injection. However, under the conditions of different DME energy ratios, the ignition point of ammonia is
almost the same moment, so it can be presumed that ammonia is not exposed to a large number of
DME flames. Rather, the ammonia oxidises and burns rapidly after contact with the reactive groups
produced by DME oxidation.
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Fig.7. Cylinder pressure exothermic rate curves under DME with different energy ratios

According to Dai et al ['8], the ignition of ammonia is mainly caused by the contact of OH gen-
erated from DME oxidation with ammonia. However, at different DME energy ratios, the ignition point of
ammonia was almost at the same moment. In order to observe the ignition process of ammonia more
intuitively, cloud maps of temperature and OH mass fraction distributions at the injector height slices
were made as Fig.8. The increase of DME ratio resulted in more heat and OH at 1.5°CA after top dead
centre (ATDC), which led to more ammonia ignition by oxidation. Therefore, with the increase of DME
ratio, the earlier the ammonia ignition point, the earlier the subsequent combustion, the higher the cyl-
inder burst pressure, which presents the phenomenon of the combustion phase histogram shown in
Fig.10. From the slice diagram in Fig.8, it can be seen that when ammonia and OH are in contact, most
of DME has been finished, and at this time, the flame temperature is lower, the ignition effect is poorer,
and the combustion stability is poorer, which is mainly caused by the late timing of ammonia injection
Therefore it is necessary to optimize the spray of ignition (SOI) of ammonia and DME. It should be
explained that the distribution of OH was non-uniform due to the lower horizontal height of the central
DME injector compared to that of the ammonia injector as Fig.9. To facilitate clearer observation of the
ammonia ignition process, a slice height corresponding to the horizontal position of the ammonia injector
was selected. The intricate combustion and flow within the cylinder led to a minor dispersion of OH to
the level of the ammonia injector.
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The combustion of DME produces CO2 and the use of DME should be decreased. Therefore,
all subsequent studies were conducted using a DME energy ratio of 2%. Attempts were made to achieve
better performance at low equivalence ratio of DME by adjusting the injection strategy.
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Fig.11. NOxand GHG emission at different DME energy ratios (NO accounts for more than 99% of NOx, so NO

represents NOx here)

Fig.11 presents the pattern of the effect of different DME energy ratios on NOx and GHG emis-
sions, the energy ratio of DME has little influence on NOx emission, which is mainly due to the long
interval between the injection timing of DME and the injection timing of ammonia, resulting in a small
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difference in ignition effect. Since the greenhouse effect from N20O is about 300 times that of CO2,
greenhouse gas emissions can be expressed as 300 x N,0 + C0O,. As can be seen from Fig.11, N20
is emitted in smaller quantities and GHG emissions are mainly influenced by CO2 emissions, so the
trends and values are similar for both. GHG emissions are increasing with energy ratios ranging from
2% to 5%.

3.2 Effect of Injection Timing

3.2.1 Effect of Ammonia/DME Injection Intervals

The above simulation results explored the energy fraction of the pilot DME, and the DME with
as low as 2% energy ratio can successfully ignite the ammonia fuel. However, the initial ammonia
injec-tion timing was set late, and now the ammonia injection timing is investigated by keeping all the
initial conditions unchanged: 103.2 rpm engine speed, 70 MPa DME injection pressure, 50 MPa NHj3
injection pressure, and 5°CA before top dead center(BTDC) DME injection timing, while the ammonia
injection timing is set to 2.5, 5, and 7.5°CA BTDC, and the cylinder pressure exothermic rate curve is
shown in Fig.12, and the temperature curve is shown in Fig.13 The pressure exothermic rate curve is
shown in Fig.12 and the temperature curve is shown in Fig.13.After advancing the ammonia injection
timing, the burst pressure and pressure rise rate increased significantly, and the ignition point of
ammonia was advanced, and the peak exothermic value of ammonia combustion during the rapid
combustion period also increased. This is mainly because the ammonia spray oxidation combustion
before the accumula-tion of a portion, so the combustion is very violent.

300000

|—— P -7.5°CA ATDC
—P_ SCAATDC

P_-25°CA ATDC
[— — P_ 0°CAATDC
——HRR -7.5°CA ATDC
|——HRE_ -5°CA ATDC
HRE_-Z5"CA ATIM
= = HRE_ 1FCA AT

280000

5

R LT

200000

T
°CA)

160000

Pressure(MPa)
HRR(J

—
=
T

100000

(s
T

a0000

. . . = . 0
40 20 0 20 40 60 80 100
Crank(®CA ATDC)
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adjusted calculation , dashed line is the result of original ammonia injection timing calculation; HRR
is heat release rate)
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When ammonia injection timing is earlier than DME, the combustion pattern is not the same as
in other cases. Since pure ammonia is difficult to be ignited by compression, a portion of the ammonia
spray is premixed in the cylinder if the ammonia injection time is early. While DME is easily compressed
after being injected, so the DME flame is directly sprayed to the premixed ammonia, and there is a
phenomenon of premixed combustion first and then stabilized to diffusion combustion. When DME is
injected early, DME forms a flame in the cylinder, and when ammonia is injected into the cylinder, the
ammonia spray will be directed to the flame, and the phenomenon of diffusion combustion occurs di-
rectly. However, the poor compression ignition characteristics of ammonia and high latent heat of va-
porisation make ammonia injected into the cylinder will reduce the temperature of the cylinder, so the
ammonia spray will inhibit the combustion of the pilot fuel, pre-injection of ammonia in the example of
the combustion stage of the DME exotherm is lower. And according to research, liquid phase ammonia
can easily extinguish the flame of pilot fuell?6l.WWhen the ammonia is injected late, the liquid ammonia is
directly injected into the DME flame, which leads to unstable combustion with large troughs in the exo-
thermic rate in the range of -4°CA ATDC to 0°CA ATDC, which requires adjusting the injection strategy
to optimize the ammonia ignition. And when the ammonia is injected early, the internal temperature of
the cylinder is higher near the upper stopping point, and after the liquid ammonia is sprayed into the
cylinder, the spray edge is rapidly vaporized, and the DME flame can contact more gas-phase ammonia,
which results in a better ignition of ammonia by the DME flame. And in order to reduce the inhibition of
the pilot flame by liquid ammonia, the DME spray is set so that it does not directly collide with the
ammonia spray. Fig.14 demonstrates the ammonia injection moment at -7.5°CA ATDC and -2.5°CA
ATDC in the ammonia combustion pre-temperature slice.
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Fig.14. Temperature slices at -7.5°CA ATDC and -2.5°CA ATDC at the moment of ammonia injection in the pre-
ammonia combustion period.

As can be seen in Fig.14, for uniformity of combustion, one of the three ammonia injectors is
offset downwards, the ammonia injected from this injector can easily come into contact with the DME
flame that is formed underneath it and thus burn first. Therefore, in the case of the late ammonia injector,
the combustion pattern is such that one of the ammonia bundles is ignited and gradually spreads to the
other two bundles. In the case of the early ammonia injection, the ammonia combustion is very rapid
and occurs simultaneously along the inside of the three ammonia sprays because of premixed combus-
tion. Therefore, the combustion of the pre-injected ammonia case is very intense in the rapid and slow
combustion periods, so the maximum burst pressure of the pre-injected ammonia is large, close to
25MPa, and the mechanical st